
Journal of Sound and Vibration (1997) 207(5), 671–691

COMPRESSION LOAD TRANSMISSION IN SCREW
COMPRESSORS

G. P. A  Z. H. Q

Department of Mechanical Engineering, University of Arkansas, Fayetteville, AR, U.S.A.

(Received 13 December 1996, and in final form 19 May 1997)

In the current investigations of the bearing forces in screw compressors, the supports at
the bearings are basically treated as ideal, simply supported boundary conditions. By using
statics theory, the loads on the rotors are converted to the bearings at the suction and
discharge ends. Some studies on rotor dynamics have shown that the behaviors of a rotor
bearing system are, to some extent, controlled by the bearings that support the rotor.
Therefore, it is important to study the dynamic performance of the rotor bearing system
in screw compressors so that the bearing forces can be more accurately described. In this
paper, a numerical method is presented for computing the compression loads by integrating
the pressure over the rotor surface. Vector calculus and numerical integration methods are
implemented to calculate the compression loads in order to obtain a robust procedure that
can be applied to arbitrary rotor profiles. In addition, a dynamic model of a rigid
compressor rotor supported by two cylindrical roller bearings and a four point contact ball
bearing is developed from basic principles. This model simulates the dynamic responses of
a typical screw compressor configuration. It includes five degrees of freedom of rotor
motion interacting with the bearings of non-linear characteristics. Under the compression
loads, the resulting bearing forces in the screw compressor are compared with those
obtained by assuming ideal, simply supported boundary conditions at the bearings. It is
shown that the interactions betweeen the rotor and bearings are quite different by coupling
the global rotor motion with the local dynamics of the bearings.
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1. INTRODUCTION

Screw compressors have been widely used in gas and refrigeration industries. One of the
major advantages of the screw compressor is its flexibility in performing under various
operating conditions. The bearing loads in screw compressors vary with operating
conditions. A method for computing the bearing loads under various operating conditions
for different rotor profiles will be useful in helping designers analyze the load response of
potential designs.

A recent study [1] has shown that, in a screw compressor, the compression loads
dominate the bearing forces as compared to the contact forces between the rotors.
Therefore, an accurate computation of compression loads is required to determine the
bearing loads. The simplest way to compute the compression loads is to utilize assumptions
to simplify the complex rotor profile geometry [2]. Since the compression loads depend
mainly on the rotor profile geometry and pressures at the suction and discharge ends, this
simplification affects the magnitudes of the computed compression loads. You et al. [3]
presented a model to compute the bearing loads. This method divides the rotor into
elements along the rotation axis, analyzes the forces on each element and numerically
integrates the forces on each element to obtain the bearing loads. Typical results of bearing
loads are presented as a function of rotation angle of the male rotor. Adams and Soedel
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[4] developed a general solution for compression load calculation based on the rotor
profile geometry and pressures at the suction and discharge ends by mapping the 3D rotor
surface into a 2D region. Inaccuracies in this model were associated with a straight line
approximation for the interlobe seal geometry. An improvement to the compression loads
model [5] uses the actual interlobe seal geometry so that the inaccuracy associated with
the straight line approximation is avoided. Also, it provided an integrated formula for the
computation of compression loads based on the geometry profile, seal data and pressures
at suction and discharge ends.

In order to obtain the bearing loads, the compression loads on the rotors have to be
transferred to the bearings. Current models for the bearing load computation describe
the bearings as having ideal, simply supported boundary conditions [3, 5, 6]. By using
statics theory, the loads on the rotors are transferred to the bearings at the suction and
discharge ends. Some studies on the rotor dynamics have shown that the behaviors of
a rotor bearing system are, to some extent, controlled by the bearings that support
the rotor. Therefore, it is important to study the dynamic performance of the rotor
bearing system in screw compressors so that the bearing forces can be more accurately
described.

Considerable research has been accomplished in developing models to investigate
the dynamic behavior of rotors and bearings. Regarding bearing modelling, Jones [7]
provided analytical models for elastically constrained ball and radial roller bearings. These
models define the loading and attitude of each rolling element in each bearing of the system
as well as the displacement of each inner race with respect to its outer race. The author
gives a complete general solution for the elastic compliances of a system of any number
of ball and radial roller bearings. This work provides a fundamental theory for the later
studies on the dynamic analysis of rolling bearing systems. When modelling a rotor bearing
system, the bearings are sometimes described as having ideal, simply supported or clamped
boundary conditions [8, 9]. In other work, the bearings are treated as purely translating
springs with constant stiffness coefficients [10–12]. More recent models for the rotor
bearing systems incorporate the rotor motion with bearing stiffness having non-linear
characteristics [13–15]. While these studies presented valuable information, the behavior
of load transmission in a screw compressor was not discussed.

In this paper, a numerical method, based on the study by Adams and Soedel [5], is
presented for computing the compression loads by integrating the pressure over the rotor
surface. Vector calculus and numerical integration methods are implemented to calculate
the compression loads resulting in a robust procedure that can be applied to arbitrary rotor
profiles. To obtain the bearing forces, a dynamic model of a rigid compressor rotor
supported by two cylindrical roller bearings and a four point contact ball bearing is
developed from basic principles. This model simulates a typical screw compressor
configuration. It includes five degrees of freedom of rotor motion interacting with bearings
of non-linear characteristics. Under the compression loads, the resulting bearing forces are
compared with the bearing forces obtained by assuming ideal, simply supported boundary
conditions at the bearings. It is shown that the interactions between the rotor and bearings
are quite different by coupling the global rotor motion with the local dynamics of the
bearings.

2. COMPRESSION LOAD COMPUTATION

A typical set of screw compressor rotors is shown in Figure 1. When the compressor
is operating, the contact between the male and female rotors forms an interlobe seal curve
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Figure 1. A typical set of screw compressor rotors.

along the male rotor. This interlobe seal curve further divides the helical sections of the
male rotor into separate chambers. A suction chamber forms between the suction plane
and the seal, and a compression chamber forms between the seal and the discharge plane.
As the male rotor rotates, the interlobe seal for a specific section translates along the rotor
axis from the suction plane to the discharge plane. The resulting decrease in the
compression chamber volume causes compression of the enclosed gas. The compression
loads are computed by integrating the pressure over each individual chamber and summing
the results. Due to the symmetry of the rotors, the compression cycle is a periodic function
of the rotation angle of the male rotor, um . Therefore, the compression loads are computed
for values of um from 0·0 to 2p/Nm . The pressure due to compression is a scalar which can
be integrated over the 3D surface of the rotor. Each 3D surface S of a compression
chamber is mapped into a 2D region D. The compression loads are obtained by integrating
the chamber pressure over this region.

The graphical representation of the mapping scheme is shown in Figure 2. According
to Adams and Soedel [5], the force due to compression is computed as

F=gg P>Tf ×Tu > df du=P gg >Tf ×Tu > df du, (1)

Figure 2. Mapping 3D surface into 2D region.
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Figure 3. Co-ordinate system illustration.

where

Tu =(1x/1u) (f, u)i+(1y/1u) (f, u)j+(1z/1u) (f, u)k,

Tf =(1x/1f) (f, u)i+(1y/1f) (f, u)j+(1z/1f) (f, u)k. (2, 3)

The 3D rotor geometry, which is shown in Figure 3, is defined by the discrete polar
co-ordinates, Rm and ui , of one lobe, the length of the rotor L, and the wrap angle tm of
the male rotor. Because of the symmetric geometry, the entire rotor can be easily defined.
As a result, the total 3D surface can be completely defined using the integration variables
u and f. The co-ordinates of the rotor surface S are defined in terms of u and f as

x(f, u)=Rm (u) cos (u+f), y(f, u)=Rm (u) sin (u+f), z(f, u)= (L/tm )f.

(4–6)

Using this mapping scheme, the resulting integrations for the compression loads are

Fx =−
PL
tm gg $dRm

du
sin (u+f)+Rm cos (u+f)% df du, (7)

Fy =
PL
tm gg $dRm

du
cos (u+f)−Rm sin (u+f)% df du, (8)

Fz =−P gg dRm

du
Rm df du, (9)

Mx =−P gg dRm

du
R2

m sin (u+f) df du−P0L
tm1

2

×gg $dRm

du
cos (u+f)−Rm sin (u+f)%f df du, (10)
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My =P gg dRm

du
R2

m cos (u+f) df du−P0L
tm1

2

×gg $dRm

du
sin (u+f)+Rm cos (u+f)]f df du, (11)

Mz =PL/tm gg dRm

du
Rm df du. (12)

Now, the compression load computation is converted to a problem of double integration.
However, the integration limits must be determined before implementation of the
integration.

The integration limits are defined by the boundaries of the chamber being integrated.
The limits on u are simply the polar co-ordinates of adjacent lobe tips on the 2D profile.
The limits on f are defined by the suction and discharge planes and interlobe seal curve.
For the integration they are defined by the end points of the helical lines associated with
the discrete polar co-ordinates. These limits are directly related to the z co-ordinates of
the boundaries by

z=(L/tm )f. (13)

If a specific helical line does not intersect the interlobe seal curve, the endpoints of the line
are the suction and discharge planes. These endpoints occur at z=0 and z=−L,
corresponding to limits of f=0 and f= tm , respectively.

If a specific helical line intersects the interlobe seal curve, the section is divided into two
chambers. Separate integrations are implemented for the variable f, which is a function
of u. For the intake chamber, the limits are from zero to the seal line. For the compression
chamber, the limits are from the seal line to the wrap angle tm . The seal data are so defined
that each point on the 2D rotor profile corresponds to a specific reference seal point.
Therefore, the limits on f can be determined for each value of u. The compression loads
for the entire rotor at the specific incremental value um , are the summation of the integrals
for each helical section.

In the work by Adams and Soedel [5], a forward difference is used for the approximation
of the derivative dR/du contained in equations (7)–(12). However, a central difference
formula is adopted here to improve the accuracy of the evaluation. The value dR/du can
be written as

dR
du bu= ui

=R(ui−1)
ui − ui+1

(ui−1 − ui ) (ui−1 − ui+1)
+R(ui )

2ui − ui−1 − ui+1

(ui − ui−1) (ui − ui+1)

+R(ui+1)
ui − ui−1

(ui+1 − ui−1) (ui+1 − ui )
. (14)

Making use of profile symmetry, at the beginning point i=1, u0 is replaced with
un −2p/Nm , and at the end point i= n, un+1 is replaced with u1 +2p/Nm . For equations
(7), (8), (10) and (11), the integration formula can be expressed as

I1 =g
un

u0
g

b(u)

a(u)

f(u, f) df du. (15)
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Because of the unevenly spaced tabulated data of the rotor profile, the composite trapezoid
method is adopted. One can derive the routine for this kind of integration as

I1 =
1

4m
[(b(u0)− a(u0)) ( f(u0, a(u0))+2 s

m−1

k=1

f(u0, fk (u0)+ f(u0, b(u0))) (u1 − u0)

+ s
n−1

i=1

[b(ui )− a(ui )) ( f(ui , a(ui ))+2 s
m−1

k=1

f(ui , fk (ui ))

+ f(ui , b(ui ))) (ui+1 − ui−1)+ [(b(un )− a(un )) ( f(un , a(un ))

+2 s
m−1

k=1

f(un , fk (un )+ f(un , b(un ))) (un − un−1)], (16)

where

fk = a(u)+ k(b(u)− a(u))/m. (17)

For equations (9) and (12), the integration form can be expressed as

I2 =g
un

u0
g

b(u)

a(u)

f(u) df du. (18)

In a similar way, one can perform the integration to get the formula

I2 = 1
2 [(b(u0)− a(u0)) f(u0) (u1 − u0)+ s

n−1

i=1

(b(ui )− a(ui )) f(ui ) (ui+1 − ui−1)

+ (b(un )− a(un )) f(un ) (un − un−1)]. (19)

These integrals are used to compute forces and moments corresponding to the given
co-ordinate system whose origin is located at the center of the rotor on the suction plane.
Moreover, these loads can be resolved to forces at the suction and discharge bearings and
moments about the axis of rotation for each rotor by assuming simple supports at the
bearings.

A computing program has been developed for the calculation of the compression loads.
This program can be used to calculate the compression loads for various rotor profiles.
The program reads the geometrical data files given by the user and, after the calculation,
outputs the results in the form of forces in the x, y, z directions and moments about x-,
y-, z-axes for each rotor or in the form of suction and discharge bearing forces and
moments for each rotor. Using this scheme, the compression loads are sensitive to the
spacing between the profile data points. Special attention must be paid to the definition
of the integration regions, especially in the regions where variation in the profile radius
with respect to ui is the greatest [6].

A specific compressor configuration is defined as the working model and used to
demonstrate the capability of the algorithms and program. Its main geometrical
parameters are lobes combination (Nm /Nf ): 6/7; rotor length: 96 mm; wrap angle:
3·7385 rad.

The geometrical data for the profile and seal line is given by tabulated data in terms
of the angular co-ordinate ui . The operating conditions are assumed as port timing:
uspc =427°, udpo =488°; under-pressure running condition: Psuc =310 Kpa (45 psi),
Pdis =1048 Kpa (152 psi).
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The calculated results from equations (7)–(12) are presented in Figure 4. It should be
mentioned that the compression loads obtained are applied to the rotor centers of the
suction planes for both the male and female rotors. It can be seen from the charts that
the compression loads are periodic functions with respect to the male rotor angle um due
to the symmetry of the rotor. Assuming the male rotor rotates at constant speed, the
compression loads vary periodically with time. In addition, the moment about the axis of
rotation Mz for the male rotor is much larger than that for the female rotor, which
functions nearly as an idler.

Figure 4. (a) Forces on the male rotor in the x, y, z directions: —+—, Fx ; —w—, Fy ; —×—, Fz ; (b)
moments on the male rotor about the x- and y-axes: —+—, Mx ; —w—, My ; (c) moments on the male and
female rotors about the z-axis: —+—, Mzm ; —w—, Mzf .
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Figure 5. Suction bearing forces of the male rotor in the x and y directions: —+—, Rsx, —w—, Rsy.

The compression loads on the rotors can be resolved to the bearing forces by assuming
the boundary conditions at the bearings as ideal, simple supports. The suction bearing
loads with ideal boundary conditions are presented in Figure 5. It will be seen in the next
section that the bearing loads will be different if the rotor motion and bearing stiffness
are taken into consideration.

3. SCREW COMPRESSOR MODEL

Typically, the screw compressor rotors and the supported bearings form a rotor bearing
system. The loads on the rotor are transferred to the bearings while the rotor is rotating.
It is necessary to study the behavior of the bearings so that the load transmission can be
more accurately described.

Based on the concept of Hertzian contact stress [7, 16], the load deflection relationships
for a single rolling element can be expressed as

Qj =Kdn
j , (20)

where Qj is the normal load on the ball or roller, dj is the normal contact deformation,
K is the deflection constant and n is equal to 3/2 for ball bearings with point contact and
10/9 for roller bearings with line contact.

Harris [16] also gives the formulas for computing the deflection constant K. For steel
ball-steel raceway contact, K values of the ball-inner raceway and ball-outer raceway
contact are

Ki,o =2·15×1050s ri,o 1−1/2(d*i,o )−3/2. (21)

Similarly, for steel roller and raceway contact,

Ki,o =7·86×104l8/9. (22)

Finally, the combined deflection constant for bearings is

K=(1/[(1/Ki )1/n +(1/Ko )1/n])n, (23)
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where Ki is the deflection constant for inner raceway, Ko is for outer raceway and K is for
either ball bearings (n=3/2) or roller bearings (n=10/9).

Generally, it is assumed that the outer raceway is fixed in the bearing housing and the
inner raceway is attached to the rotor. The inner raceway is subjected to displacements
of five degrees of freedom x, y, z, u, f, with respect to the outer raceway. The resulting
interacting forces and moments fx , fy , fz , mx , my are shown in Figure 6. For a ball bearing,
the deflection of the ball can be expressed as

dbj =6Aj −A,
0,

dbj q 0,
dbj E 0,

(24)

where

Aj =((A sin a0 + dzj )2 + (A cos a0 + drj )2)1/2 (25)

and where A is the unloaded relative distance between the inner and outer raceway groove
curvature center and Aj is the loaded relative distance.

The deflection of the jth ball in the axial dzj and radial drj can be obtained from the
relationships shown in Figure 7:

dzj = z+ rj (u sin cj −f cos cj ), drj = x cos cj + y sin cj − rc . (26, 27)

In equation (26), rj is the radius of the locus of the centers of the inner raceway groove
curvature. It can be written as

rj = 1
2 dm +(ri −0·5D) cos aj . (28)

With the above deflection, the contact angle is changed. It can be expressed as

tan aj =(A sin a0 + dzj )/(A cos a0 + drj ). (29)

It is assumed that the relative angular position of each rolling element is always maintained
due to rigid cages and pin retainers. Centrifugal forces and gyroscopic moments on the

Figure 6. Five-degrees-of-freedom model of the rolling bearing.
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Figure 7. Relationships of dzj and drj with the displacements of the inner raceway.

bearing are ignored because of comparatively low rotational speeds of the rotor. The
interacting forces and moments can be expressed as

Bx = s
z

j

K(dbf )3/2(−cos aj cos cj ), By = s
z

j

K(dbj )3/2(−cos aj sin cj ),

Bz = s
z

j

K(dbj )3/2(−sin aj ), (30–32)

Mbx = s
z

j

rj K(dbj )3/2(−sin aj sin cj ), Mby = s
z

j

rj K(dbj )3/2(sin aj cos cj ), (33, 34)

where z is the number of balls of the bearing.
In all of the above equations, cj refers to the relative position of the jth ball with respect

to the x-axis. When the bearing is under operation, cj is a function of time t:

cj =(2p/z)j+vct, (35)

where vc is the cage angular velocity. For slow speed rotation with the outer raceway fixed,
if it is assumed that there is no gross slip at the raceway contact, the angular speed of the
cage relative to the inner raceway is [16]

vc = 1
2 V(1−D cos aj /dm ), (36)

where V is the angular speed of the rotor.
Now consider a cylindrical roller bearing and ignore the misalignment of the roller

bearing. The deflection for the jth roller can be expressed as

dRj = drj = x cos cj + y sin cj − rc . (37)

In a similar way as for the ball bearing, the interacting forces can be expressed as

Rx = s
z

j

K(dRj )10/9(−cos cj ), Ry = s
z

j

K(dRj )10/9(−sin cj ). (38, 39)

Equations (35) and (36) for the cj and vc calculation are also valid for the roller bearing,
but in equation (36), aj is equal to zero for the cylindrical roller bearing.
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Figure 8. A typical screw compressor system model.

It should be mentioned that similar expressions with minor differences for the
interactions between the rotor and bearings have also been used for different purposes by
Jones [7], Lim and Singh [15], Harris [16] and Eschmann et al. [17].

In Figure 8, the screw compressor system model consists of a rotor supported by a pair
of cylindrical roller bearings NU205, which is the radial load, and a four point contact
ball bearing QJ205, which is mainly for the axial load. There are five degrees of freedom
as shown in Figure 9. They are the radial directions x and y in the vertical plane x–y, the
axial direction z, and the rotation motions u about the x-axis and f about the y-axis. The
origin of the co-ordinate system is at the gravity center of the rotor. The x-axis is directed
from the center of the male rotor to the female rotor. The z-axis is directed from the
discharge plane to the suction plane. Once the displacements of the gravity center of the
rotor are determined, the displacements at any points on the rotor can be then obtained
by the geometric relations of the rotor.

To set up a mathematical model for the system, it is assumed that the rotor is rigid.
The natural modes due to the rotor flexibility are not considered. The body force of the
rotor due to gravity is neglected due to its magnitude compared with the compression
loads. Also, the load deflection relation for each elastic rolling element is assumed to be
defined by the Hertzian contact theory and the load experienced by each rolling element
is described by its relative location in the bearing raceway. The effect of the
elastohydrodynamic film is ignored. Further, the rolling elements in the bearings are
assumed to be equally positioned during their operation due to rigid cages and pin
retainers. The centrifugal and gyroscopic effects of the rolling elements are neglected as
these effects are evident only at extremely high operating speeds [18]. The torsional
vibration of the rotor is also ignored since it is beyond the scope of this study.

Figure 9 is the free body diagram for the system in Figure 8. The interacting loads at
the left cylindrical roller bearing NU205 are represented as Rsx , Rsy and at the right
cylindrical roller bearing NU205 as Rdx , Rdy . The interacting loads for the four point
contact ball bearing QJ205 are denoted as Bx , By , Bz , Mbx , Mby . The rotor is subjected

Figure 9. Free body diagram for the screw compressor model.
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to a set of external compression loads Fx , Fy , Fz , Mx , My as computed in the previous
section.

From the free body diagram, by applying Euler’s equations of motion for rigid bodies
and assuming a constant operating speed V, the governing equations of the rotor bearing
system can be expressed as

M d2x/dt2 =Fx +Bx +Rsx +Rdx , M d2y/dt2 =Fy +By +Rsy +Rdy ,

M d2z/dt2 =Fz +Bz , (40–42)

I d2u/dt2 + Iz V df/dt=−Fy L+By b3 −Rsy b1 +Rdy b2 +Mx +Mbx , (43)

I d2f/dt2 − Iz V du/dt=Fx L−Bx b3 +Rsx b1 −Rdx b2 +My +Mby , (44)

The interactions between the rotor and bearings in the above equations can be determined
by the methods illustrated in the previous sections. Therefore, there are five unknowns to
be solved. These unknowns x, y, z, u and f are the displacements in the x, y and z
directions and angular displacements about the x- and y-axes, respectively.

In the rotor bearing system, the choice of initial conditions is immaterial as the steady
state solution is reached with a limit cycle vibration which is independent of the initial
conditions [14]. Therefore, the initial conditions are assumed to be

x= y= z= u=f=0. (45)

It should be noted that, in the above equations, the interactions between the rotor and
bearings are functions of the displacements x, y, z, u and f. Therefore, these equations
are non-linear second order ordinary differential equations. An effective way to solve these
equations of motion for the system is presented.

A computer program has been written to solve the equations of motion for the specific
configuration in Figure 10. The average acceleration method [19] is employed to obtain
velocity and displacement components. The calculation procedure is as follows:

(1) Input the bearing geometry, rotor geometry, rotor rotational speed and excitation
loads.

(2) Set the initial conditions at t=0, and from equations (40)–(44) calculate the
accelerations

ẍ0, ÿ0, z̈0, u� 0, f� 0.

(3) Applying the average acceleration method, find the variables

(ẋi )j , ( ẏi )j , (żi )j , (u� i )j , (f� i )j , (xi )j , (yi )j , (zi )j , (ui )j , (fi )j ,

where j is the iteration counter within the ith time step.
(4) From the above obtained values which represent the displacements of the rotor

gravity center, calculate the corresponding displacements at the supporting bearings. For
the suction roller bearing,

xs = x+ b1 f, ys = y− b1 u. (46)

For the discharge roller bearing,

xd = x− b2 f, yd = y+ b2 u. (47)

For the ball bearing,

xb = x− b3 f, yb = y+ b3 u. (48)
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Figure 10. (a) Response of rotor gravity center in the x direction, (b) response of rotor gravity center in the
z direction, (c) response of rotor gravity center in the f direction.

The z direction displacement for all the bearings are the same as the z displacement for
the rotor gravity center.

(5) Determine the dynamic contact angle aj and the deflection dj according to the
corresponding displacement at the bearings from equations (29), (24) and (37).

(6) Compute the interactions between the rotor and bearings from the equations
(26)–(34) and (38, 39).

(7) Substitute the interactions into equations (40)–(44) to get the values of ẍ, ÿ, z̈, u� ,
f� .

(8) Examine the convergence criterion for the iterative procedure within each time step.
In this analysis, the following criterion is adopted:

= (x, y, z, u, f)i, j −(x, y, z, u, f)i, j−1 =
= (x, y, z, u, f)i, j =

E o, (49)

where o is normally takes as 0·01–0·001. If the criterion given by equation (49) is not
satisfied, return to step (3) and repeat the procedure. If the criterion is satisfied, proceed
to the next time station and start from step (3).

By adopting the procedure illustrated above, the displacements of the rotor gravity
center x, y, z, u, f as functions of rotation angle of the male rotor or the time sequence
can be determined. In addition, the interactions of roller and ball bearings with the rotor
can be obtained. All of these interactions are also functions of rotation angle of the male
rotor or the time sequence.

Table 1 shows the geometric parameters of the bearings which are used in the
compressor configuration. Table 2 illustrates the parameters of the compressor male rotor.
It should be noted that the model is oriented to simulate the dynamic performance for
a specific configuration, in which the rotor is supported by two cylindrical roller bearings
and a four point contact ball bearing. In can be also be used to model other configurations
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T 1

Parameters of the bearings

Cylindrical roller Four point contact
Parameters of the bearings bearing ball bearing

Inner race bore Di (mm) 22 25
Outer race outside diameter Do (mm) 52 52
Bearing width B (mm) 15 15
Inner raceway diameter di (mm) 31·5 31·01
Outer raceway diameter do (mm) 46·5 46·94
Roller/ball diameter D (mm) 6·5 7·94
Number of roller/balls z 12 13
Roller effective length l (mm) 6·5 –
Inner groove radius ri (mm) – 4·015
Outer groove radius ro (mm) – 4·015
Pitch diameter of roller/ball set dm (mm) 39 38·98
Unloaded contact angle a°o – 35

as well, such as the configuration in which the rotor is supported by two cylindrical roller
bearings and a pair of tapered roller bearings. Only the interactions between the rotor and
bearings have to be revised.

Figure 10 shows a set of simulation results of the rotor gravity center response as
functions of the male rotor rotation angle under a set of impulse excitations. The rotor
rotation speed is assumed to be constant at V=3600 r.p.m. Therefore, these results can
also be taken as the rotor gravity center time history. Once the five displacements of the
rotor gravity center are obtained, the displacements at any point on the rotor can be
computed from the results by geometric relations.

The rotor is assumed to commence at

x= y= z= u=f=0 (50)

and to be operated under the conditions listed in Table 3. The excitations are applied to
the rotor center at the suction plane.

From Figure 10, one can see that the response of the x displacement involves high
vibration frequencies because the bearings have fairly high stiffness. The response of the
f displacement has even higher vibration frequencies since the f displacement involves the
frequencies created due to not only the bearing stiffness but also the gyroscopic effects of
the rotor. It will be shown later that the two dominant frequencies of the f displacement
are related to both the bearing parameters and the mass moment of inertia of the rotor.

T 2

Parameters of the compressor male rotor

Particulars of the male rotor Values

Mass of the male rotor (kg) 2·138
Moment of inertia about the x–y-axis (kgm2) 0·000441
Moment of inertia about the z-axis (kgm2) 0·000010
Length of the male rotor (mm) 96
Distance from the C.G. to the suction roller bearing (mm) 79·5
Distance from the C.G. to the discharge roller bearing (mm) 72
Distance from the C.G. to the four point contact ball bearing (mm) 87
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T 3

Impulse excitations for the rotor bearing system

Impulse excitations to the rotor center at the suction plane Values

Force in the x direction (N) −612.24
Force in the y direction (N) 101.03
Force in the z direction (N) 255.80
Moment about the x-axis (Nm) 6.77
Moment about the y-axis (Nm) 41.67

The response of the z displacement has comparatively lower frequency than any other
responses. This is because the z direction vibration depends mostly on the axial stiffness
of the ball bearings. The axial stiffness of the four point contact ball bearing is lower than
the radial stiffness of the roller bearings. Therefore, it exhibits a lower frequency response
in the z direction. The phenomena can be seen clearly in the frequency spectra.

Figure 11 shows the x–y locus of the rotor gravity center under the same impulse
excitations. The basic shape of the orbit is an ellipse because of the different magnitudes
of the forces in the x and y directions. This agrees qualitatively with the results of studies
by Rehnejat and Gohar [20] and Aini et al. [14]. The ellipse whirls at a certain speed around
a certain point. The whirling direction is the same as the direction of the rotor rotation.
Rao [8] presented similar phenomenon when he studied the out-of-balance responses of
rotors on fluid film bearings.

A set of frequency spectra for the response in Figure 10 under the impulse excitations
are obtained using a Fast Fourier Transformation, which are shown in Figure 12. They
indicate the same frequency characteristics as stated previously. The frequency spectrum
of the x displacements displays a dominant frequency fb of approximate 2280 Hz, which
is related to the roller bearings. The frequency response of the z direction has a dominant
frequency fz of about 420 Hz, which is related to the ball bearing. The frequency spectrum
of the f displacement has two dominant frequencies. The lower one which has the same
values as fb is related to the roller bearings. The higher frequency fi is related to the roller
bearings as well as the moment of inertia of the rotor about the x- or y-axes. The other
two distinct frequencies f1 and f2 in the f spectrum are combinations of fb and fi . The

Figure 11. Locus of rotor gravity center in the x–y plane.
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Figure 12. (a) Frequency spectrum of the (a) x displacement, (b) z displacement and (c) f displacement under
impulse excitations.

frequency f1 is approximately equal to fi − fb and the frequency f2 is equal to fi + fb . The
response of the y displacement is similar to that of the x displacement and the response
of the u to that of the f.

All of the above dominant frequencies in the frequency spectra are related to the
parameters of the rotor bearings system. By varying some of the parameters of the system
and observing the frequency response variation, we can investigate how the values of the
dominant frequencies will change correspondingly. It is useful to study the effects of the
parameters on the system responses for providing a critique of the compressor design.

The effects of parameters of the rotor and bearings on the system responses can be
studied upon the application of the impulse excitations. Figure 13 shows how the

Figure 13. (a) Effects of numbers of rollers on the frequencies: —R—, fb ; —×—, fi ; (b) effects of number
of balls on the frequencies fz .
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Figure 14. (a) Effects of rotor mass on the frequencies —R—, fb and —×—, fz ; (b) effects of moment of inertia
I on the frequencies —R—, fb and —×—, fi .

frequencies fb and fi vary with the changes of the number of rollers in the roller bearings.
The greater number of rollers results in larger dominant frequencies because of the higher
stiffness of the roller bearings. However, it is found that the frequency fz remains
unchanged as the number of rollers increases. This is because fz is the dominant frequency
of vibration in the axial direction and the roller bearings mainly support the radial loads.
Actually, fz does vary with the number of balls in the four point contact ball bearing while
fb and fi reamin unchanged. This indicates that the ball bearing mainly supports the axial
load and has little effect on the responses in the radial directions.

Figure 14 shows the effects of the rotor mass on the dominant frequencies. It can be
seen that fb and fz decrease as the mass of the rotor increases, whereas fi has no significant
change and is not shown. It is found that the moment of inertia about the x- or y-axis
has little effect on the frequencies fb , but fi varies with the change of the moment of inertia
correspondingly. This indicates that fb is the frequency related to the transverse vibration
whereas fi is related to the rocking vibration of the rotor.

The compression loads which were computed in the previous section are applied to the
rotor. The responses of the suction bearing forces are presented in Figure 15 under an
operating speed of 3600 r.p.m. for the screw compressor configuration shown in Figure 8.

Figure 15 shows that the bearing forces in the screw compressor involve very high
frequencies when the model couples the rotor motion with the bearing stiffness as

Figure 15. (a) Suction roller bearing force in the x direction, (b) suction roller bearing force in the y direction.
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Figure 16. Frequency spectrum of the suction bearing force in the x direction by (a) assuming ideal boundary
conditions, (b) by coupling the rotor motion and bearing stiffness.

compared with the bearing forces obtained by assuming ideal, simply supported boundary
conditions at the bearings. It should be noted that envelope shapes of the bearing force
responses are similar to the shapes of the bearing force responses with ideal boundary
conditions. The shapes of the bearing force responses in both cases follow the shapes of
the compression loads on the rotor which have been shown in Figure 4. With the same
operating condition, the maximum values of the bearing forces are higher than those
computed in the last section. For example, the maximum value of the suction end bearing
force in the x direction in Figure 15 is approximately two times greater than in Figure 5.

Figure 16 shows the comparison of the frequency spectrum of the suction bearing force
in the x direction by assuming ideal boundary conditions with that when coupling the rotor
motion and bearing stiffness. When assuming ideal boundary conditions, the frequency
spectrum of the bearing force directly reflects the frequency characteristics of the
compression force. However, when coupling the rotor motion and bearing stiffness, the
frequency spectrum of the bearing force includes the frequency characteristics of the
compression force in the lower frequency range, below 2000 Hz, and exhibits the frequency
characteristics of the rotor bearing system in the higher frequency range. By including the
rotor dynamics in the bearing force computation, the bearing forces are expected to reflect
the dynamic behavior of the bearings in the screw compressor more accurately.

The bearing forces for the female rotor can be obtained by the same model and
procedure with only some revision needed of the parameters of the rotor and with different
excitations from the compression loads.

4. CONCLUSIONS

A method for the computation of compression loads in a twin screw compressor is
provided using vector calculus and numerical integration. A computer program based on
this method is developed for computing the compression loads. Thus, a robust procedure
which can be applied to arbitrary rotor profiles and various operating conditions has been
developed. These computations are useful in obtaining forcing input for simulating
dynamics of the rotors during operation.

The method for the computation of compression loads developed in the previous work
employed forward difference formulation in computing the numerical integrations. The
current method improves the algorithm by employing the central difference formulations
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for the approximation of the derivative of the profile radius with respect to the angular
co-ordinate dR/du, and by using the composite trapezoid integration method.

A dynamic model for the rotor bearing system in the screw compressor is developed
from basic principles. This model includes a rigid rotor of five degrees of freedom
supported by two cylindrical roller bearings and a four point contact ball bearing. It
couples the global rotor motion with the local dynamics of the bearings having non-linear
characteristics. It can be used to obtain the system responses and study the dynamic
performance of the screw compressor under various operating conditions.

By analysis of the frequency spectra, the effects of certain parameters of the rotor and
the bearings on the system responses are studied. Analysis shows that the dominant
frequencies of the system responses are affected by the number of rollers and balls, the
rotor mass and the moment of inertia of the rotor about the x- and y-axes. The relations
between the parameters and the dominant frequencies are presented.

When the compression loads are applied to the rotor, the bearing forces are examined.
In the previous work by You et al. [3], Adams and Soedel [5], and Qin and Adams [6],
the bearing forces are computed by assuming ideal simply supported boundary conditions.
In this work, the bearing forces are obtained by coupling the rotor motion with the bearing
stiffness having non-linear behavior. The results are expected to be more reasonable and
accurate. It has been shown that the shapes of the envelope of the bearing force responses
are similar to those with ideal boundary conditions at the bearings but the magnitudes of
the responses are higher than by assuming ideal boundary conditions at the bearings. In
addition, the bearing force responses involve high frequencies due to the high stiffness at
the bearings.
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APPENDIX: LIST OF SYMBOLS

A unloaded distance between the
inner and outer raceway groove
curvature centers

Aj loaded distance between the inner
and outer raceway groove curva-
ture centers

a(u) lower limit of integration about f
Bx , By , Bz interactions of force between

rotor and ball bearing in the x, y,
z directions

b1, b2, b3 bearing positions relative to rotor
gravity center

b(u) upper limit of integration about f
C constant defined by polytropic

process
D integration region/diameter of

rolling element
dm bearing pitch diameter
f(u, f), f(u) integrand functions
Fx , Fy , Fz x, y, z components of the rotor

forces due to compression
I moment of inertia about the x- or

y-axis
Iz moment of inertia about the

z-axis
G rotor geometry center
K deflection constant of bearing
Ki,o deflection constant of ball/roller-

inner raceway and ball/roller
outer raceway contact

L length of rotors
l effective contact length of roller

bearing
M mass of rotor

Mbx , Mby interactions of moment between
rotor and ball bearing about the
x-, y-axes

Mz , My moments about the x- and y-axes
of the rotor

Mzm , Mzf moments about the z-axis of the
male and female rotors due to
compression

Nm , Nf number of lobes on male rotor
and number of flutes on female
rotor

n the polytropic constant for the gas
being compressed/rolling element
load deflection exponent

Pd diametral clearance of ball bear-
ing

P chamber pressure as a function of
um

Psuc , Pdis suction and discharge pressures
Qj resultant normal load on the jth

rolling element
Rsx , Rsy interactions of force between

rotor and suction roller bearing in
the x, y directions

Rdx , Rdy interactions of force between
rotor and discharge roller bearing
in the x, y directions

Rm discrete radial coordinate of male
profile

rj radii of inner raceway groove
curvature centers

rc bearing radial clearance
S(f, u) the surface definition
Tf and Tu surface tangent vectors
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t time
z number of rolling elements of

bearing
a0 unloaded bearing contact angle
aj loaded, the jth rolling element

contact angle
o limit of convergence
dbj deflection of the jth ball
dRj deflection of the jth roller
drj distance of the jth element in the

radial direction
dzj distance of jth rolling element in

the axial direction
d* non-dimension value for ball-

raceway contact deformation
f integration variable associated

with helical twist/rotation dis-
placement of rotor gravity center
about the y-axis

fk discrete co-ordinate of variable f
u integration variable associated

with polar co-ordinates/rotation
displacement of rotor gravity
center about the x-axis

ui discrete polar co-ordinate of male
profile

uspc angular position when suction
portion closes

udpo angular position when discharge
portion opens

um the rotation angle of male rotor
tm wrap angle of male rotor
V rotor rotation angular speed
vc angular speed of cage relative to

inner raceway
cj relative position of the jth rolling

element with respect to the x-axis


