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The work presented is of a study of torsional vibrations of a driveline under
static torque and excited by engine torque fluctuations. It includes the design of
an experimental set-up and a computer software to predict dynamic behaviour and
seek efficient technical solutions. A finite element model is used to study current
systems and perform transient analyses. Basic linear elements are used and
non-linearities such as a multi-staged clutch with dry friction and gear backlash
are taken into account. The time response is calculated and a pseudo-modal
method is used. An experimental set-up of the whole driveline has been designed
and built to allow simulation of the basic torsional phenomena occurring on the
vehicle driveline under input torque from 0 to 200 Nm, and, moreover, to validate
numerical models. Furthermore, prediction and experiments on two new vehicles
are in quite good agreement.
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1. INTRODUCTION

Increasing customer demands for quieter vehicles have resulted in the need for
better understanding of the dynamic behaviour of drivelines and for the reduction
of torsional vibrations to an acceptable level. This work is particularly focused on
vehicle driveline torsional vibrations excited by engine torque fluctuations under
an input torque from 0 to 200 Nm. This involves taking into account many types
of excitation and non-linear effect in order to study transient phenomena. Thus,
there is a need for suitable non-linear models leading to better understanding of
torsional driveline dynamics and efficient and practical solutions for vehicle
manufacturers.

Driveline torsional vibrations fall into two broad categories, namely gear rattle
and driveline vibration. Gear rattle is classified as quasi-steady impulsive noise.
The basic source is usually a component or sub-system with clearance
non-linearities which includes backlashes, multi-valued stiffness characteristics,
dry friction, hysteresis, etc. Driveline vibrations create noises emanating from the
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driveline when loaded. The resonant driveline behaviour can amplify gear motion
at certain engine speeds of rotation, thus requiring frequency analysis.

Most of the models used for the driveline torsional vibration analysis are lumped
discrete models with a few degrees of freedom. The non-linear torsional
characteristics of a clutch disc and the backlash of an input shaft and countershaft
are taken into account and the investigators have focused on periodic
vibro-impacts at the unloaded gear meshes/splines, with backlashes in manual
transmissions [1–4]. These phenomena have been studied by using a variety of
techniques, such as simulation [5–7], quasi-steady state analysis [8–10], the
multi-body approach [11] and experimental noise perception [12, 13]. Time
integration schemes are generally used to solve the governing equations and
perform transient analysis. Most of these works deal with idle gear rattle in manual
transmissions but certain ones are concerned with driveline vibrations. Theoretical
and experimental investigations have established that several factors may have
significant influence on the torsional dynamic behaviour of drivelines [5, 14–18]:
inertia, multi-staged clutch disc, gearbox drag torque, dry friction and gear
backlash.

Both experimental and theoretical research have been focused on the torsional
vibrations of the complete driveline in controlling the natural frequencies and
mode shapes of the system [17, 19, 20]. Also, analytical and experimental results
have demonstrated that a system approach is necessary to understand torsional
resonant phenomena occurring within certain ranges of operating speeds. Useful
experimental research has been conducted to analyze these phenomena with
emphasis placed on the analysis of driveline resonance. In addition, the authors
have investigated the source of drive rattle either by instrumenting test vehicles
[5, 6, 14], and by conducting tests on torsionally excited experimental set-ups
composed of the flywheel, the clutch disc and the transmission in neutral position
[10, 15, 21].

The aim of the work described in this paper is a part of that of reference [18]
and concerns the prediction of the dynamic behaviour of vehicle drivelines,
showing good agreement between simulation and experimental results. First, the
description of the driveline and the torsional phenomena are presented. Then, a
torsional finite element model including gear backlash and a multi-staged
non-linear clutch with dry friction is used to study the dynamic behaviour of
current systems and to perform transient analysis. This part deals with the
numerical method associated with a pseudo-modal method to solve the differential
equations governing the motion. It also presents the computer simulation
approach that has successfully satisfied the above demands for a research and
design tool for prediction of dynamic behaviour. The third part deals with the
experimental study. An experimental set-up of a vehicle driveline has been
designed and built. It allows simulation of the basic phenomena occurring in
vehicles, when torque is applied, and validation of the numerical models. Software
including the signal processing of instantaneous rotational speed has been
developed for analyzing experimental results. Finally, the time responses
calculated are validated on two new vehicles by comparing numerical and
experimental results.
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2. DESCRIPTION OF DRIVELINE AND TORSIONAL PHENOMENA

2.1.   

A vehicle driveline is composed of many components transmitting engine
mechanical energy to the wheels. It links the engine to the wheels and ensures gear
reduction for the use of the engine in its optimum operating range. A classical
front-engine front-wheel-drive vehicle is illustrated in Figure 1 and the following
components are identified.

The first is the flywheel whose inertia reduces the magnitude of angular
accelerations generated by engine torque irregularities.

The second is the clutch assembly which is composed of the clutch disc and the
clutch mechanism. Its main functions are to connect and disconnect the gearbox
with the engine, to progressively transmit engine torque to the input shaft, and
to provide vibratory isolation from engine torque fluctuations. This function is
achieved by two systems rotationally linked by an elastic and dissipative system
which can rotate together (see Figure 2). The first system is the clutch disc and
rings connected to the flywheel, and the second is the clutch hub connected to the
input shaft via spline backlash. The mean torque is transmitted through a set of
preloaded springs.

The third is the gearbox which includes a large number of couples of helical
gears for gear reduction, and a differential to distribute torque to the wheels. In
current gearboxes, unloaded driven gears are generally assembled on the

Figure 1. Front-engine front-wheel-drive vehicle driveline.
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Figure 2. Clutch plate.

countershaft. They are in continuous meshing contact with the drive gears of the
input shaft. When the clutch is engaged, the driven gear is connected to the
countershaft after speed synchronization and claw coupling. The gearbox used in
this study is shown in Figure 3. It is composed of four shafts: the input shaft where

Figure 3. Five-speed manual transmission of the Renault Safrane vehicle.
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Figure 4. Engine torque fluctuations.

drive pinions are solid, a long countershaft with the idle pinions of the first, second,
fifth and reverse gears, a short countershaft with the idle pinions of the third and
fourth gears and the reverse idler shaft. Unloaded gears are the major source of
gear rattle because of the vibro-impacts caused by engine torque fluctuations.

The fourth and fifth are the two drive axle shafts that transmit the engine torque
from the differential to the wheels. They are generally composed of two
homokinetic joints and a shaft. In the case of a transverse engine vehicle whose
gearbox is not in the center line, the two drive axle shafts have different lengths
and an intermediate shaft is necessary.

2.2.    

Engine torque fluctuations involve engine angular accelerations which are the
major cause of driveline torsional vibrations. These torque fluctuations are the sum
of discrete torque pulses due to combustion pressure in the cylinders and cyclic
inertia torques due to reciprocating pistons. In a four-cylinder four-stroke engine,
the flywheel angular velocity is synchronized with the engine combustion which
fluctuates repeatedly at a firing pulse frequency of twice per engine revolution.
Thus, the dynamic torque is the sum of a constant mean torque and an oscillating
torque whose frequency spectrum is essentially composed of the even harmonics,
which are preponderant for a four-cylinder engine (see Figure 4). Misalignment
between the transmission input shaft, clutch disc and crankshaft axis of rotation
can generate excitation forces synchronous with the engine speed of rotation. The
high inertia of the engine flywheel tends to reduce the magnitude of angular
accelerations which are particularly high at idle speed and in diesel engines.
Unfortunately, it also reduces the acceleration of the vehicle, resulting in sluggish
performance.
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2.3.  

The following torsional phenomena occurring on the vehicle driveline are
concerned in this work.

2.3.1. Idle gear rattle

At idle speed, the transmission is in neutral position and the clutch is engaged.
Engine torque fluctuations cause collisions between gears and/or spline teeth in
the gearbox and the clutch hub. Since backlashes actually exist in all geared
systems and, in neutral, all gear and spline meshes are essentially unloaded, thus
they are all potential rattle sources.

2.3.2. Drive rattle

Drive rattle and idle gear rattle are similar; however, resonance frequencies of
the driveline can affect the nature of drive rattle. Drive rattle is a phenomenon
caused mainly by the non-linear torsional vibration of the driveline. This causes
collision between the gear teeth in the transmission which in turn causes excitation
forces, making the bearings of the gearbox vibrate. A conventional clutch damper
can greatly reduce the drive rattle.

2.3.3. Surging

Surging results from sudden changes of engine torque actuating the driveline.
The first mode shape is involved and the vehicle is subjected to damped rocking
motion. This phenomenon occurs during sharp accelerations at low engine speed
and results from a tip-in or back-out procedure.

2.3.4. Booming noise and hammering

Booming noise involves a mode shape concerning transmission drive axle shafts,
and hammering is essentially generated by tripod joints.

3. TORSIONAL MODEL

Since there are a number of driveline configurations resulting from in-line and
transverse engines, front and rear wheel drive, direct and indirect gearboxes etc.,
computer software is required to analyze a specific driveline configuration and a
lumper parameter approach is used. The driveline is represented as a chain of
torsional simple branched systems describing the various components and the
model chosen includes linear basic elements and three non-linearities arising from
clearances, non-linear stiffness, and clutch dry friction effects. The representation
of the torsional model the driveline is shown in Figure 5. It allows a linear
modelling approach in analyzing the natural frequencies, the mode shapes and the
steady state behaviour of the driveline, and in analyzing of the transient
phenomena generated by the non-linearities.
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3.1.  

A typical model for a front-engine front-wheel-drive vehicle is composed of the
driveline, the vehicle chassis and the Motive Power Unit (MPU). The model of
the driveline can be divided into the following different sub-systems: flywheel,
clutch hub, front wheels and tires, axle drive shafts and homokinetic joints, all of
which are modelled by using inertia, stiffnesses and viscous damping elements. A
non-linear clutch element is introduced and a refined model is used for modelling
the gearbox.

In addition to the above torsional model of the driveline, the three following
translational degrees of freedom are introduced: longitudinal displacement of the
right and the left front chassis and of the sub-system {vehicle chassis, MPU, rear
chassis} considered as a rigid body. The contact between tires and road involves
both the tire’s torsional stiffness and the longitudinal stiffness linking the rear
chassis to the vehicle chassis. This permits linking the angular rotation of the
wheels to the vehicle’s translational motion. The wheels are assumed to be
connected to the ground: i.e., the effect of tire slip is neglected.

Basic linear discrete elements are used. These are simple inertia, torsional
stiffness elements, viscous damper, connection elements representing a gear pair
connected by a viscous damper and tooth stiffness, and one rod element with a
circular cross-section. In addition, a special element for modelling the differential
and two non-linear elements is developed comprising a multi-staged clutch with
dry friction and gear backlash.

Figure 5. Torsional model of the whole driveline.
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Figure 6. Non-linear dynamic characteristics of the clutch.

3.1.1. Multistage clutch model

The non-linear characteristics of the clutch, shown in Figure 6, are expressed
as the clutch torque Tc , a function of g, the relative angular displacement between
the flywheel u1 and the clutch hub u2 (see Figure 5). These non-linearities can be
introduced by Tc as a piece-wise linear function described by (a list of symbols is
given in the Appendix)

Tc = ksi (u1 − u2 − ai )+ bi +(Hsi /p) arctan [s(u� 1 − u� 2)]. (1)

The hysteresis is modelled by a Coulomb friction law. In this case, the damping
force is constant and the sign depends on the direction of the relative rotation.
For each stage, the angular range ai , the stiffness ksi , and the hysteresis Hsi /2 are
taken into account and two preloaded torques (Pd and Pr ; see Figure 6) can be
introduced.

The function (Hsi /p) arctan [s(u� 1 − u� 2)] (see Figure 7) smooths the effects of dry
damping on the clutch when the torque climbs from a negative to a positive value,
or on the contrary, thus leading to numerical stability in simulations.
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The clutch mass matrix is classical and its stiffness matrix [Kc ], viscous damping
matrix [Cc ] and external torque excitation vector [Cext ] take the forms

[Kc ]=$ ksi

−ksi

−ksi

ksi %, [Cc ]=$ cc

−cc

−cc

cc %,
[Cext ]=$Teng (t)+ ksiai − bi −(Hsi /p) arctan (s(u� 1 − u� 2))

−ksiai + bi +(Hsi /p) arctan (s(u� 1 − u� 2)) %. (2)

The matrix [Kc ] depends on the state g of the clutch, whereas the excitation vector
[Cext ] depends on the torque Teng (t) applied by the motor drive and the state g of
the clutch.

3.1.2. Gear backlash model

The gear backlash is included by a non-linear mesh function restricting the
displacement of a floating part corresponding to a gap. The model used is shown
in Figure 8. When the teeth are separated, the force is zero. Non-zero force is
characterized by linear stiffness and viscous damping. The gap situation is based
on the relative linear translational pitch line displacement d of two meshing gears.
The non-linear function Tg described in the following equations depends on the
physical system while the symmetric clearance-type function y(d, bg ) gives both
single-sided impacts and double-sided impacts:

Tg =−kgRy(d, bg )− cgRẏ(d, bg ), (3)

Figure 7. Plot of the function (Hsi /p) arctan [s(u� 1 − u� 2)]. ——, s:a; –·–·, s=100; –––, s=10.



bg/2+
cg cg

kgkg

bg/2–

Drive gear

Driven gear

.   .142

Figure 8. Model of gear backlash.

with

y(d, bg )= 8(d− bg /2),
0,

(d+ bg /2),

de bg /2
−bg /2Q dQ bg /2

dE−bg /2 9, (4)

and

ẏ(d, bg )= 8d� ,0,
d� ,

de bg /2
−bg /2Q dQ bg /2

dE−bg /2 9. (5)

The stiffness and damping matrices, [Kgi ] and [Cgi ], of the gear i can be written
as

[Kgi ]=$ kgR2
pi

kgRpiRqi

kgRpiRqi

kgiR2
qi %, [Cgi ]=$ cgR2

pi

cgRpiRqi

cgRpiRqi

cgR2
qi % (6)

when the teeth of the drive gear are in contact with those of the driven gear. [Kgi ]
and [Cgi ] are nil in the other case.

3.1.3. Sub-system {vehicle chassis, MPU, rear chassis, rear transmission}
The model (Figure 9) includes the driveline rotational degree of freedom and

the three displacement degrees of freedom. The modal displacement vector dss

takes the form

dss = {ufl , ufr , X, Xfl , Xfr}. (7)
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The kinetic energy T and the strain energy U of the translational sub-system can
be written as

T= 1
2(Iflu� 2fl + Ifru� 2fr +MvX� 2 +MflX� 2

fl +MfrX� 2
fr), (8)

U=
1
2$Kt

R2 ((Xfl +Rufl )2 + (Xfr +Rufr )2)+Klfc (X−Xfl )2 +Krfc (X−Xfr )2%. (9)

Applying the Lagrange equations yields the mass and the stiffness matrices [Mss ]
and [Kss ] as

Ifr 0 0 0 0

0 Ifl 0 0 0

[Mss ]= 0 0 Mv 0 0 ,G
G

G

G

G

K

k

G
G

G

G

G

L

l
0 0 0 Mfl 0

0 0 0 0 Mfr

Kt 0 0 Kt /R 0

0 Kt 0 0 Kt /R

[Kss ]= 0 0 Krfc +Klfc −Klfc −Krfc . (10)G
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Kt /R 0 −Klfc Kt /R2 +Klfc 0

0 Kt /R −Krfc 0 Kt /R2 +Krfc

3.1.4. Governing equations

Differential equations governing the motion of the complete system are derived
from the Lagrange equations and are written as

[M] · {d� }+[C(d, g)] · {d� }+[K(d, g)] · {d}= {Cext (d, g)}, (11)

Figure 9. Diagram of the {driveline, box body and MPU} model.
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where [M] is the classical mass matrix [K(d, g)] is the non-linear stiffness matrix
including matrices of classical elements, the clutch element [Kc ], and the gear pair
elements [Kgi ]. [C(d, g)] is the non-linear damping including the classical damping
elements, the clutch element [Cc ] and the gear pair elements [Cg1]. {Cext (d, g)} is
the exciting force vector including a part of the non-linear behavior of the clutch,
while {d}, {d� } and {d� } are respectively the displacement, velocity and acceleration
vectors.

One can notice that [K(d, g)], [C(d, g)] and {Cext (d, g)} depend on the two
non-linearity indicators and are up-dated at each step for the time response.

3.1.5. Pseudo-modal method and numerical integration

After defining the driveline model, inertia, stiffness and viscous matrices are
automatically assembled by the computer program. These matrices, defined under
several stages of the clutch, with or without contact between the teeth of the gears,
lead to the determination of modal bases. For each case, the natural frequencies
and mode shapes of the driveline are deduced from

[K(d, g)−v2M]{D}= {0}. (12)

The pseudo-modal method has been used to introduce modal damping in the
equations and to reduce considerably the dimension of the system [22]. The modal
basis is composed of the n lowest mode shapes used in the equation

{d}= =f={q}, (13)

where {d} is the displacement vector, {q} the new set of co-ordinates and =f= the
modal basis. Equation (11) after premultiplication by =f=t gives

=f=t[M]=f={q̈}+ =f=t[C(d, g)]=f={q̇}+ =f=t[K(d, g)]=f={q}= =f=t{Cext (d, g)}. (14)

Then modal damping values ai , known from experiments or experience, are added
on to the diagonal of matrix =f=t[C]=f=. The time response is obtained by using a
Newmark method applied at the modal basis of the drive line fitted to the right
situation (stage of the clutch, contact or not between teeth gears).

3.2.  

The computer simulation software (25 000 lines) was developed by using
MATLAB. First, the linkage between all the elementary matrices is performed and
the mass, stiffness, and viscous damping matrices are built up. After computation
of the modal basis, the simulation of the driveline dynamic behaviour is
performed, enabling different kinds of analysis. Modal and forced vibration
analyses are carried out to identify natural frequencies and mode shapes, as well
as the frequency response of the linearized system. Transient time responses are
also available, thereby introducing different types of torque derived from
experimental data in the time domain.

4. EXPERIMENTAL STUDY

An experimental set-up has been designed and built to identify torsional
phenomena occurring on a vehicle driveline and validate numerical models.
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Figure 10. Diagram of the experimental set-up.

4.1.     -

The experimental set-up shown in Figure 10 is composed of three parts: the
driveline equipped with transducers, and two electromechanical devices. The first
of these is a rotatory torsional exciter, which drives the driveline and introduces
engine torque fluctuations at twice the engine speed of rotation, within a speed
range from 0 to 3000 r.p.m. The second is a controlled system producing a resistive
torque proportional to the drive torque for energy dissipation. The maximum
values of torque and engine speed of rotation are, respectively, 3000 r.p.m. and
200 Nm at input, and 800 r.p.m. and 600 Nm at output.

4.1.1. Mechanical assembly and motorization

The driveline is composed of the flywheel (10), the clutch (11), the transmission
with planet wheels locked (12), a drive axle shaft (13) equipped with a toothed
wheel and an inertia corresponding to the front wheel (16). The supporting frame
(20) receives mounts, driveline components and measurement devices while
torquemeters are inserted between two torsional rigid couplings upstream (8) and
downstream from (15) the gearbox. A low-pass mechanical filter is composed of
a low stiffness torsional shaft (17), associated with a high value inertia (18). This
experimental set-up has a mass of 6 tons, dimensions of 6×1 m and rests, damped
by elastomer mounts, on a frame.

The rotatory torsional exciter is composed of a speed controlled 36-kW DC
electric motor (1), and a maximum nominal torque value of 230 Nm is provided
up to 1490 r.p.m. and then, with constant power up to 4000 r.p.m. A single
Hooke’s joint (5) is used to connect motor to the transmission input (4). A torque
limiter (2) and a high value inertia (3) are also installed. A maximum angular value
a of 16° between the axes of the two shafts is available. When the input shaft (4)
is driven at constant speed, the angular velocity of the output shaft (7) varies
periodically. Then the torque generated is the addition of a mean torque and an
oscillating torque. The main harmonic of the output shaft torque is at twice the
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input speed of rotation. The magnitude of the periodic torque increases as the
angle a increases.

The resistive system is composed of a 113-kW generator (17) with a positive or
negative torque controlled within a range from 0 to 800 Nm up to 1220 r.p.m. The
low-pass mechanical filter allows the driveline to be vibration isolated from the
generator. The control of the electric motor and generator is ensured by a PC
equipped with ADC/DAC boards, using a specific control software. Figure 11
illustrates the experimental set-up. Figure 12 shows the transmission instrumented
for measurements of gear motion and casing vibration.

4.1.2. Instrumentation

Torquemeters are inserted through the driveline upstream and downstream of
the gearbox to measure static and dynamic torque and instantaneous velocity. The
angular velocity of all the gears in the transmission are measured by using
inductive probes targeted at the gear teeth and sensitive to magnetic flux
fluctuations generated by teeth meshing. When torsional vibration occurs, the
frequency of the alternating velocity components modulates the basic tooth form
harmonic signal. An accelerometer is attached to the transmission casing to
measure vibrations due to rattling gears. In addition, the temperature of the
lubricant is controlled and regulated during testing.

4.1.3. Data acquisition, measurements and signal processing

All data are conditioned and simultaneously recorded by using an HP
PARAGON acquisition system controlled by an HP700 computer. Storage and

Figure 11. Experimental set-up.
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Figure 12. Instrumented gearbox and shaft.

time signal processing are carried out by using the LMS cada-X software. On-line
processing is performed by order tracking. By using the above acquisition system,
universal files are created for each test, allowing postprocessing and analysis with
MATLAB. The instantaneous velocities and accelerations of meshing gear pairs
in the transmission are obtained by demodulating signals from the inductive
probes. The technique developed within the specific signal processing software is
based upon frequency demodulation by means of the Hilbert transform combined
with numerical filters. The instantaneous phase of the Hilbert transform of a
sinusoidal carrier signal is proportional to the rotational angle of the gear under
analysis, and the velocity time history is then obtained by differentiating the phase.

4.2.      

The torsional model of the system consists of a branched system with four shafts
and 200 elements. Identification of natural frequencies and mode shapes is
achieved during a speed run-up with a constant mean torque allowing only one
stage of the clutch to be active. Two tests are conducted to obtain, experimentally,
two particular mode shapes of the driveline and the frequency responses
corresponding to the harmonics of the engine speed of rotation are plotted in
Figures 13 and 15.

4.2.1. Natural frequency and modes shapes of the complete driveline

The first measured and computed natural frequencies of the system are
summarized in Table 1.
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T 1

Comparison of measured and computed natural frequencies

Mode Critical speed Experimental resonance Computed resonance Error
number in r.p.m. frequency (Fm ) in Hz frequency (Fc ) in Hz =Fm −Fc =/Fm

1 – – 2·7 –
2 540 18·0 18·5 2·8%
3 1810 60·3 58·4 3·1%
4 2050 68·3 64·2 5·9%

The first mode shape (2·7 Hz) corresponds to the so-called ‘‘surging’’ vibration
mode occurring on the vehicle. This mode essentially involves torsional stiffnesses
of the clutch and the drive axle shaft.

The second mode shape (18·0 Hz) involves displacement of drive axle shafts
only.

The third mode shape (60·3 Hz) corresponds to a natural frequency of the drive
system set-up and essentially involves Hooke’s joint.

The fourth mode shape (68·3 Hz) is the so-called ‘‘gear rattle mode’’ which
involves torsional high amplitudes of all meshing elements within the gearbox
around the stiffnesses of the axle shafts and the clutch.

4.2.2. Test conditions

The first test (see Figure 13) was conducted with the fourth gear engaged with
an angular value a of 16° and during a slow speed run-up from 300 to 700 r.p.m.
The engine torque mean value is 100 Nm. During the run-up, the flywheel velocity
data and four channels of data were recorded simultaneously. The second test (see
Figure 15) was conducted with the fourth gear engaged with an angular value a

of 7·5°. As previously, the same mean torque was applied and four channels of
data were recorded.

Figure 13. Measured forced response: identification of second mode shape (experiment). ——,
Flywheel (reference signal); –·–·, first pinion on input shaft; –––, differential crown; · · · · ,
transmission axle shaft.



10

–20

–10

0

–25
400350 450 500 550 600 650 700

Engine speed (r.p.m.)

A
n

g
u

la
r 

v
el

o
ci

ty
 s

p
ec

tr
u

m
 (

d
B

)

555 r.p.m.
18.5 Hz

0 dB = 1 rd/s

    149

Figure 14. Computed forced response: identification of second mode shape (computation). Key
as Figure 13.

4.2.3. Comparing experimental and numerical results in the frequency domain

In the simulation, multiple harmonics of the periodic torsional excitation were
superimposed on the flywheel. F1, F2 and F4 harmonics were used in computing
the forced response of the sytem. Equations of the system were linearized around
the operating point corresponding to the test conditions. They were derived from
the following assumptions: only the second stage of the clutch was active and the
gear teeth remained in contact on the driving side. The response of the system was
appropriately totalled from the forced responses for each harmonic. The direct
method was used to solve the differential equations written on the modal basis.
The tests were conducted by using order tracking analysis on the second harmonic
of the engine speed of rotation. Computed and measured results are compared in
the frequency domain by plotting angular velocity. Damping factors were
deducted from the experimental results.

The measured and computed forced response curves for the first test are
presented in Figures 13 and 14. The angular velocity amplitude of the flywheel,
the input shaft, the differential crown and the drive axle shaft are displayed as a
function of the mean engine speed of rotation in r.p.m. We observed
experimentally a peak near the critical speed of 540 r.p.m. corresponding to a
resonance frequency of 18·0 Hz (F2). A significant relative instantaneous angular
velocity between the differential crown and the toothed wheel on the drive axle
shaft was observed. As predicted, the corresponding mode shape involves torsional
stiffness of the axle drive shaft.

For the second test, angular velocities of the flywheel, the 4/5th drive pinion on
the input shaft and the corresponding fourth and fifth driven pinions on the long
and short countershafts were plotted by order tracking. The frequency response
in Figure 15 shows two peaks of magnitude and an amplification of gear motion
with respect to the reference signal of the flywheel velocity. This test emphasizes
the fourth mode (68·3 Hz) which involves high amplitudes of all the elements of
the gearbox and causes rattle phenomena. The third mode (60·3 Hz) is close to
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the fourth: it involves a strain mode of the Hooke’s joint, thus, amplifying gear
motion. By comparing experimental to computed results (see Figures 15 and 16),
we notice that the progressions of the qualitative curves are in good agreement,
and that the predicted linear behaviour of the system is close to the real behaviour
of the transmission.

5. APPLICATIONS TO RECENT CARS

Transient dynamic response is required to simulate the phenomena in which
non-linear effects, such as, clutch spring rate and damping, gear teeth backlash and
so on cannot be neglected. In this section, measurements carried out on two recent
cars during transient tests are compared to the predicted numerical results.

5.1.  :      

5.1.1. Test conditions

For this application, surging measurements were conducted on the Renault
Megane vehicle. The test condition was in second gear from a constant engine
speed of rotation of approximately 2000 r.p.m. As shown in Figure 17(a), surging
is defined by the open throttle acceleration corresponding to an increase in the
engine torque for 0·1 s. The test vehicle was instrumented by probes and two basic
signals were measured: i.e., flywheel velocity and casing longitudinal acceleration
(see Figures 17(b) and (c)).

5.1.2. Driveline simulation model

The transmission is composed of only two shafts and the torsional model of the
driveline consisted of 67 elements. The axle drive shafts do not have the same
length. Hooke’s joint stiffness values are deduced from the measured stiffness
between the wheels and the differential crown. A non-linear multi-staged clutch
element is included in the model with both stiffness and hysteresis characteristics.

Figure 15. Measured forced response: identification of ‘‘gear rattle mode’’ (experiment). ——,
Flywheel (reference signal); –·–·, 4/5th pinion on input shaft; –––, fourth idle pinion on countershaft;
· · · · , fifth idle pinion on countershaft.
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Figure 16. Computed forced response: identification of ‘‘gear rattle mode’’ (computation). Key
as Figure 15.

Figure 17. Surging: measured time responses.

The different stages of the clutch are used during surging. For the analysis, a
damping modal value of 6% is introduced.

5.1.3. Comparison of computer simulation and experimental results

The simulation and experimental results plotted in Figures 17 and 18 are in good
agreement. The resonance frequency predicted by computer simulation (4·34 Hz)
is close to the experimental value (4·20 Hz). Plots of the casing acceleration and
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Figure 18. Surging: computed time responses.

the instantaneous angular velocity of the flywheel exhibit high amplitude damped
oscillations at lower frequencies: i.e., during surging, the first mode of the driveline
is involved.

5.2.  : /-/  

    [23]

5.2.1. Test conditions

In this case, the test was conducted on the Renault Master vehicle. The test
condition was a transient test in first gear including three steps: acceleration,
back-out and clutch disengaging. Rotational gear velocities of the input shaft and
the differential crown were measured during the test and the experimental results
are presented in Figure 21 in which the three steps of the transient test can be
clearly identified. After a run-up to the operating speed of 3700 r.p.m. (first step),
the engine torque is suddenly decreased: the vehicle was no longer driven by the

Figure 19. Axle drive shafts model.
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Figure 20. Excitation torque.

engine and the driveline was subjected to a resistive torque. This change from a
positive torque to a negative torque resulted in velocity fluctuations of the input
shaft (second step). During clutch disengagement (third step), the driveline was
suddenly released and damped oscillations of the input shaft occurred.

5.2.2. Driveline simulation model

The torsional model of the driveline consisted of 76 elements and the
transmission was modelled by using 65 elements. The left and right axle drive
shafts were respectively composed of one and two shafts connected by Hooke’s
joints. They were modelled by rod elements connected to discrete stiffness elements
(see Figure 19).

The torsional system was excited by a dynamic torque applied to the clutch disc.
The excitation torque was defined by the time function shown in Figure 20: that
is to say, for the first step, a torque value of 108 Nm was applied to obtain a
rotational speed of 3700 r.p.m. in 2 s. For the second step, the engine torque was

Figure 21. Measurements on Renault Master vehicle. –·–·, Third gear; ——, differential crown.
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Figure 22. Computed time response. Key as Figure 21.

brought down to −150 Nm and the rotational speed was reduced to 3230 r.p.m.
just before the third step. The torque was then suddenly reduced to zero in 0·03 s
to simulate clutch disengagement.

5.2.3. Comparison of computer simulation and experimental results

The measured and predicted rotational velocity of the third gear and the
differential crown are shown in Figures 21 and 22. Numerical simulation results
are very close to the vehicle test measurements. Angular velocity plots exhibit the
same following three steps. In the first step, the angular velocity of the third gear
increases to the operating speed of 3700 r.p.m. In the second step, the angular
velocity decreases because of the change of sign of the clutch torque. Stepping
through the different stiffness stages involves oscillations. After clutch
disengagement (third step), damped oscillations appeared due to the torque
switching from a negative to a zero value. The model was up-dated by using the
modal damping factors, and the results predicted by using computer simulation
were shown to be relevant and in good agreement with the experimental time
response.

6. CONCLUSIONS

This work includes the design of an experimental set-up and the development
of computer software for predicting the dynamic behaviour of vehicle drivelines.
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The experimental set-up shows the main torsional phenomena and validates the
software results. Non-linear effects due to the multi-staged clutch with dry friction
and gear backlashes have been given particular attention. Comparison between
numerical and experimental results on two new cars have provided good
agreement and show that the computer simulation can be very useful and efficient
for the dynamic simulation of the driveline.

Furthermore, it will be very useful to simulate tests under conditions that are
expensive and difficult to perform experimentally, and to reduce prototype
development work. By using the simulation, the influence of the main design
parameters can be evaluated and different design configurations can be compared
in terms of strength, natural frequencies, frequency and transient responses.
Continued developments in this direction will be of great benefit to the automotive
industry by facilitating effective assessments of driveline torsional issues prior to
production.
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APPENDIX: LIST OF SYMBOLS

Tc clutch torque
ksi stiffness of the clutch for the stage i
u1, u� 1 angular displacement and velocity of the fly-wheel
u2, u� 2 angular displacement and velocity of the clutch hub
bi torque value at the transition point for the stage i of the clutch
ai angular range of the clutch for stage i
Pd preloaded torque for the direct edge of the clutch
Pr preloaded torque for the rear edge of the clutch
s smoothing parameter
[Kc ] stiffness matrix of the clutch
[Cc ] viscous damping matrix of the clutch
[Cext ] external torque excitation vector applied on the clutch
Teng engine torque
Tg gear torque
kg stiffness of two teeth in contact with a gear
cg viscous damping of two teeth in contact with a gear
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R primitive radius of a pinion
d relative displacement of a tooth of the drive gear in the backlash
bg backlash of a gear
[Kgi ] stiffness matrix of two teeth in contact with gear i
[Cgi ] viscous damping matrix of two teeth in contact with gear i
dss nodal displacement vector of the sub-system {vehicle, MPU, rear chassis,

rear transmission}
ufl , u� fl , ufr , u� fr angular displacement and velocity of, respectively, the left wheel and the

right wheel
X, Xfl , Xfr displacement of, respectively, the sub-system {vehicle, MPU, rear chassis,

rear transmission}, the left wheel and the right wheel
[Mss ] Mass matrix of the sub-system {vehicle, MPU, rear chassis, rear

transmission}
[Kss ] stiffness matrix of the sub-system {vehicle, MPU, rear chassis, rear

transmission}
Krfc , Klfc stiffness between the sub-system and respectively the right wheel and the

left wheel
Ksr , Ksl right and left axle shaft stiffness
Kis intermediate shaft stiffness
Kjr , Kjl right and left Hooke’s joint stiffness
Kt tire stiffness in the direction of vehicle motion


