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Rotating machinery in industry is usually placed on foundation structures that are
flexible over the operational speed range and thus influence the dynamics of the coupled
system. The mechanical impedance method offers a computationally efficient means of
developing simple, but sufficiently accurate analytical linear models of such systems, for
most practical purposes. The technique facilitates a modelling approach where a mixture
of theoretical and experimental models can be incorporated into a model of the complete
system. This is particularly useful when modifying existing machinery, where, for example,
it may be easier and cheaper to measure the dynamics of a foundation rather than
model it. In this paper a composite linear model of a super-critical rotor supported
on a foundation through ball-bearings is developed using the mechanical impedance
technique. Experimental results are presented to validate the model. Gyroscopic
effects, although included in the model, were not investigated due to the limitations of the
test rig.
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1. INTRODUCTION

Rotating machinery in power plants and industry is generally supported on foundation
structures that are flexible over the operational speed range and thus contribute
to the dynamics of the coupled system. A review of the modelling procedures used for
such systems [1] shows that the two major methods employed are the transfer matrix
(TM) method and the finite element (FE) method. While the TM method is computationally
more efficient than the FE method, its restriction to chain-like structures necessitated
the development of the enhanced TM methods [2] and combined FE/TM methods [3]
to include the coupled foundation structure. Like the TM method, the mechanical
impedance method deals with steady state frequency response descriptions for
linear mechanical components. The component is described by a single matrix
that incorporates mass, stiffness, damping and gyroscopic terms, relating the forces at
the input terminals to the resulting velocities at the output terminals [4]. Similar
matrix assembly techniques to those used in FE can be used in the mechanical impedance
method. However, in deriving the mechanical impedance matrix of an element analytically
using the wave approach, the exact dynamic shape of the element is used [5] rather than
the quasi-static approximation used in FE. Hence, provided the element is uniform,
its size is unrestricted, with no effect on accuracy. This leads to a much smaller
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number of degrees of freedom compared to the FE method. Consequently, the
mechanical impedance technique offers the suitability of FE methods to model coupled
rotor-bearing-foundation systems with the advantages of computational efficiency.
However, its main advantage relative to the transfer matrix approach is that, unlike the TM
method the matrices are formulated directly in terms of frequency-response functions,
which can be determined from measurement with very little manipulation. This facilitates
a flexible modelling approach. For example, some parts of the rotor dynamic system can be
modelled using FE techniques, or the wave approach as discussed in this paper, and some
parts of the system could be characterized by measurement. A methodology such as this
could be particularly useful when trying to modify a system that has already been built,
where it would be much quicker and easier to measure the dynamic behaviour of the
foundation rather than to model it. Although there is PC-based proprietary software that
will handle complex rotor systems, for example reference [6], it is believed that the system
proposed in this paper has some advantages in that it can be easily implemented on
standard software, including spreadsheets, with considerable cost saving.

The mechanical impedance method is generally well documented [4,5], but its
application to rotor dynamics problems is relatively unexplored. Reiger et al. [7]
applied the analogous dynamic stiffness technique to a general rotor-bearing system in
order to find its unbalance response, critical speeds and instability threshold speeds.
Similar work was done more recently by Raffa et al. [ 8] with respect to unbalance response.
However, in both these works foundation flexibility was not included. In the present work,
the mechanical impedance formulation was used instead of the dynamic stiffness
formulation. However, such a choice is not important since the two formulations merely
differ by a factor of jo.

In this paper the rotor system is split into two, the rotor-bearing subsystem and
the foundation subsystem. The rotor-bearing subsystem is modelled as beams, discs
and linear springs, and the foundation subsystem, which consists of bearing housings
(pedestals), foundation structure and isolation system. Thus, the bearing pedestals
are considered to be integral with the foundation, which follows the approach taken
by Kramer [9], but is in contrast to the approach taken by Reiger and Zhou [10],
where the bearing pedestals are modelled as a separate subsystem. The features of the
model described in this paper that set it apart from the models discussed in references
[9,10] are that a hybrid (part analytical model, part experimental model) approach
can be used. To illustrate this, two alternative approaches are taken to include
foundation flexibility effects in the model. In the first approach, called the theoretical
model, the foundation subsystem is modelled as a Timoshenko beam, with attached
rigid bodies for bearing pedestals and other attachments. Alternatively, it could be
modelled by using FE techniques such as in reference [3], and the impedance of the
foundation subsystem exported from the FE software into the coupled system model.
In the second approach, called the hybrid model, the foundation impedance matrix
can be determined by measurement. With both approaches the impedance matrix
of the foundation subsystem is determined independently from the rotor-bearing sub-
system and subsequently integrated into the impedance matrix of the complete
rotor-bearing- foundation assembly.

The aim of this paper is to develop an analytical model based on the mechanical
impedance technique to predict the unbalance response of a general multi-span coupled
rotor-bearing-foundation system and validate it on small-scale test rig. The paper is
organised as follows. Following this introduction, the derivation of the model is presented
in section 2. The experimental work is described in section 3, the results discussed in section
4 and some conclusions given in section 5.
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2. MODEL DEVELOPMENT

2.1. GENERAL DESCRIPTION

The simplified general model used in this paper is shown in Figure 1 where the z-axis is
along the shaft, the xz plane is horizontal and the yz plane is vertical. A list of notation is
given in Appendix A. This system can be conveniently divided into the rotor-bearing
subsystem and the foundation subsystem. The rotor-bearing subsystem has M stations
(i=1--- M) that are joined by shaft elements which are modelled as beam segments which
can rotate about their longitudinal axis and bend in both xz and yz planes. A rotor station i
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Figure 1. Model adopted for a multi-span coupled rotor-bearing-foundation system. (a) projection on yz plane,
(b) general projection on xy plane.
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is defined as a location along the rotor where there is either a bearing, a disc, or a change in
cross-section. Any out-of-balance is assumed to be concentrated at the discs and internal
damping in the shaft is neglected. The shaft segments can be modelled either as rotating
Euler-Bernoulli or Timoshenko beams bending in two planes depending on the speed of
interest and the size of the shaft. Each bearing (excluding the housing) is modelled as a pair
of uncoupled complex (damped) springs in the x and y directions. Such a model is
admissible for rolling element bearings but not for journal bearings where strong cross-
coupling between the two orthogonal directions exists [11].

2.2. ROTOR-BEARING SUBSYSTEM MODEL

2.2.1. Impedance matrix of a shaft element

The shaft element is shown in Figure 2. There is a choice of two shaft elements depending
upon the operational speed and type of system to be modelled. An Euler-Bernoulli beam
model is appropriate for low-speed flexible shafts and a Timoshenko beam model is
appropriate for high-speed, larger diameter shafts. Because the polar moment of inertia is
neglected in the Euler-Bernoulli shaft element, the vibrations in the two planes of bending
are uncoupled. In this case, the impedance matrix of the shaft element can be determined by
simply expanding the impedance matrix of an Euler-Bernoulli beam bending in one plane to
include both planes of bending. The relationship between the force and velocity vectors and
the impedance matrix of the nth shaft element is given by (a list of notation is given in
Appendix A)

fn = vana (1)
Where fn = [an Q/ln Mln M/ln Q2n Q,Zn M2n ,2n:|T, Vo = [Vln lln an /1n VZn ,Zn QZn ,Zn]T

and Z, is the 8 x 8 expanded form of the 4 x 4 impedance matrix described by Lyon [12]
and is given by
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where a, b, ¢, d, e and f for a shaft of length L and cross-sectional area 4 are given by

— jJk(sin kL cosh kL + cos kL sinh kL) ho — jJ sin kL sinh kL
a= -

A ’ A ’
jJk(sinh kL + sin kL) d jJ(cos kL. — cosh kL)
c= =
A ’ A

jJ(cos kL sinh kL — sin kL cosh kL) jJ(sin kL — sinh kL)
- kA » S= kA ’

where 4 = 1 — cosh kL cos kL, J = pAc,K, ¢; = /E/p, K = JI/A, k = 0'? (pA/E])'/*.
With a Timoshenko shaft element the inclusion of the polar moment of inertia results in
the coupling of the two planes of bending due to the gyroscopic terms. The impedance
matrix is thus more complicated and is obtained by solving a pair of equations relating to
vibration in the xz and yz planes. The manipulation follows Dimentberg’s analysis of
a flexible shaft with closely spaced discs attached [13] and differs considerably from the
manipulation done by Raffa et al. [8]. The equations of motion of the shaft are

0*x EI | o*x 0%x m 0*x %y m 03y
) QD I 5 QUG S P LG, S B AR e LA
oz {t+mocAG}8226t2+m6t2+ 2AG ot e T G T
(2a)

oty EI | 0%y %y m 0%y 03x m 03x
) QAP ) S GG S LAY Y S o S iy
oz {t+mocAG}6226t2+m6t2+ GAG ot T ae T AG e
(2b)

where I, = 2I,. From equations (2a,b) it can be seen that the two planes of bending are
coupled by the last two terms on the left-hand sides of equations (2), which are the
gyroscopic terms. For harmonic motion at frequency o,

x(z, 1) = Re{X (2)e!'}, y(z,t) = Re{Y(z)el*"}, (3a,b)

where Re{ } denotes the real part of { } and X(z) and Y (z) are assumed to have the form
X(z) = C1e"17 | Y(z) = Cpeh)?, (4a,b)

in which C; and C, are constants. Combining equations (2-4) results in the matrix equation

n* + 22> + rPn? — 221 — 57?4} —i/WA*r*(n* + 2*s?) C,
J2/witr2(n? + A%s?) {n* + 2%(s* + rPm? — 201 — s*r2ih ) || G,

0
)

where u = w/Q, s> = EI/(@aAGL?) is the shear flexibility parameter, A = kL is the non-
dimensional Euler-Bernoulli wavenumber and r? = r3/L? is the rotary inertia parameter
[5]. To determine the characteristic equation of equation (5), the determinant of the 2 x 2
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matrix is set to zero, which results in the eighth order equation

|:1/’4 +i4 {SZ + <1 _2> rz}nz _i4 {1 B (1 _2> S2r2&4}:|
u u
[174 + 24 {sz + <1 + E)rz}nz - )f‘{l — (1 + g) szrzﬂf‘}} =0. (6)
u u

The eight solutions to this equation are n = + n,, =+ jny, =+ 4., =+ jna, Where

Na> My =

[ F{s*+(1=2/wr*} + \/{32 + (1 = 2/pr?}? + @45 {1 — (1 — 2/u)szr2}v4}]1/2 2
2 )

Nes Ma =

[ FPH A +2/wr) + 5+ (U +2/wr? ) + @H (1 — (1 + 2/;1)52;’2/14}]1/2 12
5 2,

A general solution for X(z) and Y(z) is of the form
X(z) = AH,sinh y,z + A,H, cosh y,z — A3H, sin y,z + A,H, cos y,z
+ AsH_sinh yz + AgH, cosh y.z — A;H sin y,z + AgH, cos )4z, (7a)
Y(z) = c,A1H, sinh y,z + ¢,A,H, cosh y,z — ¢, A3H,, sin y,z + ¢, A4H,, cOS 12
+ ¢, AsH,sinh y.z + ¢, AgH, cosh y.z — cgA7Hy sin y,z + c4AgH 4 cos 7,4z, (7b)
where y, = (1), 7o = 7(15): 7e = Y (1), 7a = 7(na), where y(n) = n/L; H, = H(y,), Hy = H(y),
Hc = H(yc)a Hd = H(’yd)s Where H(V) = y/(psz)s Cq = C(i/lg), Cp = C( - ’73): Cc = C(”Cz)s
cq = c¢(—n3), where ¢(y?) = C,/C; = +j, determined from equation (5); and A;-Ag are
arbitrary constants. Similar expressions for 0.(z), 0,(z), Q.(2), Q,(z), M.(z), M,(2),
respectively, can be obtained [14]:
0.(z) = AJ,cosh y,z + A,J,sinh y,z + A3J} cos y,z + AsJ, sin y,z
+ AsJ.cosh yz + AgJ.sinh y.z + A7J,4cos gz + AgJysin ygz, (7¢)
0,(z) = c,A1J, cosh .z + c,AyJ, sinh p,z 4+ ¢, A3Jp cOS ypz + cpAsdy Sin Pz
+ ¢ AsJ.coshyz + ¢, AgJ, sinh y.z + c4A7J 4 €os 4z + cgAgdysin yuz,  (7d)

Q.(z) = A, coshy,z + A, sinh p,z + A3 cOS 7,z + A4 sin P,z

+ Ascoshy.z + Ag sinh y.z + A5 cos y.z + Ag sin 4z, (7e)
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0,(2) = c,A; coshy,z + ¢,A; sinh y,z + ¢,A3 cos Ppz + ¢, A4 Sin Yz
+ c.Ascosh y.z + ¢ Ag sinh p.z + c4A7 €OS P4z + c4Ag Sin Y4z, (7f)
M. (z) = EI{Ayy,J,sinh y,z + A5y,J, cosh y,z — Azp,Jysin pz + Ag)pdy, COS yp2
+ AsyJ, sinh p.z + Agy.J, cosh y.z — Apgdysin pgz + Agpaly cos y4z}, (7g)
M, (z) = EI{c,A1y,J, sinh y,z 4+ ¢, Ayy,J, cosh 9,z — cyA3ypJysin ypz + cyAgypJy COS P32

+ c.Asy.d, sinh p.z + ¢, Agy.J. cosh p.z — cgA7pady $in paz + cqAgyata €OS yaz },

(7h)
in which
Jo=Jma) Jy=J(=n;), Jo=J0d), Ja=J(—ni) where
J(?) = (L*/EI) {s* +n?/2*}.
Applying the displacement boundary conditions
s {0: X(@)=Xin Y@= Vi 0.6 =04, 6,0) =0,
LiX(2) = Xow, Y(2)= Yo, 0u(2) = Oy, 0,(2) = O,
to equations (7a—d) gives
u, = Pja, (8a)
where
u, = [ X1, Vi, 01, 010 X o You 02, 05,]"
a=[A, Ay A3 Ay As Ag A7 Ag]"
and P, is an 8 x 8 matrix. Applying the force/moment boundary conditions
. {0: 0.=01  OE)=0Cin M) =— M, M) =M,
L:Qu(2) = = Qan, 0y(2) = — Qany Mi(2) = Ms,,  M,y(2) = M5,
to equations (7e-h) gives
f,=P,a, (8b)

where f, = [0, 01, M1, M1, O3, 05, M5, M5, 1T and P, is an 8 x 8 matrix. Eliminating
a from equations (8a,b) gives

f, = P,P; 'u, )
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and hence the impedance matrix Z, of the rotating Timoshenko shaft element is
given by

Z,=P,P;'/(jo). (10)

2.2.2. Assembly of rotor-bearing subsystem impedance matrix

The impedance matrices of consecutive shaft elements are assembled in a manner similar
to that of FE [11], by using continuity of linear and angular velocities at each shaft station.
An example of the assembly of two consecutive shaft elements is shown in Figure 3. For
a total of M rotor stations, the assembled rotor-bearing subsystem matrix, Z,, is of order
4M x 4M where

f=27uv, (11)
andv, = [V, V} Q; Q) - Vi Vi Qu 2317, where f, is the column vector of forces external
to the rotor-bearing subsystem including the effects of out-of-balance and foundation
movement. Additional matrices are added at the appropriate locations to allow for the
presence of discs or bearings at the rotor stations. At a disc station the forces and moments
are summed in the xz plane, respectively,

Qon + Q1) = — jomV; + UiQ%e?, (12a)
M2n+ Ml(n+1)= —jCOITiQi—IPiQQ;, (12b)
and similarly, in the yz plane one obtains
0% + Qi+ = — jom Vi + U2/ 02, (13a)
M5, + M,1(n+1): _ijTiQ; + 1,20, (13b)
where ¢; is the angular position of the out-of-balance of the disc at station i at time t =0,

U; = m; X ¢;, is the unbalance of disc at station i where m; is the out-of-balance mass and e; is
the eccentricity of m;. From equations (12b) and (13b) it is again seen that the two planes

an i ] Vz—l
an V;—l
Mln Q,,l
Mln Qzl'_l
Qo + Qi1 v
Q2 + Q1neny Vl,
MZn + Ml(n+1) - QT
MZn + Ml(n+l) I,
0 “
2(n+1) v
’ i+l
Q2(11+1) ’
M Vi+1
2(n+1) Q
’, i+1
M2(71+1) o'
- - L i+l

Figure 3. Assembly of impedance matrices of two consecutive shaft segments n, n + 1.
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of bending are coupled by the gyroscopic terms. If at the ith rotor station there is then
a disc:
(a) the matrix

jom; 0 0 0
0 jom 0 0
0 0 jolr  IpQ
0 0 —IpQ jolg

is added to the {1 + 4(i — 1)} --- {4 + 4(i — 1)}th rows, {1 +4(G — 1)} --- {4 + 4(i — 1)}th
columns of the assembled impedance matrix of the rotor; (b) the terms U;Q2%ei?,
U; Q%! =72 become the {1 + 4(i — 1)}th, {2 + 4(i — 1)}th elements of the rotor-forcing
vector f,.

At a bearing station the forces are summed in the x and y directions, respectively,

0o+ Q1w+ 1y = Zoxxi(Vsp — V), (14a)
Q/Zn + Qll(nJrl) = Zbyyi(V/fp - V;)s (14b)

where zp,yi = Kpyi/(j0), Zpyi = kpyi/(jw) and V,, V';, are the velocities of the foundation in the
x and y directions, respectively, at the pth bearing pedestal, (p = 1,..., N). Hence, if at the
ith rotor station there is the pth bearing, then

(a) the bearing impedance matrix

ZB _ |:be)¢£ 0 :| (15)

0 Zpyy

is added to the {1 +4( — 1)} --- {2 +4(i — 1)}th rows, {1 +4(i — 1)} --- {2 + 4( — 1)}th
columns of the assembled impedance matrix of the rotor; (b) the terms zy.;Vyp, ZoyiVsp
become the {1 + 4(i — 1)}th, {2 4+ 4(i — 1)}th elements of the rotor forcing vector f..

2.3. FOUNDATION SUBSYSTEM

Since the force inputs from the rotor-bearing subsystem to the foundation assembly are
located at the bearings, which are assumed to exert no restraining moment, the foundation
impedance matrix can be expressed as a 2N x 2N matrix Z, where

with f; = [F;y Fy; - Fyy Fyn]" being the vector of forces at the bearing pedestals, and
V= [V Vi1 VenVin]" the vector of velocities at the N bearing pedestals. Note that no
external moments and angular velocities are included in the above formulation since the
former are assumed to be zero and the later are not required. In the hybrid model approach
Z, is determined empirically or by means other than the mechanical impedance technique.

To obtain the matrix Z, by using the theoretical model, the foundation impedance matrix
is first assembled in a manner similar to that of the rotor-bearing system. However, the two
planes of bending are uncoupled and the impedance matrices of the foundation in the xz
and yz planes can be determined separately, resulting in lower order matrices. The
impedance matrix for a Timoshenko beam bending in one plane is derived by setting Q@ = 0
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in equations (2a,b), but with taking note of the different second moments of areas in the two
planes of bending. Thus, equation (5) degenerates to,

nt+ 242+ m? — A1 — st =0 (17

which has roots for bending in either plane = + n,, =+ ju,, where

{— (s* +1?) + m}m ,
Na = A N

2

(* + 1) + 7 =P + 4
= 2.

2

Applying the displacement and force/moment boundary conditions at the nodes in a similar
way to that described in section 2.2, gives the impedance matrix for the xz plane

Z =P,P; '/(jo), (18)
where
0 H, 0 H,
Ja 0 Jy 0
Pl = . .
H,sinhy,L. H,coshy, L. — Hysiny,L. Hjcosy,L
J,coshy, L J,sinhy,L Jy cos y,L Jp sin y, L
and
1 0 1 0
P, — 0 — Ely,J, 0 — Ely,J,
2 — cosh y, L — sinh y,L —cos y, L —sin y, L

ElyJ,sinhy, L Ely,J,coshy, L  — Ely,Jysiny, L Ely,J, cos y, L

By following the procedure given in section 2.2 the foundation impedance matrix in one
plane is assembled using the continuity of linear and angular velocity at a common station
and the insertion of the impedance matrices of the attached masses and isolators at the
appropriate location. The resulting assembled foundation impedance matrix Zy, in one
plane (e.g., the xz plane) is of the form

fx = Zvaxa (19)

where f, = [Fyy My Fra My Fyr Myg]" is the column vector of external forces and
moments on the foundation in the xz plane, and v, = [V;1 Q4 V2 Q-+ Vi Q1" is the
column vector of linear and angular velocities in the xz plane at the foundation stations. R is
the total number of foundation stations (N < R, where N is the number of bearing
pedestals). Since external forces on the foundation assembly are only applied at the bearing
pedestals, and the angular velocities at the foundation stations are not required, matrix
Zp, may be reduced to an N x N matrix, Z,,. This is achieved first by applying the exact
static reduction technique that is used in finite element statics to remove all the rotational
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co-ordinates from the static stiffness matrix [11]. The resulting matrix is then inverted and
the gth row and gth column are deleted, where ¢ is the number of a foundation station at
which there is no bearing pedestal attached (and hence no external applied force). The
resulting matrix is then re-inverted back to yield Z,,. A similar process is applied to the
foundation movement in the yz plane to give Z,,. The two matrices Z,, and Z,, are then
combined to give the matrix Z, as in equation (16).

2.4. THE COUPLED SYSTEM

The 2N x 1 foundation forcing vector f, in equation (16) contains the forces exerted by
the bearings on the foundation: i.e.,

ff = [bexl(Vfl - 1) Zbyyl(V}l Vi) bexN(VfN — Wn) Zbny(V/fN - V?v)]T~ (20)
Hence equation (16) can be written as

where f; = [Zpe1 Vi Zogp1 Vi Zoxan Vi Zogpn Vv 1" and Z; = Z; + Ay where A is a 2N x 2N
diagonal matrix of bearing impedances given by

Zpxx1
Zbyy1
Ar= - . (22)
ZpxxN

Zbny

The final step in assembling the overall impedance matrix Z of the coupled
rotor-bearing-foundation assembly is the integration of the system of equations given by
equation (11) for the rotor-bearing subsystem and equation (21) for the bearing-foundation
subsystem. The final result is found to be

f=2Zv, (23)

Where V= [Vl V’l Ql Q’l VM V}\,[ QM QQ\,[ Vfl V’fl VfN V}N]T and

. % Z
Clz 7y )

Z is of the order (4M + 2N) x (4M + 2N) and Z, and Z/; are the assembled rotor-bearing
and bearing-foundation matrices given in equations (11) and (21) respectively. Z, is
a 4M x 2N matrix which contains zeros everywhere except at entries which are filled in
according to the following algorithm.

If the pth bearing (p = 1, ..., N) is at the ith rotor station then insert the matrix — Zjy at
the {14+ 4G —1)}---{2 +4(G — 1)}th rows, {4M + 1 +2(p — 1)} ---{4M + 2 + 2(p — 1)th
columns of Z.

f is a column vector of forces external to the rotor-bearing-foundation system of length
(4M + 2N) which is constructed according to the following algorithm: (a) form a column
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vector of zeros of length (4M + 2N); (b) if, at the ith rotor station there is a disc add
(i) U;Q*e% to the {1 + 4(i — 1)}th row, (ii) U;Q%e/“ "2 to the {2 + 4(i — 1)}th row.

Apart from the assumption that there are no restraining moments at the bearings, the
above algorithm for fis valid if there are are no shear force and bending moments in the two
planes of bending at the ends of the rotor.

2.5. EXTENSION TO FLUID FILM JOURNAL BEARINGS

The model described above can be extended to linearized fluid film journal bearings by
generalizing the matrices Zg and A in equations (15) and (22) to include the cross-coupled
bearing impedance terms zy;, Zyyxi, as follows:

ZB _ |:bexi thyi:|, (153.)

Zbyxi Zbyyi

Zpxx1 beyl
Zbyxl Zbyyl
Ap= : (22a)
' ZpxxN beyN

Zbny Zbny

2.6. UNBALANCE RESPONSE, NATURAL FREQUENCIES, INSTABILITY ANALYSIS

For the unbalance response, synchronous vibration applies, i.c., = Q. Z and f in equation
(23) are determined for each speed and Z inverted to give v and hence the deflection vector
u = v/(jw). Thus the unbalance response at each rotor station and bearing pedestal can be
obtained. Moreover, for any speed, once u has been determined, the complex amplitudes X,
Y of the deflections at any arbitrary location P along the rotor can be determined exactly
[14]. The shaft orbit at P can be obtained for any speed by forming the complex number
w(t) = x(t) + jy(t), where x(t) = Re{Xe!*'}, y(t) = Re{Ye'} and plotting w(t) on an Argand
diagram from t = 0 to 27/w. From the sense of rotation of this plot about the origin it can
established whether the whirl is of the forward or reverse type at that speed. The critical
speeds are obtained directly from the maxima of the unbalance response.

The rotor and bearing pedestal velocities given by equation (23) are absolute values,
measured with respect to an inertial frame of reference. In practice, absolute accelerations of
bearing pedestal vibrations are generally measured. However, for rotor deflections,
proximity probes are more frequently used, which give the deflections of the shaft relative to
the foundation. For positions P on the rotor and Q on the foundation the relative
displacements are given by

Xr = XP - XQ, Yr = YP - YQ, (24a,b)

where Xp, Yp, Xy, Yo are absolute values. Equations (24a,b) essentially neglect any
“wobbling” of the foundation about the z-axis. If P and Q are not located at a bearing
pedestal a “dummy” bearing pedestal of zero bearing stiffness and damping and zero
pedestal mass can be inserted between P and Q as shown in Figure 4. Xp, Yp, Xy, Y will
then be obtained directly from equation (23).
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Figure 4. Insertion of dummy bearing and pedestal for the determination of relative motion.

For the determination of the natural frequencies and instability threshold speeds, general
(non-synchronous) vibration conditions are considered. The natural frequencies w, at
each speed Q are found by locating the zeros of the determinant of the impedance
matrix Z of the system and taking their real part. The instability threshold speeds could
also be found by observing the speeds where the imaginary part of these zeros changes
sign. The zeros of the determinant of Z are located by using Muller’s Algorithm
as in reference [7]. The critical speeds can also be obtained by finding where the speed Q
is equal to a natural frequency. Since the aim of the paper was to present and validate
a simple method of linking the foundation subsystem with the rotor-bearing subsystem,
the prediction of natural frequencies and instability threshold speeds was considered
outside the scope of this research, which was restricted to the determination of the
unbalance response and critical speeds from the maxima. Moreover, instability problems
arise due to the cross-coupled bearing impedance terms zy,,;, Zyyy; [ 11] which are significant
in fluid film journal bearings but negligible in rolling element bearings, as previously
mentioned.

3. MODEL VALIDATION

3.1. DESCRIPTION OF TEST RIG

The test rig used for the experimental verification of the coupled rotor-bearing-foundation
system model is shown in Figure 5. It was a modification of a Bentley Nevada Rotor Kit
RK4 and consisted of a mild steel 10 mm diameter shaft mounted on three nominally
identical double-row self-aligning ball bearings housed in three mild steel-bearing pedestals
BP1, BP2 and BP3. The shaft carried a 30 mm diameter steel disc termed the rotor mass
wheel W, into which known unbalance masses could be screwed. The shaft was connected to
the motor M via a flexible coupling. The foundation, which was entirely made of an
aluminium alloy consisted of a right-angled “V” section beam with three feet F1, F2, F3
attached. The whole assembly was supported by a thick layer of foam to provide suitable
isolation.

With reference to Figure 6 the model developed in the previous section was used to solve
two model problems, over a rotational speed range of 1500-12 000 rpm with a resolution of
30 rpm. The first problem (Problem I) was to find the absolute unbalance response at the
bearing pedestals BP1, BP2, BP3 and at positions P;-P, along the rotor by both the
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Figure 5. Coupled rotor-bearing-foundation system test rig (all dimensions in mm). (a) Side elevation, (b) View
on Section X-X.

theoretical and the hybrid models, and the second problem (Problem II) was to determine
the unbalance response of the points P; and P5 on the rotor relative to the foundation by
the theoretical model only. In the both problems the simulation made use of single,
speed-independent estimates for bearing stiffness (2 MN/m) and loss factor (0-2) for both the
x and y directions obtained by simple static tests, and which hence neglected any effect of
ball bearing rotation [11]. For the theoretical model solution the foundation subsystem was
modelled as a floating Timoshenko beam with attached rigid bodies as shown in Figure 7.
The reason for this was that for frequencies well above the fundamental frequency of the
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Figure 7. Simplified model of the foundation subsystem shown in Figure 6 (all dimension in m).

isolation (somewhere in the range 5-20 Hz) the presence of the isolation can be neglected
and the supported structure behaves as if floating freely in space [14]. The mass and
moment of inertia of each body (including the motor) were assumed to be concentrated at
the axial position (i.e., position along the z-axis) of the centre of mass of the body. For the
solution of Problem II dummy bearings were added between P; and Q5 and between Ps and
Q5. The simulations are compared with experimental results in section 4.

3.2. EXPERIMENTAL WORK

For the hybrid model the dynamic response of the foundation was required and this was
measured by using impact hammer excitation. Measurements were performed separately
for the vertical and horizontal planes. For these tests the rotor assembly was removed but
the bearings were retained in their pedestals. Strictly speaking, the bearings should have
been removed since they formed part of the rotor-bearing subsystem. However, their
removal would have affected their pre-load which in turn would alter their stiffness value
which had been previously measured. Because the mass of the bearings was less than 1/20th
of the bearing pedestal assembly mass the error introduced by retaining the bearings was
considered to be negligible. For all the tests a frequency range of 0-200 Hz and a resolution
of 0-5 Hz was used.
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Time constraints did not allow for the quantification of the residual unbalance due to
geometric inaccuracies in the disc and the lack of straightness of the machined shaft.
Hammer tests were therefore conducted on the stationary rig, enabling verification of the
predicted unbalance response curves for the two model problems over the speed range
1500-12 000 rpm. When using an impact hammer on the wheel W in the x direction, the
transfer accelerance between W and an arbitrary location P on the system, apy_ = A,/F,
can be measured, where A, is the acceleration at P due to the force F,. Now in rotation,
F. = Uw? and hence apy_ = A,/Uw* = — X/U where X = — A,/w? is the displacement at
P in the x direction due to the unbalance U at W. Similarly, for an impact at W in tbe

y direction the transfer accelerance between P and W is found to be apy, = — Y/(Ue™/2).
Hence, it is seen that the magnitudes of the frequency response functions apy and apy,,
respectively, give the displacement responses at P in the x and y directions for unit
unbalance at the wheel W. Hence, by using an unbalance of 1 kg in the simulations the
results can be directly compared with the measured accelerances discussed above.

For validation of the first problem three accelerometers were attached to points Py, P,,
P; shown in Figure 6 with their sensitivity axes along the y direction and a hammer blow
was applied at W in the y direction. The accelerances between W and P,, P,, P; were
measured. This procedure was repeated with at P,, Ps, Ps and again at the bearing
pedestals BP1, BP2, BP3. A similar procedure was then repeated for the x direction. For the
validation of the second problem two accelerometers were attached at points P; and Q3,
respectively, with their main sensitivity axes along the y direction, and the accelerances
between W and P53, Q5 were measured. The difference between these two accelerances gives
the y displacement response of Pj relative to Q3 for unit unbalance at W. This procedure
was repeated for Ps and Qs respectively. A similar procedure was then repeated for the
x direction.

The use of hammer tests on the stationary test rig to determine the unbalance response of
the rotating system is justified provided (a) the behaviour of the ball bearings is unaffected
by rotation, and (b) the vibrations in the x and y directions during rotation are uncoupled,
i.e., the gyroscopic effects due to the polar moment of inertia of the disc and the shaft are
negligible. Subject to these conditions, the measured resonance frequencies of a stationary
system can be considered as the critical speeds of the rotating system. Assumption (b) is
justified by noting that the polar moment of inertia of the wheel, at 0-5660 x 10~ > kg m? was
negligible. Needless to say, the distributed polar moment of inertia of the slender 10 mm
diameter shaft was even more negligible. As regards assumption (a), it is observed in
reference [11] that ball-bearings exhibit non-linearities in rotation. Hence, the static
hammer tests for this particular case study are adequate to verify all aspects of the model
except the assumption of linear behaviour of the bearings in rotation.

The instantaneous displacements in the x and y directions at P5 for 18 different speeds in
the range 1500-6000 rpm were measured by using Bentley Nevada RK4 proximity probes
P1 and P2 mounted in the respective directions at point P;. The sampling frequency was
4096 Hz and the record length 0-125s. The measured orbits were constructed from the
x and y displacements and show the motion of the shaft at P; during an interval of 0-125 s.

4. RESULTS AND DISCUSSION

Figure 8a-8d show the simulation results for the first problem obtained by using the
theoretical model for the absolute unbalance response at rotor position P (Figures 8(a,b))
and at bearing pedestal BP2 (Figures 8(c,d)) in the x and y directions. The hammer test
measurements are overlaid on the same axes. From these figures it can be seen that there is
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Figure 8. Absolute unbalance response in x and y directions at point P; and bearing pedestal No. 2 (BP2):
predictions from theoretical model compared with measurement (hammer test). (a) Unbalance response at P5 in
x direction, (b) Unbalance response at P in y direction, (c) Unbalance response at BP2 in x direction, (d)
Unbalance response at BP2 in y direction. ——, hammer test; — — - theoretical model.

good agreement between predictions and measurement in the y direction. The measured
critical speed in the y direction (7281 rpm) is slightly higher than the predictions from the
theoretical model (7161 rpm). The agreement is not so good in the x direction, especially for
the response at the bearing pedestal BP2 beyond 7000 rpm. In particular, the theoretical
model fails to predict a second critical speed measured at 10010 rpm. This speed
corresponds to a frequency of 167 Hz which was found to correspond to the first torsional
mode of the foundation. In fact, while the y-forces on the bearings of the coupled system
induce pure bending on the foundation beam, the x-forces will induce torsion in addition to
bending since their lines of action do not pass through the shear centre of the foundation
beam section. Moreover, the bending vibrations of the foundation in the xz plane will be
coupled with the torsional vibrations since the shear centre and the centroid of the
foundation beam section do not coincide [15]. The theoretical model ignores this torsion
effect completely. It can be seen in Figures 9(a-d) that the shortcomings of the theoretical
model with respect to the absolute response in the x direction, are overcome by the hybrid
model, which predicts critical speeds at 7025 and 10191 rpm.

The relative motion at P predicted by the theoretical model is shown in Figures 10(a,b)
with the hammer test measurements overlaid on the same axes. There is good agreement
between the predicted and measured relative response in the y direction, but not as good
agreement as in the x direction. By comparing Figures 8(a,b) and 10(a,b), it can be noted
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that the antiresonance at around 2849 rpm in the absolute response (Figures 8a,b) does not
appear in the relative response (Figures 10(a,b)). From Figures 10(a,b) it is also seen that for
both simulation and measurement the relative responses in the x and y directions are
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practically equal in magnitude at all speeds. They were also found to be in quadrature at all
speeds which means that the shaft orbits should be circular, subject to the condition that the
ball bearings remain linear in rotation. Because the relative responses in the x and y directions
for both simulation and measurement are practically in quadrature at all speeds this indicates
a low degree of damping despite relatively high damping in the bearings. This is attributed to
the fact that the only damping forces in the system act at the bearings where the vibration of
the shaft relative to the foundation (and hence the energy dissipation) is very low. The peak
measured at around 13 Hz visible in all Figures 8-10 is the foam isolation resonance.

In Figures 11(a,b) the amplitudes of vibration in the x and y directions at point Pj,
measured from the proximity probes are plotted for 18 speeds in the range 1500-6000 rpm.
The theoretical response, obtained by multiplying the relative response in Figures 10a,b
(which refers to an unbalance of 1 kg) by the added unbalance of 2 x 1073 kg x 30 x 10~ 3 m,
is overlaid on the same axes. It is observed that the measured response is invariably greater
than that predicted, which suggests that there is a high degree of unknown residual
unbalance. It is also observed that for speeds greater than around 4250 rpm the slope of an
imaginary curve through the measurement points roughly follows the slope of the
theoretical curve, which indicates that indicates that the model is valid for these speeds. For
speeds less than around 4250 rpm the slope of the curve through these points does not
follow the slope of the theoretical curve. In fact, the measured orbits show that a transition
from non-linearity to linearity occurs as the speed increases from 3500 to 4500 rpm and that
this transition is characterized by a stage of chaos at 4000 rpm as shown in Figure 12(a).
Such chaotic behaviour of ball bearings in rotation is described in reference [16]. For
speeds above 4500 rpm the non-linearities disappear and the measured orbits are nearly
perfect circles, as predicted (see Figure 12(b)).

Figures 13(a,b) compare the predictions for the absolute unbalance response at point
P; with and without foundation movement taken into account: the inclusion of the
foundation movement results in an increase in the first critical speed by 6%. This can be
easily explained by considering a Jeffcott rotor of mass m supported on a floating rigid
foundation of mass M. The fundamental resonance, w. = ./k(1 + p)/m (rad/s) where
u =m/M and k is the equivalent stiffness of the shaft and the bearings. Hence, since p # 0,
o, 1s always greater than the fundamental resonance of the Jeffcott Rotor when mounted on
a fixed foundation, w, = /k/m.
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Figure 11. Relative unbalance response in x and y directions at point Ps: predictions from theoretical model
compared with measurement (proximitors). (a) Unbalance response in x direction, (b) Unbalance response in
y direction. , theoretical model; + , measurement.
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5. CONCLUSIONS AND FUTURE DEVELOPMENT

A mechanical impedance model of a coupled rotor-bearing-foundation system has been
developed and partially validated in this paper. This modelling approach has the advantage
that it can accomodate a mixture of theoretical and experimental models in the description
of a coupled system. Two versions of the model were illustrated; an entirely theoretical
model where the foundation was modelled as a beam and a hybrid model that included
some measurements of the foundation dynamics. An error in the theoretical model
prediction because of neglect of the torsional motion of the foundation was overcome by
using the hybrid model. Gyroscopic effects were negligible in the test rig used and hence for
the study reported here stationary testing using an impact hammer verified all aspects of the
model developed except the assumption of linear behaviour of the ball bearings under
rotating conditions. The measured shapes of the orbits showed that at low speeds
non-linearities were evident in the test rig. However, these non-linearities disappeared at
high speeds and circular orbits, as predicted by the model, were measured.

The main advantages of such a method are found to be the reduced number of degrees of
freedom and the facility of including in the model either foundation dynamics
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measurements, where this is possible, or an analytical model of the foundation. The latter
need not be determined by the mechanical impedance method itself. The analogous
dynamic stiffness method has been already been shown to be capable of determining natural
frequencies and instability threshold speeds for rotor-bearing systems with linearized fluid
film-bearing models. Moreover, although the mechanical impedance and its dynamic
stiffness analogue ostensibly apply to linear systems, they can be applied to problems where
linear elements are coupled with non-linear elements, for example a rotor supported on
squeeze film bearings. The frequency response functions (mobilities, receptances) easily and
directly computed with such methods for the linear subsystem can be included in harmonic
balance calculations for the combined non-linear system. This is currently the subject of
further research and will be reported on in the near future.
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APPENDIX A: NOMENCLATURE

A cross-sectional area of shaft/beam segment

E Young’s modulus

Fy, Fly, complex amplitudes of force at bearing pedestal no. p in X, y directions respectively
G shear modulus
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rotor station number (i = 1,..., M)

second moment of area of shaft element section

polar and transverse moments inertia per unit length

polar and transverse moments of inertia of disc at rotor station no. i respectively
second moments of area of foundation section about neutral axis of bending in yz and
xz planes respectively

complex stiffness in x direction of bearing at rotor station no. i: kyy; = kpxi(1 + jfpxi)
where kj,; is the elastic stiffness and n,,; the loss factor; similarly for k,,;, with respect
to the y direction

complex stiffness in x direction of foundation isolation mounting at foundation
station no. r; Efx, = k(1 4 jnyx), where kj,, is the elastic stiffness and 7, the loss
factor; similarly for k., with respect to the y direction

length of shaft/beam segment

mass per unit length

mass of disc at rotor station no. i

bending moments in xz and yz planes, respectively, at a general position z
complex amplitudes of bending moment at left-hand (LH) end of shaft segment n in xz,
yz planes respectively

complex amplitudes of bending moment at right-hand (RH) end of shaft segment n in
Xz, yz planes respectively

shaft segment number (n=1,...,M — 1)

bearing pedestal number (p = 1,...,N)

shear force in x and y directions, respectively, at a general position z

complex amplitudes of shear force at LH end of shaft segment n in x, y directions
respectively

complex amplitudes of shear force at RH end of shaft segment n in x, y directions
respectively

foundation station number (r = 1,...,R)

radius of gyration about a diameter, I, = mrd

transpose

complex amplitudes of linear velocity of foundation in x, y directions, respectively, at
bearing pedestal no. p

complex amplitudes of linear velocity at rotor station no. i in x, y directions
respectively

complex amplitudes of linear velocity at LH end of shaft segment n in x, y directions
respectively

complex amplitudes of linear velocity at RH end of shaft segment n in x, y directions
respectively

linear deflections at a general position z at time ¢ in x and y directions respectively
complex amplitudes of linear displacement at rotor station no. i in x, y directions
respectively

circular frequency of vibration (rad/s)

rotational speed of rotor (rad/s)

shear coeflicient

material density

rotation of cross-section at a general position z at time ¢ in xz and yz planes
respectively

complex amplitudes of angular deflections at rotor station no. i in xz, yz planes
respectively

complex amplitudes of angular velocities at LH end of shaft segment n in xz, yz planes
respectively

complex amplitudes of angular velocities at RH end of shaft segment n in xz, yz planes
respectively
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