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Abstract

The effect of very high-frequency excitation on the slow dynamics of a class of non-linearly damped
mechanical oscillators is considered. Two different models of damping namely, piecewise linear and pth
power damping are considered. Fast excitation is modelled as triangular, sinusoidal and random base
excitation. The effect of fast excitation is theoretically analyzed using the method of direct partition of
motion (MDPM) and direct simulation. The method of numerical averaging is also used, where damping
characteristics or excitations are not amenable to analytical techniques. Fast excitation has the non-trivial
effect of increasing and decreasing the low-velocity damping of hard and soft dampers, respectively. The
effect of fast excitation on the transient and steady state slow dynamics of the system is investigated by
direct numerical integration of the equation of motion.
© 2002 Elsevier Science Ltd. All rights reserved.

1. Introduction

Fast vibration refers to low-amplitude high-frequency excitation involving a time-period much
shorter than the natural period of the system it is applied on. When a linear second order system is
subjected to an excitation having a frequency very high compared to its natural frequency, no
significant effect is observed in the dynamics at a time scale comparable to the natural period of
the system. This is because of the fact that a second order linear system essentially acts as a band
pass filter and filters out any frequency very much away from its natural frequency. However,
recent research has revealed that non-linear systems, in general, cannot be treated as band pass
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filters. Even a very high-frequency excitation may possibly have significant effect on the dynamics
of non-linear systems at a time scale comparable to the natural time period (if any) of the system.

Use of high-frequency dither signal is well known to control engineers [1,2]. In control system
applications, dither is used to smoothen out non-smooth non-linear characteristics (viz. dead
zone, backlash, etc.) of various devices. Non-trivial effect of fast excitation is also known to
dynamists. High-frequency support vibration is known to have stabilizing effect on inverted
pendulum [3-9]. Theoretical and experimental research have been carried out to understand this
stabilizing effect of fast support vibration (a form of parametric excitation) on the dynamics of
inverted pendulum and related systems. Use of high-frequency vibration to minimize stick-slip
motion of machine tool slide and low-velocity drives are reported in the literature [10,11]. When a
body moves on a solid surface, stick-slip occurs at low-velocity of motion. Stick-slip motion is
identified with the drooping characteristics of friction at low-velocity. When the solid surface
vibrates with a very high-frequency in a direction normal/tangential to the slow velocity of the
body, the negatively sloped friction force at low-velocity is flattened out and stick-slip is
eliminated.

The effect of high-frequency vibration on non-linear elastic properties of material has been a
great deal of interest in recent times. It is understood that new properties are possible to form by
applying suitable high-frequency vibration [12-19]. The high-frequency excitation remains
effectively unobserved in the response but its effect on system properties, as far as the slow
dynamics are concerned, is tremendous and sometimes exotic too.

The non-trivial effect of fast vibration on the dynamics of non-linear systems, often called the
fast vibration phenomena, has already found various practical applications [14]. Application of
fast vibration in material transportation is reported in the literature [20-23].

The present paper deals with the effect of fast vibration on a class of non-linearly damped
single-degree-of-freedom mechanical oscillators. Two different types of models of non-linear
damping, namely piece-wise linear and pth power damping are considered. Fast excitation may be
modelled by any periodic function having a short time period or a random signal with a PSD
function concentrated near a frequency range far away from the natural frequency of the system.
In the present theoretical investigation, triangular pulse periodic vibration, single harmonic
sinusoid and high-frequency random excitations are considered as the models of fast excitation.
The fast vibration is applied as base excitation to a single-degree-of-freedom non-linear oscillator.
The method of direct partition of motion (MDPM) is used to analyze the effect of fast vibration
on the slow dynamics of the system. Theoretical results reveal an average effect of high-frequency
excitation on the slow dynamics of the system. Finally, direct numerical simulation of the
equation of motion is carried out to validate the analytical results.

2. Theoretical analysis: method of direct partition of motion

A mathematical model of a single-degree-of-freedom oscillator with non-linear damping is
depicted in Fig. 1. The oscillator is subjected to a high-frequency base excitation x,. The non-
dimensional equation of motion of the oscillator is written as

X+fu(X)+X=-X, 2.1
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k /kj/Non-linear damper
Xe
I ~ Vibrating base

Fig. 1. Mathematical model of single-degree-of-freedom non-linearly damped mechanical oscillator with base
excitation.

where dot (.) denotes differentiation with respect to non-dimensional time
T = wt.

Other non-dimensional quantities are described below:
k Xe
w:\/—;n X:lz y:x_xc’a XvL’:_Lp
m X0 X0
where x( is an arbitrary length.
2.1. Model I: piece-wise linear damping with triangular pulse fast excitation

A piece-wise linear damping function is depicted in Fig. 2(a). The corresponding non-
dimensional form of the damping function f;(.) is mathematically described as

Ja(X) = h{HV, — |X) + 2H(X] — Vo)) = hf (X), (2.2)
where
h=-5"and Vo = VC.
maw WX

H(.) is the Heaviside step function defined as

H) 1, i>=0,
1) =
0, i<O.

For mathematical convenience, a triangular pulse periodic excitation is considered in this section.
The displacement and the velocity time history of the base excitation are shown in Figs. 3(a) and
(b), respectively. As the base excitation is a high-frequency low-amplitude vibration, one can
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Fig. 2. Plots of non-linear damping characteristics considered in the present paper: (a) piecewise linear damping and (b)
pth power damping.

assume that the time-period (7y) and amplitude (¢/4) are very small quantities. Thus,
To«1, g«1 and 9 _ O(1).
Ty

According to the MDPM [10,12], one can split the motion X(r) into slow (Z) and fast (¢)
components as follows:

X()=Z() + Top(z, T), (2.3)
where
T=T,'t
with
Ty
(oY =Ty" | ¢k, T)dT =0 (2.4)
0

One may note that in Eq. (2.3), the dynamics is described in two time scales T and 7. Figs. 3(c) and
(d) depict the base excitation in time scale 7. From Eq. (2.3) one obtains

X)) = Z(t) + ¢ + Too, (2.5)

X() = Z() + ¢"Ty " +2¢" + Tod, (2.6)

where ' denotes differentiation with respect to time 7.
Inserting (2.3), (2.5) and (2.6) into Eq. (2.1), one finally obtains

"= —THZ 420 +f(Z+ ¢+ (Z + Tod)} — ToX. + O(Ty) 2.7)
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Fig. 3. Triangular pulse fast excitation and its derivative.

A first order form of Eq. (2.5) is given
¢ = —TyX,. (2.8)

Integrating Eq. (2.8) once, one obtains
az_n/&ﬂT:_/xmz_m. (29)

From Eq. (2.9), one observes that the time history of ¢’ is similar to as shown in Fig. 3(c) only
with a reverse sign.
Let

Ty'g=W. (2.10)
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Using Eq. (2.5), one finally obtains the slow dynamics of the system (in the time scale 7) by
averaging Eq. (2.7) over a time-period Tj. The slow dynamics is given by

Z+h{f(Z+ ¢y +Z=0. (2.11)
Using the time history of ¢’ as described in Eq. (2.9), one obtains
SEZ+ )y =(Z+ WHV, —|Z+ W)+ H(Z+ W| = Vy)} /2

+(Z—W)HWV, —|Z— W)+ H(Z — W|— Vp)} /2. (2.12)
Let
W = oV.
Two different cases, depending on the values of «, are discussed below.
Case I: a<1.
For a<1:
fY=27Z, Yo<Z<(l—a)V,,
(y = 24 s WEZD i —ayr<z<( + o)W, (2.13)
Y =2Z, YA+ u)Vy<Z< .
Case 1I: a>1
Foroa>1:
fY =22, YO<Z<(a— 1)V,
Gy 2 AEDTWEZD vy hypy<z<( oy, (2.14)

2 b
Y =27, VA+a)Vy<Z< 0.

Eqgs. (2.13) and (2.14) express {f > only for positive values of Z. However, one should note that
{f> is symmetric function of Z.

2.1.1. Results and discussions on model 1

From the above analysis, it is understood that the effect of fast vibration on the slow dynamics
of the system, originally described by non-autonomous differential equation (2.1), is effectively
analyzed by an approximate autonomous differential Eq. (2.11). One can observe from Eq. (2.11)
that high-frequency base excitation influences only the damping characteristics of the system at a
time scale comparable to the natural period of it.

Depending on the values of A, the damper may be soft (A< 1) or hard (1> 1). Therefore, two
different cases are considered here. The effect of fast vibration on soft dampers is depicted in
Figs. 4(a) and (b) for two different values of «. The effect of fast vibration on hard dampers is
depicted in Figs. 4(c) and (d). For the type of system and excitation considered here, damping
force may be described in three velocity ranges (a function of excitation strength W) viz. low,
medium and high. In the present context, as one is interested only in slow dynamics, the low-
velocity damping characteristics is of importance. From Figs. 4(a)—(d) few general conclusions
may be drawn and these are in order.
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Fig. 4. Effect of fast vibration on piecewise linear damping: +, with fast vibration; O, without fast vibration. Vy = 1.
(a)2=05,0=05(b)A1=05a=15 () A=2.0,0=0.5,(d) 1 =2.0,a=1.5.

When damper characteristics is soft (A< 1) and fast excitation is weak (z<1), the very low-
velocity and the very high-velocity damping remains unchanged and only the medium-velocity
damping is influenced (Fig. 4(a)). With the increase of the strength of excitation («), the range of
influence extends both in the low- and high-velocity zone.

When the damper characteristics is soft and the fast excitation is strong (« > 1), both the low-
and medium-velocity damping is affected. However, the very high-velocity damping remains
unchanged. As seen from Fig. 4(b), the low-velocity damping is reduced by the fast excitation. The
low-velocity damping decreases with the increase of the strength of excitation and the range of
influence extends towards the higher velocity. The very high-velocity range, where damping
remains unchanged, is shifted towards higher velocity.

When the damper characteristics is hard and the excitation is weak, as shown in Fig. 4(c),

conclusions are the same as in the case of soft damper and weak excitation.
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When the damper is hard and the excitation is strong, as shown in Fig. 4(d), the low-velocity
damping increases and the high-velocity damping remains unchanged. The low-velocity damping
increases with the increase of the strength of excitation and the range of influence extends towards
higher velocity. The high-velocity range of non-influence is shifted towards higher velocity.

2.2. Model II: pth power damping with triangular pulse fast excitation

With the non-linear damper obeying pth power damping law (Fig. 2(b)) the damping term f;(.)
in Eq. (2.1) assumes the following form:

Ja(X) = hf (X),
where
f(X) = X1xp-! (2.15)
and
L ol a2
m

It is to be noted here that pth power law models a wide class of non-linear damping. Theoretically
p can assume any value. However, for the present analysis p is restricted to be semi-positive (stable
systems). p = 0 signifies Coulomb’s dry friction damping, where as p = 1 and 2 signify quadratic
and cubic damping, respectively.

Following the same analysis as described in the case of model I, one arrives at the following
equation describing the slow dynamics of the system:

Z+hif(Z+¢)> +Z=0, (2.16)
where the shape of ¢’ is as described earlier in Eq. (2.9).
One obtains the average damping characteristic {f ) as given below:
. WZ+WNZ+ WP +(Z-W)Z—-wp

Average damping functions for four different cases of p are discussed below:
Case 1. p=odd integer

p—1 AV
Sr=> <r>zp 148 (2.18)

r=0,2,4
Case 11: p=-even integer

_{sen(Z+ WYZ+ WY +sgn(Z — WYZ — WY}
D= > :

Thus,
I

Sy=3 (’:)Z‘P—"W", YO<|Z|< W,

=13

=
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S = i <p>z'P"Wr, VW <|Z]< 0. (2.19)
r=024\ "
Case I1I: p =0
o = {sgn(Z + W)—;sgn(Z— W)}'
Thus

(fY=0, Yo<|ZI<W,
r=1, VW<|Z<ow. (2.20)

Case 1V: p =positive fraction

> = i PO Delp=rt Dy, 221)

r=1,3,...

2.2.1. Results and discussions on model 11

As in the case of model I, here also the effect of fast vibration is described effectively by an
autonomous Eq. (2.16). For easy understanding of the effect of fast vibration on low-velocity
damping, few typical values of the damping involution p are considered below:

For p=12:

fS =2WZNO<|Z|<W

= (2% + WHsgn(Z), VW <|Z|< . (2.22)

For p =3:
S =@BW?Z+ 23). (2.23)

For p=25:
Y = (22 +10W 2 + 5W42) (2.24)

It is observed from Egs. (2.22)—(2.24) that as a result of fast excitation, original pth power
damping function, expressed as monomial functions of velocity (for unidirectional velocity),
changes to polynomial functions containing lower (<p) order terms of velocity. Consequently,
damping increases at low-velocity.

Non-linear dampers with pth power damping law can be classified as soft and hard dampers
depending on the values of p. Soft dampers are modelled by p<1 and hard dampers are modelled
by p > 1. The effect of fast vibration on soft and hard pth power dampers is best understood from
Figs. 5(a)—(d), where average damping function {f > are plotted for different values of p (3, 2, 0.5,
0). From the above analysis and Figs. 5(a)—(d) few general conclusions can be made regarding the
effect of fast vibration on pth power damping.

Hard dampers (p > 1) produce higher damping force at high velocity. However, damping force
is generally very poor at low-velocity. Fast vibration, as shown in Figs. 5(a) and (b), increases low-
velocity damping of hard dampers.
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Fig. 5. Effect of fast vibration on pth power damping. ——, with fast vibration; --------- , without fast vibration.

W=1.@p=2,b)p=3,()p=0.5,(d)p=0.

However, the low-velocity damping of soft dampers (p<1) is reduced by fast excitation. The
effect of fast excitation on soft dampers is shown in Figs. 5(c)—(d). As mentioned earlier, p = 0
corresponds to friction damping and represents an extreme case of soft damping characteristics.

2.3. Model III: pth power damping with sinusoidal fast excitation

In case of pth power damper with harmonic fast excitation x, = Q sin(wy?), equation of motion
assumes the following form

X+ hX1XP~' + X = g% sin(Qn), (2.25)

where
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and
q=0/x0, Q=owr/o.

Using the same technique as elaborated in previous sections, one obtains an equivalent
autonomous equation

Z+h{f(Z+ ) +Z=0. (2.26)
Using Eq. (2.9) one obtains
¢’ = —qQ cos(Qr). (2.27)
Thus, effective damping function is given by
1 2 . .
fy = o (Z — qQ cos(Q0))|Z — q Q cos(Qr)P ! d(Q). (2.28)
0

Now depending on the values of p, three different cases are considered below:
Case I: p=odd integer

1 & [(r+1)/2),,
Sy =x5 Z( )(9) 2 2 (2.29)

45, r(r+2/2"
For example, when p = 3, the effective damping function becomes
fy =20 +3q9)°Z. (2.30)
Case 1I: Quadratic damping (p = 2)

I = %{(277: —40\)(Z° + ¢°Q*/2) + 6qQ|Z|sin(0,)}Sgn(Z), V0<|Z|<qQ,
Y =(22 +¢2%*/2)Sgn(Z), YO0<|Z|< 0. (2.31)

(12
0, = 1
| = COS (q 0
Case 11I: friction damping (p=0)

> = {12000 (2) st cii<se
i qQ
> =Sen(2), V¥qQ<|Z|< . (2.32)

with

2.3.1. Results and discussions on model I11

From Eqgs. (2.29)—(2.32) it is obvious that harmonic fast excitation modifies the low-velocity
damping in a similar fashion as discussed in case of model II. Effective damping functions are
shown in Figs. 6(a)—(c) for p =3, 2 and 0.

One may note that analytical results are difficult to obtain for even integer (> 2) and positive
fractional values of p as well as arbitrarily complicated damping characteristics and fast
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excitation. In such cases, numerical techniques may be adopted to compute the damping function.
In what follows a numerical method is described to compute the average damping function in
presence of fast excitation.

3. Method of numerical averaging: random excitation

In the above analysis, fast vibration has been taken to be either harmonic or triangular pulse
type. However, when damping function is complicated and fast excitation is complex it is difficult
to obtain a closed-form solution of the problem. In this section, a numerical method (the method
of numerical averaging (MNA)) for computing effective damping function is discussed.

Effective damping function is computed according to the following equation:

1 T
Sy =g [ 10+ e G

where V is the slow velocity of motion, e(¢) is the velocity of fast excitation and 7 is the sample
period of e(¢). The value of T is of the same order of magnitude as natural period of the system.
Average damping function {f) can be computed analytically for some simple cases. One such
example is discussed below.

For the dampers following pth power (where p is odd integer) damping law, one computes the

average damping function as
P\, ol [T ,
{fy = Vi T {e(?)}" de]. (3.2)
r 0

Y =V3+3Vd, (3.3)

For p = 3, one obtains
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represents the variance of the samples of the random signal over time period 7.

For even integer and fractional values of p, computation of the average in a closed form is
difficult. In such cases, the method of numerical averaging may be used to calculate effective
damping functions. In what follows the method of numerical averaging is described in details.

The effective damping is numerically computed according to Eq. (3.1). A random signal e * (¢)
is constructed by assigning random numbers (uniformly distributed between —1 and 1) to small
uniform sampling intervals (order of magnitude few order less than the natural period of the
system). In the present paper, a sampling interval 0.0001 and a total sample period 1 are used. The
random fast excitation e(z) is constructed by further processing e * (¢) through a band pass filter
with a pass band frequency lying between 1000 and 5000 Hz. The filtered signal e(¢), thus formed,
is shown in Fig. 7(a) and (b) and used for numerical averaging. The random signal e(¢) is added to
V' (a constant parameter) to compute /(¥ + e(¢)) and sampled at regular time interval 0.01 over a
time period 1. The arithmetic average of the collected samples represents the value of the damping
function {f ) at velocity V. This procedure may be repeated for a number of different values of V
and finally the effective damping function is graphically constructed. This procedure may also be

where
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Fig. 7. Random high-frequency velocity excitation e(¢) used for numeric averaging: (a) FFT plot and (b) time history.
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applied for periodic excitation without any difficulty. Results of the numerical averaging are
described in the next section.

3.1. Results and discussions on the MNA

As analytical result is available for cubic damping (p = 3), this value of p is chosen for the
validation of the method of numerical averaging. The simulated damping function is shown in
Fig. 8(a). By fitting the data by a polynomial curve, one obtains the expression of the damping
function as

(Y =0.9947V3 +0.8V. (3.4)

Comparing Eq. (3.4) with (3.3) and noting that the sample variance of the random signal e(z) is
0.263, one proves the validity of the numerical averaging method. Fig. 8(b) shows the simulated
damping function for quadratic damping (p = 2). Here damping function is evaluated as

Y =0.5511V2 4+ 0.7207V. (3.5)

For integer values of p, one can naturally expect to obtain polynomial expressions of the
effective damping functions at low-velocity. In order to have a good estimate of low-velocity
damping for other complex damping characteristics, it is pertinent to compute only the slope of
the effective damping function near zero velocity (V' = 0).

4. Direct numerical simulation

From the expressions of the effective damping functions obtained in Sections 2 and 3, it may be
concluded that the low-velocity damping of hard dampers increases due to fast vibration. On the
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other hand, the low-velocity damping of soft dampers decreases due to fast excitation. In support
of the above conclusions, in this section, direct numerical integration of equation of motion (2.25)
is carried out to compute the response of the system under high-frequency harmonic excitation.
Numerical integration of Eq. (2.25) is carried out using the Runge—Kutta—Merson algorithm with
adaptive step size control (a NAG library subroutine). As only the slow dynamics of the system is
of major concern, the integrated results are sampled at a very low frequency (sampling interval
0.01 is used). Transient response of the system, in terms of the absolute displacement (X + X.) of
the vibrating mass, is computed. The effect of fast excitation on the transient response of the
system with hard damping (p = 2) is shown in Fig. 9. The transient response of the system with
soft damping (p = 0.5) is shown in Fig. 10.

It is already observed that the strength of the fast excitation, defined as the product of the
excitation amplitude and the frequency plays the dominant role in the expressions of the effective
damping. According to the assumptions of the MDPM, Q23> 1 and g2~ O(1). This is maintained in
numerical simulation by choosing a very small value of ¢ and a very large value of Q- In Figs. 9
and 10, Q is kept constant at 1000 and ¢ is varied to change the strength of excitation. It may be
mentioned that the effect of Q = 1000 and ¢ = 0.001 is the same as that of 2 = 10000 and
g = 0.0001. Theoretically, larger the values of Q better should be the matching between the results
obtained from Egs. (2.25) and (2.26). However, numerical simulation of Eq. (2.25) becomes
difficult for very high values of Q- From Fig. 9 it is observed that the rate of decay of vibration
increases with ¢. This validates the conclusion that the low-velocity damping of hard dampers
increases due to fast excitation. From Fig. 10, it is observed that the rate of decay of vibration
decreases as ¢ increases. This is also consistent with the conclusion that the low-velocity damping
of soft dampers decreases due to fast excitation.

1.0

0.0 H

X (1)

—0.5 +

—1.0 T T T T

T

Fig. 9. Effect of fast vibration on the transient response of a single-degree-of-freedom system with pth power damping.
p =2. ——, without fast vibration, ---, with fast vibration (¢ = 0.001, Q = 1000); ------ , with fast vibration
(¢ = 0.003, Q = 1000).
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Fig. 10. Effect of fast vibration on the transient response of a single-degree-of-freedom system with pth power
damping. p = 0.5, ——, without fast vibration, - - - with fast vibration (¢ = 0.001, Q = 1000); ----- with fast vibration
(¢ = 0.003, Q = 1000).

The theoretical analysis leads to the conclusions that Eq. (2.26) faithfully represents the slow
dynamics of the system described by Eq. (2.25) and the slow response of the system is exclusively a
function of ¢Q irrespective of the individual values of ¢ and Q- To demonstrate this numerically,
the excitation is assumed to contain a low-frequency harmonic component of the form sin(t)
along with the usual fast vibration. Thus, Egs. (2.25) and (2.26) assume the following forms as
given by

X+ hX|XP~' + X = ¢@® sin(Qr) + sin(r), (4.1)

Z+h{f(Z+ ¢')) + Z = sin(1). 4.2)
Egs. (4.1) and (4.2) are numerically integrated for the following set of values:

Set I: (¢ = 0.003, Q = 1000); ¢Q = 3;
Set II: (¢ = 0.0001, @ = 3000); ¢Q = 3.

Numerical results are shown in Figs. 11(a) and (b), from which it is observed that the steady
state responses are the same for the systems governed by Eqgs. (4.1) and (4.2). Responses are also
exactly equal for the data sets II and 1.

According to the theory of MDPM, autonomous equation (2.26) approximates the slow
behaviour of the original system governed by Eq. (2.25). Though the theory of MDPM assumes
that Q> 1, the theory does not provide any clear indication as for what range of values of Q
Eq. (2.26) faithfully represents the slow dynamics of the system. Thus, it is pertinent to look into
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(a)

0.4 H

N 0 10 20 30

Fig. 11. Comparison of actual response X (----) and average theretical response Z (——) obtained from MDPM: (a)
¢ =0.001, Q = 3000 and (b) ¢ = 0.003, Q = 1000.

the effect of the individual values of ¢ and 2, while keeping ¢Q2 constant, on the slow response of
the system. For this, Egs. (4.1) and (4.2) are numerically integrated for a third data set.

Set III: (¢ = 0.03, @ = 100); ¢Q = 3.

Corresponding slow response of the system is shown in Fig. 12. In Fig. 12, one may observe
prominent presence of the high-frequency component in the response of the original system given
by Eq. (4.1). The response the system governed by the average Eq. (4.2) follows the average trend
of the actual response. However, it is already observed that the high-frequency component is not
prominently present in the response shown in Figs. 11(a) and (b), where lower values of ¢ and
higher values of Q are used. A theoretical explanation of this behaviour is given below. The
frequency () of fast excitation being far away from the natural frequency of the system (unity in
the present case), one may approximately calculate the amplitude (A4,r) of high-frequency
component of the response of the system (Eq. (4.1)) as

g’ qQ G

Aypr——~qg=—=—, YOQ>1. 4.3
hf — o2 q 0 ?) > (4.3)

where
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Fig. 12. Comaprison of actual response (X) and average response (Z). & = 0.3, ¢ = 0.03, Q = 100.
response (Z); ------- , actual response (X).

, average

Thus for a fixed value of ¢€, the amplitude of high-frequency component of the response is
inversely proportional to the frequency of fast excitation and approximately equal to ¢. Therefore,
the first approximation of the MDPM (which suppresses the high-frequency component in the
response) is accurate only for infinitely large values Q and infinitesimally small values of g. As in
practice and also in numerical simulation both ¢ and Q are finite, the high-frequency component
(approximately equal to ¢) is present in the response.

5. Conclusions

The effect of very high-frequency low-amplitude vibration on a class of non-linearly damped
mechanical oscillator is discussed. Two different models of the damper, namely piecewise linear
damping and pth power models are considered. Fast vibration is modelled as triangular pulse
periodic excitation, harmonic and high-frequency random excitation. High-frequency excitation is
shown to have a major influence on the damping characteristics of the damper, particularly in the
low-velocity range. Effective damping functions are constructed either analytically or numerically.
The method of direct partition of motion is used to obtain analytical solution of the problem for
triangular and harmonic excitations. The method of numerical averaging is used, where analytical
solutions are difficult to obtain. From the analysis, it is concluded that the low-velocity damping
of hard damper increases and low-velocity damping of soft damper decreases due to fast
vibration. Direct numerical simulation of the system is performed to validate the above
conclusions. It is found that the strength of excitation, defined as the product of amplitude and
frequency of excitation, decides the value of the average effective damping irrespective of the
individual values of the amplitude and frequency of fast excitation.

Finally, it is to mention that the results of the present study have an immense practical
importance. Fast vibration may be used as a technique to control damping characteristics of
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non-linear dampers in active and semi-active control schemes of dynamical systems. For practical
implementation of this concept, further experimental investigations are required in this direction.
However, at this point a note of caution may be issued for those experimentalists who are
involved in modelling damping characteristics of non-linear systems. Experiment is generally
performed to model damping in a frequency range around lower order natural frequencies, as
damping is believed to play a dominant role in that range of frequencies. Due to the presence of
any unobserved high-frequency excitation, there is every possibility to obtain only an apparent
damping model that may be very much different from the actual one.
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