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1. Introduction

The noise of blower and fan mainly consists of vibration-induced noise and flow-induced noise.
In this paper, only the flow-induced noise is under consideration. The flow-induced noise is a
branch of “Aeroacoustics’, which is concerned with sound generated by aerodynamic forces or
motions. Thus, in order to predict the source of the flow-induced noise and its characteristics,
detailed information of the flow field has to be known priorly. However, the prediction of the
flow-induced noise still remains a difficult area because the unsteady flow field of the centrifugal
fan is hard to calculate. The numerical method to analyze the noise of a centrifugal fan has been
developed by Jeon and Lee [1-3] This method can predict the acoustic pressure with an accuracy
of maximum 2 dB error, compared with the measured data. The impeller is assumed to rotate with
a constant angular velocity. The flow field in the impeller is considered as incompressible and
inviscid. Based on these assumptions, the discrete vortex method (DVM) is used to describe the
flow field in the centrifugal fan. The force acting on each element of the blade is calculated by the
unsteady Bernoulli equation. In order to obtain acoustic farfield information from the unsteady
force fluctuations on the blade, Lowson’s equation [4] is employed in this study. The purpose of
this paper is to investigate the effects of rotating velocity, flow rate, cut-off distance and number
of blades on the noise of a centrifugal fan. In order to compare to the experimental data, the
centrifugal impeller with a wedge introduced by Weidemann [5] is used in the numerical
calculation and the results are compared with the Weidemann’s experimental data in the following
sections.
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2. Non-dimensional parameters
2.1. Flow coefficient and head coefficient

Flow coefficient is defined as

_ 0
B TCnguzj (1)

where Q and b mean the flow rate and width of the impeller, respectively; D, and u, mean the
outer diameter of the impeller and the tip velocity of the impeller exit, respectively.
Head coefficient is defined as
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U

where H is the calculated head and g is the gravity acceleration.
2.2. Strouhal number

The most important non-dimensional variable for the aeroacoustics is the Strouhal number
which is defined as
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where D means the characteristic length of the object and U is the flow velocity. This non-
dimensional variable is used to predict the frequency information of the flow noise. In the fan
noise case the Strouhal number is modified as follows:
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where Z is the number of impeller blades. In this definition, the characteristic length D is changed
to D(= nD/Z). The Strouhal number is 1 for the BPF and 2 for the second harmonic frequency.

3. Numerical methods

In this paper, computations are focused on the amplitude of tonal noise from the centrifugal
impeller. The discrete tone noise is generated due to the interaction between the cutoff in the
casing and the rotating impeller. To simulate the noise generation mechanism, only an impeller
and a wedge are considered without the casing, and the results are compared with experiment data
as shown in Fig. 1.

It is assumed that the impeller rotates with a constant angular velocity and the flow field of the
impeller is incompressible and inviscid. The flow fields are calculated by the DVM. The impeller
has Z number of blades and each blade has nc number of elements. Bound vortices are located at
the 1/4 point of each element and control points are taken at the 3/4 point of the element. Wake
vortices are shed at the trailing edge of the impeller at every time step to satisfy the Kelvin’s
theorem. Shed vortices are convected with the local induced velocity. The inlet flow is modelled as
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Fig. 1. Dimensions of the impeller and wedge [5].

a point source located at the center of the fan. The wedge is modelled as constant source panels
where the control points are taken at the center of the element. The induced velocity at a point of
the body (x) is calculated as

U(X(,’a t) = UQ(XC'a t) + UbU(XL‘, t) + UWU(Xw t) + US])(Xw t) (5)

The four terms on the right-hand side represents the velocity at x.; induced by the point source,
the velocity induced by bound vortices of the impeller, the velocity induced by wake vortices and
the velocity induced by source panels, respectively. The shed vortices are convected with the local
velocities.

The unknown strengths of the bound and wake vortices and the source panels are calculated
with the normal boundary condition, that is there is no flow across the surface boundary (Eq. (6))
and Kelvin’s theorem (Eq. (7a)) [1,6]:

[UQ(XL‘; l)j + Ubv(xc; t)j + Uwv(Xc; Z)j + Usp(xc; t)j] ' n(Xc)j

B Qn(x.); X X(1)), impeller, 6
B 0, wedge, ©
PLAD _ (7a)
[Z Ipi(2) + Z Iy()| =0. (7b)

k=1 k=1 m

Here, I',, is the total circulation of the mth blade, which includes the circulations of bound
vortex (I'p) of the blade and shed wake vortex (I',,). And m, nc and nv mean the number of blades,
and elements at each blade and shed vortex particles, respectively.
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The force on each element of the blade is calculated by the unsteady Bernoulli equation:

F, = p{U(X) r,A = Z Fbk}As], (8)

where F, T and As; are the normal force on the element, the tangential vector of the element and
the length of that element, respectively. p is the density of working fluid.

In 1965, Lowson derived the formula for the acoustic field generated by moving point force
from the wave equation [4]. The equation was derived for one point force case, and we apply the
equation to each element of the blade:

¥; oF, F; oM, H
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where

w, = Miri

(10)

Eq. (9) indicates that the acoustic pressure by a moving point force is calculated using the time
variation of force and acceleration. By applying this equation to each blade element, we can
predict the acoustic pressure in a free field. The effects of the scattering and reflection due to the
wedge are not considered; therefore, only the pattern of the noise source and its radiation to the
free field can be estimated.

If one wishes to analyze the centrifugal fan with the volute casing, an additional procedure is
necessary. The sound generated from the impeller will be scattered and reflected from the volute
casing. Therefore, the analysis of the acoustic field of the volute casing with the aeroacoustic
source is necessary for the complete prediction. This method was developed by Jeon and Lee and
verified with experimental data [3]. However, the effects are small for the present case of the
centrifugal impeller with a wedge.

4. Numerical results

The centrifugal impeller with a wedge placed close to the impeller tip is numerically analyzed.
Weidemann used the same configuration of the impeller and a wedge for the study of acoustic
similarity law [5]. The impeller has 6 blades and rotates at 12004100 r.p.m. The inlet diameter
and inlet angle of the impeller are 0.112 m and 23.4°, and the outlet diameter and outlet angle are
0.28 m and 33.5°. Numerical calculations of the flow field are conducted up to 30 non-dimensional
times, where one non-dimensional time means one revolution of the impeller. The impeller rotates
6° for each computational time step. Point for measurement and numerical calculation is located
1.96 m apart from the impeller center to the right-hand side of Fig. 1. Fig. 2 shows the variation of
the strength of shed vortex at each blade in the case of 3000 r.p.m. The strength of each wake
vortex varies periodically and this pattern is similar for each blade. These changes of the strength
cause the periodic variation of the force at each blade element. Because of this unsteady rotating
force of the impeller, discrete tones at BPF and its higher harmonics are generated. The
distribution of shed vortex particles are shown in Fig. 3 for selected times. The circular symbol
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Fig. 2. Variations of the shed vortex strength with time at each blade.
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Fig. 3. Distributions of the shed vortex particle.

represents clockwise rotating vortex particle, and the triangular symbol represents counter-
clockwise rotating vortex particle. The size of the symbol indicates the strength of the shed
vorticity. Impeller rotates in the counter-clockwise direction. We can find that the direction of
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Fig. 4. Comparison of numerical and experimental acoustic spectra.

shed vortex is changed as the impeller passes the wedge. As the impeller comes close to the wedge,
the higher negative vortices are generated at the tip of the blade. These variations occur
periodically and the unsteady fluctuation of the head is due to this periodic interactions.

Predicted acoustic pressure data are shown in Fig. 4. In the spectrum, it is shown that not only
the peak frequencies but also the amplitudes of the tonal sound are similar to the experimental
data. Hollow circle symbols represent measured data [5], and solid line is the spectra of the
acoustic pressure predicted by Lowson’s equation. The amplitudes at the blade passage frequency
and its harmonics are much higher than that of the broadband noise because of the small gap
distance between the impeller tip and the wedge.

In this paper, numerical parameters, such as rotating speed, flow rate, cut-off distance and
number of blades of the impeller, are changed to identify the acoustic characteristics of the
centrifugal impeller.

First, the effect of the rotating speed is considered. The rotating speed is changed from 1200 to
4100 r.p.m. The overall sound pressure level (SPL) was calculated for various r.p.m.s. The peaks
of the overall SPL at six peak frequencies are traced in Fig. 5. This pattern is similar to the
Weidemann’s results [S]. From the acoustic similarity law and the measured data by Weidemann,
it is known that the acoustic pressure is proportional to U>® [1,5] which is consistent with
Weidemann’s result as shown in Fig. 6.

Second, the effect of the cut-off distance on the acoustic pressure is calculated numerically. The
cut-off distance (d) is varied from 0.0028 m to 0.028 m. As the cut-off distance increases, the
sound pressure level decreases as shown in Fig. 7. The amplitudes at higher harmonic frequencies
decrease more steeply than those at BPF as the cut-off distance increases. In the case of 0.0028 m
cut-off distance, the amplitudes at BPF and its higher harmonic frequencies peaks are similar. But
for the 0.028 m cut-off distance case, the sound pressure level at BPF is 30 dB higher than that at
the fourth harmonic frequency. In Fig. 8, the theoretical head with no loss term is shown for
different cut-off distances. Fig. 8 shows the tendency of the head change for various rotating
velocities.

Third, the effect of the number of blades on the sound pressure is numerically calculated. The
number of blades is changed from 4 to 12. In this case, the impeller rotates 3° during each time
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Fig. 5. Sound pressure level of peak frequency by changing rotating r.p.m.
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Fig. 7. Variations of spectrum with slit width change.
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Fig. 8. Variations of SPL and head with slit width change.
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Fig. 9. Variations of SPL and head with blade number change.

step. In the numerical calculation, the number of blades does not effectively change the acoustic
pressure comparing with the cut-off distance. As the number of blades increases, the sound
pressure level at BPF increases slowly as shown in Fig. 9. However, the head increases rapidly.
These results show that the noise reduction method proposed by DLR is appropriate, even though
the method was applied in an axial fan [7]. They reduce the diameter of the fan and increase the
number of blades. If the diameter of the impeller is reduced, then the performance and noise will
be reduced. Therefore, in order to compensate the performance reduction, the number of blades
should be increased. Finally, low-noise impeller can be made without the loss of performance [7].

Fig. 10 shows the results of the flow rate change. The variation of head shows the characteristics
of the general performance curve of a centrifugal fan with the change of the flow rate coefficient
from 0.112 to 0.14, but the level of the noise is almost constant. Eq. (11) shows the general fan
sound law [8]. The general fan sound law shows that the change of the flow rate coefficient from
0.112 to 0.14 results in a change of noise by about 0.5 dB. This result is similar to the numerical one:

SPL = 101log,, Q + 101log,, P> + L, (11)

where L; is the specific noise level.
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Fig. 10. Variations of SPL and head with flow rate change.

If the flow rate is reduced, the flow pattern is changed such that the flow is separated at the
leading edge of the blade and the broadband noise increases. In this case, another new method
should be employed in order to calculate the leading edge separation [8]. So, we restrict the change
of the flow rate to a small range.

From the above numerical analyses, it is confirmed that the cut-off distance is the most
important factor for the noise of a centrifugal fan. The SPL at higher harmonic frequencies
decreases very steeply as the cut-off distance increases.

5. Conclusions

By using a numerical prediction method for the centrifugal fan noise, the characteristics of
acoustic pressure from the centrifugal impeller and wedge system were studied. Numerical results
and the measured data showed a consistency. The effects of design parameters, such as the
rotating velocity, the cut-off distance and the number of blades of the impeller, on the noise of the
fan were investigated. It was found that the most important factor for the noise of the centrifugal
fan, is the cut-off distance. The cut-off distance changes the sound pressure levels not only at BPF
but also at higher harmonics. As the cut-off distance increases, the amplitudes at higher harmonic
frequencies decrease very steeply. It was also observed that the number of blades does not affect
the noise level significantly.
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