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Abstract

This paper presents an active vibration control system for use with structural-acoustic coupling system
using piezoelectric actuators and piezoelectric sensors. For modelling a complicated 3-D vehicle cabin
model, the structural-acoustic coupling system is analyzed by combining the structural data from modal
testing with the acoustic data from the finite element method. Through the structural-acoustic analysis
program, the control plate and the control modes are selected, which are most effective for attenuating its
noise. A robust LQG controller with two sensor signal filters is designed to remove the experimental
problems such as the spillover effect due to uncontrolled modes. The robust LQG controller for the
structural-acoustic coupling system can reduce the interior noise of the cavity as well as the structural
vibration of the cabin.
© 2002 Elsevier Science Ltd. All rights reserved.

1. Introduction

Vibration and interior noise in vehicles have recently become more important as passengers
demand a more comfortable ride. They are mainly caused from power train and road input, and
are also caused from vibrating structures, which are actuated by rotating the power train and
driving the vehicle on the road. Among the various vehicle noise problems, structural-borne noise
such as booming, which is due to the coupling between the structural vibration and the interior
noise, has been investigated [1-4]. Acoustic mode shapes and acoustic natural frequencies are
dependent upon the design of a vehicle cavity, so it may be not easy to modify them in order to
reduce the structural-borne noise. Low-frequency noise in the passenger vehicle (in approximately
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the 20-200 Hz frequency range) is of primary interest, and particularly that noise which is
generated by the structural vibration of the wall panel of the vehicle cabin [2].

Piezoelectric materials such as lead zirconate titanate (PZT) and poly vinylidene fluoride
(PVDF) have been used as sensors and actuators in vibration control of flexible structures. The
piezoelectric materials are accurate in sensing and actuation, small, low weight, low cost, and
generate large forces without reaction. Many researchers have applied piezoelectric materials to
attenuate acoustic noise. Dimitriadis and Fuller [5] theoretically have investigated the active
control of sound transmission though a plate using piezoelectric materials, Fuller et al. [6,7], and
Clark and Fuller [8] experimentally have studied the active control of sound radiation from a
panel using piezoelectric materials. Sonti and Jones [9] have studied the control of sound radiation
from a shell structure. Jones and Fuller [10], and Fuller and Hansen [11] have shown attenuation
of interior noise by active vibration control on cylinder and aircraft using piezoelectric materials.
Snyder and Hansen [12] have derived the optimal control equation of the structural-acoustic
coupling system. Griffin et al. [13] have studied the feedback control of structurally radiated
sound into enclosed structures.

In this study, the structural vibration control instead of the fully structural-acoustic coupling
control is used for reducing not only the structural vibration but also the interior noise though the
structural-acoustic coupling analysis and the LQG structural vibration control. The active
vibration control for the structural-acoustic coupling system using piezoelectric materials is
presented. In order to solve the difficulty in modelling a complicated 3-D vehicle cabin, the
structural-acoustic coupling system is analyzed by combining the structural data which are
obtained by modal testing [14] with the acoustic data which are obtained by the finite element
method (FEM). Through the contribution analysis of the coupled system by acoustic—structural
analysis program (ASTAP) [4], a controlled plate and controlled modes are selected, which are
most effective for attenuating its noise. Piezoelectric actuators and piezoelectric sensors for
control are co-located in order to reduce the spillover effect. The design of controllers is on the
basis of a multi-input multi-output (MIMO) system [15,16]. The modal parameters of the
structure including the piezoelectric actuators and sensors can be obtained by the identification
method [17] with band-pass filters. And to solve the experimental problems such as the spillover
effect due to uncontrolled modes, a robust LQG controller is designed, using two sensor signal
filters. One is a low-pass filter for attenuating uncontrolled modal signals, and the other is a high-
pass filter for reducing DC bias in the sensor signal and making the gain of the robust controller
higher. These high- and low-pass filters can also attenuate temporal noise. The robust LQG
controller for structural vibration control can reduce the interior noise of the cavity as well as the
structural vibration of the cabin.

2. Interior sound pressure of a 3-D cavity

Interior sound pressure at any position r of a 3-D cavity is represented by ¢, or the acoustic—
structural modal coupling coefficient ¢/ as follows [4]:
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where subscript ¢ and s mean the ath acoustic mode and the sth structural mode, na and ns are the
acoustic modal number and structural modal number, ¢, and ¢, are the acoustic mode shape and
the structural mode shape, respectively. £, and &, are the acoustic modal damping coefficient and
the structural modal damping coefficient, p and ¢ are the mass density of air and the speed of
sound in air, and € and z are the resonance frequency and the impedance, respectively. I means
the boundary between the structure of a 3-D cabin and the acoustics of a cavity, and F means the
applied force on the structural system. Especially, ¢/ is the approaching coefficient between the
acoustic resonance frequency and the structural resonance frequency, which is determined by the
characteristics of the acoustic—structural system, not by the external force conditions or the
internal measurement points.

3. Structural-acoustic coupling system of a 3-D vehicle model
3.1. Structural modes of the 3-D vehicle cabin

Fig. 1 is a half-scaled model of a passenger vehicle, which is hanged to flexible rubber strings in
order to reduce the stiffness effect by boundary condition.

In a 3-D complicated structure like a vehicle cabin, it is not easy by the FEM to accurately
obtain the broadbanded structural mode shapes and those corresponding damping coefficients.
The structural data are obtained by modal testing instead of the FEM. An impact hammer, low-
mass accelerometers, a HP Front End, and a HP715/75 Workstation are used for accurately
measuring the structural mobility of the boundary. The multi-peak fitting method [18] is used for
the curve fitting procedure using a total of 326 frequency response functions obtained from 225
actuating and measuring positions. Even though low-frequency noise in the real passenger vehicle

Fig. 1. Half-scaled model of a passenger vehicle.
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(in approximately the 20-200Hz frequency range) is of primary interest [2,4], 30-300 Hz
frequency range is mainly of interest in this half-scaled model of a passenger vehicle.

More than 50 resonance peaks exist in the frequency range of 30-300 Hz and its corresponding
damping ratios are mostly small, less than 0.1%. The significant modes selected in 50 measured
structural modes are S1 (74.3 Hz), S2 (120.9 Hz), S3 (162.2 Hz), S4 (243.9 Hz), and S5 (272.3 Hz),
which contribute to the interior noise of the 3-D cavity. Fig. 2 shows structural mode shapes
which are obtained by modal testing.

3.2. Acoustic modes of the 3-D vehicle cavity

Fig. 3 shows the acoustic finite element model of a 3-D vehicle cavity, whose boundaries are
assumed as solid walls. Air density is 1.21 kg/m®, and air velocity is assumed as 340m/s. 1293
nodes and 5990 elements are used. For the comparison, acoustic modes and frequencies are
experimentally determined through a resonance test. It is not easy to determine acoustic modal
data experimentally because 3-D acoustic modal testing should be done in the cabin. The acoustic
natural frequencies by the FEM are near to those from experiments, as can be seen in Table 1. The
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Fig. 2. Structural mode shapes of a 3-D vehicle cabin model, which are obtained by modal testing: (a) 74.3 Hz, (b)
120.9 Hz, (¢) 162.2 Hz, (d) 243.9 Hz, and (e) 272.3 Hz.
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Fig. 3. Acoustic mode shapes by the FEM: (a) A1 mode (175Hz), and (b) A2 mode (262 Hz).

Table 1
Acoustic natural frequencies of a 3-D vehicle cavity model
Acoustic mode Mode shape Natural frequency (Hz)
Experiment Finite element method
Al (1,0, 0) 177 175
A2 0,1, 0) 257 262

reason why the measured and calculated resonance frequencies do not match exactly may be due
to a change from the rigid-walled natural frequencies. Another reason may be due to the shape
difference between the real model and the finite element model of a 3-D vehicle cavity.

3.3. Structural-acoustic coupling system of the 3-D vehicle model

Fig. 4 shows the structural-acoustic frequency response functions by experiment, which are
actuated at the center of the front left floor to actuate symmetric modes and antisymmetric modes
simultaneously, and are measured at the driver’s hearing point and the right rear hearing point.
Main peaks of interior noise appear at the resonance frequencies of the cabin’s structural modes
which act globally including the floor panel, while any peaks of interior noise are not seen at the
resonance frequencies of the cabin’s structural modes which act locally. Using the fact that local
structure modes have little effect on the interior noise, and that the magnitude of sound pressure
level varies greatly at a certain frequency according to the measuring position, it can be inferred
experimentally that the structural mode and the acoustic mode are coupled with each other. For
example, the sound pressure level near to the frequency of the first acoustic mode Al varies
greatly according to measuring positions in the cavity, which means the structural-acoustic modal
coupling coefficient is high due to close resonance frequencies between S3 and A1, and because the
driver’s hearing point is near the nodal plane of the first acoustic mode, the peak Al cannot be
seen in Fig. 4(a). The sound pressure level at frequencies nears the resonance frequencies of the
structural mode S2 varies little according to the measuring positions in the cavity, which means
that the structural-acoustic coupling sensitivity between S2 and Al is relatively low.

Fig. 5 shows the structural-acoustic frequency response functions by using the coupling
analysis program ASTAP [4], which are actuated and measured at the same positions as Fig. 4.
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Comparing the numerical results in Fig. 5 with the experimental results in Fig. 4, overall
characteristics are similar to each other. The structural-acoustic coupling system can be verified,
which is obtained by combining the structural data from modal testing with the acoustic data
from the FEM. Some differences between the numerical results and the experimental results may
be caused from the difference of measuring points between experiments and analyses, the
asymmetric structure of the cabin model for experiments, the inexact acoustic resonance
frequency between experiments and analyses, the uncertainty of damping coefficients and phases

in structural modes, existing acoustic damping characteristics. And the differences may also be
due to neglecting the stiffness residues.
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Fig. 4. Structural-acoustic frequency response functions by experiments: (a) driver’s hearing point and (b) rear right
hearing point.
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Fig. 5. Structural-acoustic frequency response functions by ASTAP: (a) driver’s hearing point and (b) rear right
hearing point.



C.K. Song et al. | Journal of Sound and Vibration 267 (2003) 851-865 857

Table 2 shows the dominant structural-acoustic modal coupling coefficients. Coefficients
¢y, Chy, Chy, and ¢ are relatively large, which means that the structural modes of S1, S3, S4, and
S5 can generate high levels of noise, when they are excited. The structural mode S1 is strongly
coupled with the first acoustic mode Al, and the structural modes of S3, S4, and S5 are strongly
coupled with the second acoustic mode A2. The level, of course, is also influenced by the exciting
and measuring positions, which are too complex to consider in detail for real ears.

Fig. 6 shows the boundary panel contribution [4] to the dominant structural-acoustic modal
coupling coefficients, which means that the darker the area is, the bigger the contribution to the
coupling coefficient is. Fig. 6(a) shows that the front window panel has the largest contribution to
the coupling coefficient ¢}, and Figs. 6(b)—(d) show that the floor plate has the largest coupling

Table 2
Structural-acoustic modal coupling coefficients (¢, x 10%)
Structural modes Acoustic modes
Al A2
175Hz 262 Hz
S1 74.3Hz —4.5 1.1
S2 120.9Hz -1.5 0.0
S3 162.2Hz -2.6 —6.0
S4 2439Hz —0.6 —6.7
S5 272.3Hz —0.1 6.7

(b)

(c) (d)

Fig. 6. Boundary panel contribution to the dominant structural-acoustic modal coupling coefficients (inclined bottom
view): (a) contribution to ¢};, (b) contribution to ¢, (¢) contribution to ¢, and (d) contribution to cs.
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coefficients of ¢, by, and c5s. Therefore, when the floor panel is selected as a control panel for
attenuating structural vibration, the interior noise of the cavity can also be attenuated effectively.
This control panel directly receives the power train vibration transferred through engine mounts
as well as the road vibration transferred through suspensions.

4. Structural-acoustic coupling system
4.1. Determination of control modes in a 3-D vehicle model

A half-sized 3-D vehicle model is used for structural-acoustic coupling system, as shown in
Fig. 7. The floor panel to be controlled is reinforced by two longitudinal beams and a lateral
beam, like that of the actual vehicle. The mode shapes of the structure are very complicated and
its modal density is much larger than the acoustic modal density. The more complicated the mode
shapes of the structure are, the more difficult it is to select actuating positions and measuring
positions. And the higher the modal density is, the more problems that occur in control
experiments. Many modes within broad frequency band cannot be simultaneously controlled in
real time, due to limited processing time. From these reasons, only a few modes must be
controlled in a structure with high modal density. And the spillover effect will occur at the
uncontrolled modes with resonance frequencies near to the resonance frequencies of the
controlled modes. To reduce the spillover effect, low- and high-pass filters can be used to filter
uncontrolled modal signals.

Three structural modes, which effect significantly on the interior noise of the vehicle cavity, are
selected as control modes in the control panel. They are S3 (162.2 Hz), S4 (243.9 Hz), and S5
(272.3Hz). Two co-located piezoelectric actuators and sensors are attached at positions where
these control modes can be measured and actuated very well. The first actuator and sensor are
relatively good for actuating and measuring modes S3 and S4 and the second actuator and sensor
are relatively good for actuating and measuring modes S3 and S5. These two pairs of actuators
and sensors also actuate and measure a weakly excited uncontrolled mode whose resonant

Fig. 7. Vehicle cabin model with bonded piezoelectric materials for a structural vibration control (bottom view).
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frequency is 304.1 Hz. The piezoelectric material in the experiment is G1195 PZT [19]. The density
is 7600 kg/m>, the strain constant is 166 x 10~ '?m/V, the permittivity is 151 x 10~'°, Young’s
modulus is 63 x 10° N/m?, and the Poisson ratio is 0.31.

4.2. Design of a robust LQG controller

The model in the state space for the three control modes, S3, S4, and S5, can be obtained as
Ww(t) = Aw(t) + Bu(t),

z(1) = Cw(?), (2)

where the state vector is w(f) = [w1(¢), w1(£), wa(£), Wwa(2), w(£), w3(£)]", the actuator input vector is

u(f) = [u1(7), u»(1)]", the sensor output vector is z(z) = [z1(), z»(¢)]". The matrices 4, B, and C are
the system matrices, which can be obtained from experimental data using digital spatial filters [17]

A= dlag(Al 5 AZ: A?))s

0 1 0 1 0 1
A = , Ar= , Az = ,
—1038100 —2.6491 —2349200 —3.4449 —2927900 —-2.0635

o —2235 0 7232 0 —23414]"
T {0 604 0 —19855 0 —4830 |’

B 1 0 —0.3208 0 1 0
~10.2554 0 1 0 02345 0]

Fig. 8 is the block diagram of experiments for a structural vibration control. The LQG
controller is digitally implemented with a TMS320C30 DSP chip set and A/D and D/A
converters. The A/D and D/A converters have a 12-bit resolution and maximum absolute voltage
for these converters is 5 V. Low-pass filters with bandwidth of 310 Hz are used in sensor signals to
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Fig. 8. Block diagram for a structural vibration control.
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attenuate not only high-frequency noise but also uncontrolled modes with resonance frequencies
more than 310 Hz.

There is a small DC bias in the data sampled with the A/D converters. This is due to voltage
deviation of the A/D converter, as well as the ground voltage difference between electrical circuit
boards and the plate with piezoelectric sensors. The DC bias drives the LQG controller, which has
a high gain at 0 Hz, to the saturation limit of the D/A converters. Therefore, 10 Hz second order
digital high-pass filters are introduced for the sampled data. For good reduction of vibration, the
LQG controller may have a high gain. But the higher the LQG controller gain is, the more
unstable the whole control system may be. The unstable modes appear in the lower frequency
range than the control frequencies. Therefore, 30 Hz high-pass filters are additionally used for
solving the problem in the low-frequency range, and the high gain of the LQG controller can be
obtained. The step-wave signal per each sampling time in the D/A converter also makes high-
frequency noise. This noise also becomes another disturbance in the structural-acoustic coupling
model of the vehicle cabin as well as the radiation sound source. To prevent this effect, 400 Hz
low-pass analog filters are added after the D/A converter.

The cutoff frequency, 30 Hz, of the high-pass filters is significantly smaller than the lowest
modal frequencies to be controlled, and its dynamics can be neglected in designing the controller.
But because the frequency, 310 Hz, of the low-pass filters in the sensor signal is close to the highest
frequency to be controlled, the filtering affects the phases and magnitudes of the modes to be
controlled. Therefore, it is necessary to use an augmented system, which includes the dynamics of
the low-pass filters in designing the LQG controller. It is desirable that the augmented system
becomes minimum phase. The dynamics of the Butterworth filter can be expressed as

0i(1) = Kv(1) + Lzi(1),

i=12, 3)
ri(t) = Mo(1),
~2.7542 x 103 —3.7939 x 106 1 .
K= 1 . . L= | M=1[0 60163 x10°],

where v;(?) is the 2 x 1 state vector of the filter for the ith sensor, r;(¢) is the scalar output of the
filter for the ith sensor, and K, L, M are the system matrices of the filters.

Including the process noise and the measurement noise, the dynamics for the augmented system
can be expressed as

Wa(t) = Aawa(t) + Baua(t) + £(1),

za(1) = Cawa(t) + 0(2), 4)
where w,(t) = [wT(0), o] (1), v (D], ua(t) = u(t), and z,(¢) = [r1(¢), r2(#)]". The matrices 4,, B,, C,
are the augmented system matrices, £(¢) is a process noise vector, and 0(7) is a measurement noise
vector. To design the LQG controller for the augmented system, the covariance matrices of &(¢)

and 0(r) must be found. Since £(7) is not measurable, the covariance matrix = of &(¢) is set as
follows:

E = aB,B!. (5)
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Here, the noise to the low-pass filters is assumed to be zero, and the power of &(¢) is adjusted by o.
Since the gain of the LQG controller is proportional to \/&, o can be used as a design parameter to
make the controller robust for the uncontrolled modes. Making « smaller, the controller becomes
more robust, while the vibration is less attenuated.

The covariance matrix @ of 0(¢) can be computed from the resolution of the measurement
device, i.e., from the voltage resolution of A/D converters for sampled sensor signals. With the
assumption that the density function of 0(¢) is uniformly distributed, the covariance matrix @
becomes )

v
0= 12 x 2b L, ©
where V is the voltage range of the A/D converter and b is the number of bits for the A/D
converter.
For the design of the LQG controller, the cost function is

: 1T
J= lim E [T /0 {wi()Owa(t) + u) (ua(1)} dt|, (7)
where E[-] is the expected value and Q is the weighting matrix for the states. The weighting matrix
0 is chosen so that the lower frequency modes are weighted more, and the states of the modal
displacements are weighted more than the states of the modal velocities

Q = diag(2000 200 800 80 300 30 10 10 10 10).

For experiments, vibration of the cabin is generated with the disturbance generator, which is
driven by band-pass pseudo-random noise of 100-310 Hz. Good performance and stability are
shown in the simulation considering all design parameters. However, in the actual experiments, an
unexpected problem occurs, which is an unstable effect at 505 Hz. The mode cannot be measured
well and cannot be actuated well before controlling. This effect may occur from the control system
dynamics, which is changed by neglecting the characteristics of the analog filters and by high gain
in designing the controller. To remove the unstable effect, the mode of 505 Hz is also added to the
model in this study. The revised system matrix and the revised weight matrix including the four
modes are as

0 1
4= d A ,A ,A ’A , As = )
iag(dy, A, A3, o), Aa=1 o000 —2.1141]

0 604 0 —19855 0 —483.0 0 —17050.0
[ ] 0 —03208 0 1 0 07239 0]

_[0 ~2235 0 7232 0 -23414 0 —8859.3]T

—-0.2554 0 1 0 02345 0 1 0|

4.3. Experimental results

Figs. 9 and 10 are the experimental results at sensors 1 and 2, respectively. Figs. 9(a), (b), 10(a)
and (b) show the uncontrolled time response and the controlled time response, and Figs. 9(c) and
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Fig. 9. Experimental result at sensor 1: (a) uncontrolled time response, (b) controlled time response, and (c) frequency
response (uncontrolled and controlled).

10(c) show the frequency response comparing the uncontrolled signal with the controlled signal.
From comparing Figs. 9(a) and 10(a) with Figs. 9(b) and 10(b), we can see the magnitudes of
structural vibration of the control modes are attenuated by more than half. The attenuated results
of structural vibration at each mode are summarized in Table 3. The control modes of S3, S4, and
S5 are attenuated by amount of 9.1 dB maximum and 4.4 dB minimum.

The attenuated results of interior noise through the structural-acoustic coupling control are
shown in Figs. 11 and 12. Fig. 11 shows the sound spectrum at the driver’s hearing point, where
the noise signal of 0-800 Hz is measured in the 21—4 octave band. Because this position is near to the
nodal plane of the first acoustic mode A1l (177 Hz), the noise peaks of S3 (162 Hz) and Al cannot
be shown well, but the noise near the structural mode S5 (272 Hz) can be measured very well due
to effect of the acoustic mode A2 (257 Hz). The noise near to the structural mode S5 is attenuated
by 5.8 dB, the overall noise is attenuated by 2.2dB (from 70.3 to 68.1dB), and the A-weighted
noise is attenuated by 1.7dBA. And Fig. 12 shows the sound spectrum at the rear seat’s hearing
point is near to the nodal plane of the second acoustic mode A2, where the noise of structural
modes, S3, S5, and 304 Hz can be well measured. The noise of S3, S5, and 304 Hz is attenuated by
0.6, 3.4, and 3.6 dB, respectively, overall noise is attenuated by 1.7 dB (from 62.7 to 61.0dB), and
the A-weighted noise is attenuated by 1.1 dBA. Table 4 shows the experimental results of noise
attenuation.
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Fig. 10. Experimental result at sensor 2: (a) uncontrolled time response, (b) controlled time response, and (c) frequency
response (uncontrolled and controlled).

Table 3
Experimental results at sensors 1 and 2
Mode Natural freq. (Hz) Vibration reduction (dB)
Sensor 1 Sensor 2
S3 162 4.6 4.4
— 236 5.9 3.4
S4 244 9.1 5.9
S5 272 4.6 4.5
— 304 4.1 3.6

5. Conclusion

The structural vibration control for a structural-acoustic coupling system was investigated
using modal testing, the FEM, structural-acoustic modal coupling analysis, piezoelectric
materials, and a robust LQG controller. By obtaining characteristics of interior noise with the
coupling coefficients and modal parameters of the structural and acoustic system, the control
plate and the control modes could be selected. A robust LQG controller with high- and low-pass
filters was designed for effectively attenuating the interior noise of the cavity as well as the
structural vibration of the cabin experimentally.
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Fig. 12. Experimental result at microphone 2.

Table 4
Experimental result at microphones 1 and 2
Mode Natural freq. (Hz) SPL reduction (dB)
Microphone 1 Microphone 2
S3 162 0.1 0.6
— 236 0.2 1.7
S4 244 3.3 2.1
S5 272 5.8 3.4
— 304 0.7 3.6
A-weighted SPL 1.7dBA 1.1dBA
Overall SPL 2.2dB 1.7dB

Microphone 1: the driver’s hearing point, microphone 2: the center hearing point of rear seat.
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