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Abstract

An extension of the modal overlap factor is introduced that includes ensemble variations and frequency
averaging of plates and acoustic spaces. Uniformly and normally distributed variations of geometric and
material parameters are considered. Using this modal overlap factor, approximate formulas are derived to
identify the limit of predictability for the combined case of damping, ensemble variation, and frequency
averaging. The extended modal overlap factor is used to define a high-frequency threshold for plates and
acoustical spaces that depends on system parameters and their variations as well as on damping, and the
bandwidth of frequency averaging. Monte-Carlo simulations are shown to illustrate and validate the
results.
© 2003 Elsevier Ltd. All rights reserved.

1. Introduction

It is well known that systems produced to have the same nominal characteristics exhibit
significant variations of noise, vibration, and harshness (NVH) properties. Such variations are due
to many factors, including uncertainties in the dynamical properties of components, assembly
variations, and variations caused by varying environmental conditions. As an example, in Ref. [1],
transfer functions of nominally identical Isuzu Rodeo trucks are compared which show relatively
large variations at high frequencies due to manufacturing variations and temperature variations.
The existence of these variations creates a limit of predictability of deterministic models (finite
element method (FEM) or boundary element method (BEM)), as discussed in Refs. [2,3]. At high
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frequencies, prediction of modes of vibration is not useful since the average behavior shows no
modal behavior.

The existence of a limit of predictability also clarifies the issue that arises regarding the
utilization of FEM at high frequencies. As the analysis frequency increases, FEM models become
more computationally intensive due to the fact that the size of the elements must be very small, on
the order of a fraction of the wavelength of the response. It is a common conclusion that analysis
at high frequencies is limited by computational power. However, the existence of an intrinsic limit
of predictability suggests that analysis at high frequencies should not be done using traditional
FEM models regardless of computer resource considerations. Energy finite element methods
(EFEM) and statistical energy analysis (SEA) methods have been developed for high-frequency
analysis above the limit of predictability. For these methods, average responses are predicted.

For design purposes, it is valuable to be able to quantify the limit of predictability in order to
make predictions in the different frequency ranges using appropriate techniques. Traditionally,
the limit of predictability, together with the corresponding definition of the frequency bands
where statistical methods are appropriate, has been determined based on some statistics of a single
implementation of a system.

In Ref. [4], the following qualitative definitions of low, mid, and high frequency are proposed:

o Low frequency: The response spectra exhibit strong modal behavior.

o Mid frequency: The response spectra exhibit high irregularities, indicating irregular modal
density. Boundary conditions, geometry and materials play an important role.

o High frequency: The response spectra are “‘smooth”, indicating high modal density. Boundary
conditions, geometry, and material are not important.

These definitions were developed for a single implementation of a vibro-acoustic system for which

the smoothing of the response for increasing frequency is due to modal overlap and damping. A
frequency bandwidth of significant response is defined for each natural frequency. This bandwidth
increases with the natural frequency. When the frequency of excitation is within this bandwidth,
the mode participates significantly in the response of the system. Therefore, as the excitation
frequency increases, and consequently, as the modal density (number of modes per unit
frequency) increases, the number of modes that overlap increases. The number of modes
contributing to the response at a given frequency becomes larger. If enough modes contribute to
the response, their sum would appear smooth since peaks and valleys of the modes would, on
average, cancel each other.

Schroeder [5] establishes a ‘“large room™ criterion that defines a frequency above which
statistical parameters describing the sound pressure in a room can be estimated. This criterion is
based on the count of modal overlap where the damping of the system is introduced through the
reverberation time of the room. The “‘large room™ criterion is used by Doak [6], to compare his
‘““spatial irregularity” theory with the results of Schroeder [7]. Doak shows, both theoretically and
experimentally, that one- and two-dimensional modes of the sound field play an important role
below the frequency threshold corresponding to the “‘large room criterion” and develops a
complementary theory to Schroeder’s theory that applies at low frequencies.

The aim of the current work is to provide a quantitative definition of low- and high-frequency
ranges for cases where the average of ensemble predictions are desired and frequency averaging is
appropriate. This definition is consistent with the frequency range characterizations discussed
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previously for a single implementation with damping. The mean response over ensembles of plates
and acoustic spaces is considered where the ensembles are made up of nominally identical systems
for which variations of geometric characteristics and other physical parameters (including the
damping coefficient) are allowed, together with the effect of frequency averaging. The frequency
threshold is defined by extending the definition of the modal overlap count (modal overlap factor)
to include variations of physical parameters across the ensemble, damping, and frequency
averaging bandwidth. The derivation takes into account the first two moments (mean and
variance) of the physical parameters. The results are checked for both uniform and normal
distributions.

The central result of this paper is a formula for a frequency threshold dividing the low- and
high-frequency ranges, the limit of predictability. To illustrate and validate the results, Monte-
Carlo simulations are done to estimate the average response of plates and acoustic spaces together
with the corresponding prediction of the frequency threshold.

2. Modal overlap count

In Ref. [8] a frequency threshold was presented that defines the high- and low-frequency ranges
for an ensemble of beams. The ensemble under consideration exhibits variations in all physical
parameters. The effects of damping and frequency averaging are also considered.

The main result shown in Ref. [8] is that the mean response over an ensemble of beams reveals a
threshold in its behavior at the frequency where the bandwidth Aw, the variation of the natural
frequencies due to ensemble variations and variations associated with damping, equals dw, the
average distance between adjacent natural frequencies. Above the frequency threshold the modes
overlap and the mean response becomes smooth as a function of frequency (high-frequency
range).

For the case of the beam, both Aw and dw can be written as functions of frequency. Each grows
monotonically at different rates. Thus, it is possible to find a unique frequency value (the defined
threshold) such that

Aw = ow. (1)

A new variable MO is introduced. It is the average number of modes excited by a pure tone of
frequency w (assuming small damping). A mode is considered excited by a pure tone of frequency
o if o is in the frequency band Aw associated with that mode. This definition is the same as the
definition of modal overlap factor discussed in the introduction, where the bandwidth
corresponding to each mode now depends on the variation of the material properties, f, instead
of the damping coefficient. Eq. (1), the threshold condition, can be rewritten as

Mo =20 _ .
ow

MO depends on the physical variations of an ensemble through the bandwidth Aw which
measures the variation of the natural frequencies.

In the next sub-sections the exact mode count MO is precisely defined as a function of
frequency (or wave number) and variations in the physical parameters. MO is found for plates
and acoustical spaces. An estimate of MO, MO, is sought that describes its average behavior. A
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general definition of a threshold, involving MO, will follow. The threshold will be computed using
a condition similar to Eq. (1).

3. Multi-dimensional modal overlap count

The modal overlap count is developed first for the general case of a mechanical system (plate,
acoustical enclosure, etc.). The dispersion relation is assumed to have the general form

o = f(B, k), (2)

where p = (f,, ..., ) is a vector of physical parameters that varies in the ensemble. The wave
number k is given by

2
k—uhmy—¢zﬁ(%?+a>, ®

where N =2,3 and L= (Ly,...,Ly) are the physical dimensions of the system and m =
(my, ...,my) is a multi-index such that the corresponding wave number from Eq. (3) exists for the
system considered. The values ¢; are constants that depend on the boundary conditions imposed
on the system.

For a given multi-index m the eigenfrequency w = f(B, k(L,m)) is regarded as a random
variable, a function of the random variables p and L, representing the ensemble variations. f is a
random vector with independent components f3; with mean f8; and standard deviation op = qp, B..
Analogously, the sizes L; are independent random variables with mean L; and standard deviation
or, = qr.Li.

The assumption of this derivation is that the modal overlap count depends only on the first two
moments of the random variables involved. In particular, this implies that the results will not
depend on the distribution of the variables.

In the following derivation, a measure of the size of the variation of the eigenfrequencies Aw is
established. This is achieved by computing the standard deviation of the variation of each natural
frequency and computing the interval of variation by assuming it to be uniformly distributed. To
help justify the choice of the uniform distribution for the natural frequencies w, it must be recalled
that the end purpose is the count of the number of modes that overlap. If an interval of variation
of the natural frequencies is identified (such as for a uniformly distributed variable) the count of
the overlaps should not depend on the exact distributions but only on whether the intervals of
variation overlap.

For each given m the variance of w is estimated via the formula

a2 =3B, K)o}, + 12 (B, K)or,

where k = k(L, m) and the usual summation convention is used. This formula is based on a Taylor
expansion of f. Using Eq. (3), the variance can be rewritten as

/(X b .
w k

ki + ci)*k2 _
R RS

)
|
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where k; = myn/L;. As discussed previously, the distribution of ® is assumed uniform. For a
random variable uniformly distributed on the interval (a, b) with standard deviation o, the relation
b—a= 2\/50 holds and therefore the interval of variation Aw of @ can be defined as

1/2

- _
Bi f3(B.K) = - (ki + ¢) kP _
Aw =236, =2/3 /%7261%% + 2B, k)%qi 4

For every fixed p it is assumed that the function k£ — f(B, k) is one-to-one and therefore the inverse,
/1B, ), exists. Because of the simple geometry of the wave number space, it is convenient to work
with variables in that space. To this end the “change of variable”

ko k* = £ By = £ (B (B, K, @

is considered such that k* depends on p and k. As a first order approximation the variation of k*
can be written as

o 1
Jo B.S(B. k)Aw B
Therefore, substituting gives
_ 2 _ 27 1/2
v e kit )R a
AR* =2¢§{ [%fﬁjl(ﬁ,f(ﬂ,k))] q§,+%qi} . )

For each m, relation (5) can be interpreted geometrically (refer to Fig. 1 for the case N =
2, my,my>1, and ¢; = ¢; = 0). The wave number k is represented by the point P = (mn/L; +
¢, ...,myn/Ly + cy) and its value is the distance from P to the origin. For variations of B, and

X
1
1
1
1
1
:
1
I —
1
1
|
nw :
e —. - 1
L2 :
1
1
:
| __ _ 1
Ain
l".
al
R
1
1

Fig. 1. Representation of eigenfrequencies and their variations.
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the sizes L, the point corresponding to k* (see Eq. (4)) spans a region about k (in Fig. 1 is the
shaded disk centered at P). The Ak™ in Eq. (5) is the size of the interval I, spanned by k*.
A precise definition of the modal overlap count MO can be given as

MO(k) =Y 14, (k),

where y 4 is the indicator function of the set 4. M O(k) is the number of intervals I, that contain k.
MO can also be visualized on the plane in Fig. 1 as the number of shaded regions (corresponding
to each multi-index m) intersected by a circle of radius k& centered at the origin. As a function of
the ¢g’s and g;,’s, MO is very irregular with many oscillations. It should be not surprising that
there is no simple formula for MO. In the following, an approximation for MO is developed
where variations in all of the parameters are considered.

The following notation will be used. For each m, let S, be the parallelepiped centered at Py,
with sides of length n/L; fori = 1, ..., N in the direction of the ith axis. The volume of Sy, is 7'V /¥,
where V is the average volume of the ensemble of systems (see Fig. 1). Note that the Sy,’s are non-
overlapping and they partition the region containing the points Py,. The region Dy, is defined as the
intersection of the sphere of radius k centered at the origin, with all of the Sy,’s that correspond to
a wave number of the system. Finally, I'; denotes the curved portion of the boundary of Dy.

Next, consider the function T'(k) defined by

T(k) =" Tm(k), (6)
where Tp, is given by
Ak if I, lies to the left of k,
Tw(k) = < Length of the portion of I, on the left of k¥ if I, contains k,
0 otherwise.

Note that only a finite number of terms in the summation are non-zero. The function 7'(k) can be
loosely visualized in the plane in Fig. 1 as the cumulative sum of the variations Ak corresponding
to rectangles Sy, lying inside the circle of radius k centered at the origin. If a value £ is fixed and a
small increment Ak is considered, the quantity 7'(k + Ak) — T'(k) is the total length of the portions
of the intervals that lie in the interval (k, k + Ak). Hence, if Ak is small enough the incremental
ratio

T(k + Ak) — T(k)
Ak : ™

is the number of intervals that contain the value k. Therefore, for every k& not an endpoint of
any I,

MO(k) = T'(k). )

Thus, MO(k) can be computed from an estimate of T(k). In order to obtain a simple
approximation of 7'(k), a continuous version of Eq. (6) is considered

Tk~ [ f(x)dx,
Dy,
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where the density function f(x) satisfies the condition
| redx= Ttk ©)
SmﬁD/‘»

In other terms, f(x) can be interpreted as the variation per unit area (density in wave number
space) of the natural frequencies at the point x. Therefore, relation (9) suggests the following
approximation for f-

V
FO0)R — AR (x),
where Ak*(x) is the continuous version of Eq. (5),
( P 1/2
Xi + ¢
AK*(x) = 2\/{ [ 5 B.SB, IXI))} a, ?qg} Ix, (10)
and x = (x1, ..., xn). In view of Eq. (8), an approximation of the incremental ratio (7) is sought

with at least first order accuracy in Ak. Considering a small region of thickness Ak about Iy, the
following approximation is obtained:

. T(k+Ak) —T(k) _
_ / _ k
MO(k) = T(k)_Allg—I}O A NN /FA Ak™(x) dx (11)
(note that here dx denotes the measure in dimension N — 1). Denoting

2

h(qp, B, k) = |:ﬂlfﬁ (B./(B, k))} a0 (12)

and changing to circular coordinates by setting x; = kf;(0) and dx = kN~1J(0) d0, so that |x| = k
the following approximation for MO is obtained:

o) 71 N 1/2
MO(k)z% /W[h(qg,ﬁkw(f(m )fz(e)qL} J(0)do, (13)

where W is the set of angle coordinates that spans .

This is a general formula that applies to systems of any dimension and for any dispersion
equation. It is used to approximate MO as a function of the wave number and depends on the
ensemble variations accounted for by the relative standard deviations ¢7,’s and gg,’s.

3.1. Frequency averaging and damping

Both frequency averaging over frequency bands and the introduction of damping in the
vibration of a system have the effect of smoothing the response. In fact the peaks of the modal
responses are wider and lower for frequency averaging and higher damping and the modal overlap
count is higher. In this sub-section a prediction of the higher modal overlap count is achieved
by augmenting the interval of variation of the eigenfrequencies (Ak™ of the previous sub-section)
by an amount that depends on the fraction of octave band on which frequency averaging is
considered and on the damping coefficient. This same procedure has been used in Ref. [§]
for beams.
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For each m, the dependence on frequency averaging and damping is introduced by considering
the natural frequencies as random variables of the form
w:;:mer Um+Zm:

where Uy, and Z,, are independent random variables accounting for frequency averaging and
damping, respectively. An interval of variation is associated with the two variables. We can
assume that Uy, is distributed uniformly on [27"/2@,y,,, 2"/?@,,,] which is the r-fraction of an octave
band on which frequency averaging is performed. Z,, is distributed uniformly on an interval
centered at @y of length n@,,,, the half-power bandwidth and # the damping coefficient. In
Ref. [8], for beams, the half-power bandwidth was chosen to consider the effect of damping. As
discussed previously the choice of uniform distributions for U, and Z;, may be justified by the
fact that only the computation of the number of modal overlaps is considered and the precise
distribution of the modes is not assumed important. Since they are uniformly distributed, the
variances of Uy, and Z,, are given as
B
Un 127 7w 12 °

where ¢ = 2/2 — 2-1/2,
P 2

By the 1ndependence assumption ¢”, = = a, + 07, +0% holds. If the procedure of the
previous sub-section is repeated Con51der1ng w* 1nstead of w, relation Eq. (13) is still valid if 4 in
Eq. (12) is replaced by

2

g B0 = 45 B1GB.)|  +

[lf(ﬁ', k)} ki 14)

kfi(B. k)| 12
In the following sections, the general approximation formula (13), together with (g, ¢, 1, B, k)

defined above, will be specialized for vibrations of a plate and an acoustical space under specific
boundary conditions.

3.2. Plates

A thin, simply supported, rectangular plate of dimensions L; x L, is considered. For such a
plate, the natural frequencies are given by (see Ref. [9])

2 2
mm n myT

< L > ( L, )

for my,my>1, where f depends on various material parameters of the plate. In this case ¢; =

¢ = 0 and

1/2

o = pk>, where k = , (15)

Dy = X4+t <k, x> z
k {(x,y)x +y <k, x 2Ll,y 30,

Relation (15) above gives an explicit expression for f in Eq. (2). Using polar co-ordinates,
Egs. (13) and (14) become
\/ Ak?

n/2—9 . 1/2
MOk~ / [az + 4¢3, cos* 0+ 4q2, sin 9} do,

0
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where o = q + (& +1*)/12 and 6 >0 is the angle between the x-axis and the ray from the
origin and the point (k,n/2L,). By first order approximation of the integrals over (0,5) and
(n/2 — 0,m/2) it is obtained that

f Ak?

MO(k) = / [o? + 447, cos* 0+ 4q;_sin* 0]'/2 d0
0
- mk (2 +4q1)'"" | (2 +4g;)" (16
271? Ez l_fl

The integral 7 in Eq. (16) over the variable  cannot be computed in closed form. However, for
5<qr,/qr, <2, an approximation of I can be obtained by splitting the integral over the intervals
[0, /4] and [n/4,/2]. Using the mean value theorem for integrals, it follows that there are values
&, and &, such that

I =2100" + 447, cos* & + 4], sin® 611'77 + 07 + dg], cos® & + 4q], sin* &'}

z%{\/a2+3q%1 + \/oc2+3qiz}, (17)

where él e[o, n /4] and &eln/4,m/2). The last approximation is obtained by observing that
qi, sin* &, «qj, cos* & on [0, 77:/4 and g7, cos* & < g7, sin* &, on [1/4, /2] and by considering the
approximations cos*(¢,) = sin*(&,)~3 /4 In Fig. 2 the approximate formula (17) is compared
with the value of the integral in Eq. (16) computed numerically. The two graphs correspond to the
choices g7, = 0.05, g = 0.01, and ¢z, = 0.01, gg = 0.05. The plots show the value of I versus the

ratio ¢z, /qr,. The two functions are well matched.
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Fig. 2. Comparison of numerical approximation of integral in Eq. (16) and the approximation value from Eq. (17).
Parameters values: (a) gz, = 0.05, gg = 0.01, (b) g1, = 0.01, gg = 0.05. —, numerical integration; - - -, approximation
formula.
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Substituting Eq. (17) into Eq. (16), the following approximation formula for MO is obtained
(for 1/2<qr,/qL, <2):

MOG)~ @szw V3, 4R 3

— \éik{ilw/oc2+4q%l +L_2,/oc2+4q%2}. (18)

Note that for « = 0, Eq. (18) reduces to

34K (‘]Ll + CILz) V3

3k _ _
MO(k)~ (g, L1 + q1,1»), (19)
2 2

Y
showing that the variations in dimension are averaged. In many cases ¢ = g, = ¢qr,, and Eq. (19)
reduces to

MO(k)~

b

34gk>  \/3qkP
2 2=
where P = 2(L; + L) is the average perimeter of the plate ensemble.
If g1, = q1, = qp = ¢ = 0, then the modal overlap count due to damping only is obtained as
Ak*n  Pkn _ no

B T T G0

where dw is the average spacing between modes (see Ref. [9]),

B 8nkp

24k - P

The right hand side of Eq. (20) is the ratio of the half-power bandwidth to the average frequency
spacing between adjacent eigenfrequencies and can be interpreted as the average number of
eigenfrequencies within the half-power bandwidth. This ratio is called the modal overlap factor in
the literature. Eq. (18), is a generalization of the concept of modal overlap factor resulting from
damping only to the case in which ensemble averaging and frequency averaging are also
considered in the determination of modal overlap.

ow

3.3. Acoustic spaces

An acoustic space of dimensions L; x L, x Lj is considered, where the natural frequencies are

given by
nmm 2 moT 2 msT 2
() () +(2)
with m, my, m3 >0 and ¢ is the speed of sound. It holds that ¢; = ¢; = ¢3 = 0 and the region Dy is
then given by

1/2

o =ck, k=

>

Dy = 4P+ 2<kland x>— — p>_~ > T L
k {(x,y,z) X 4+y +z and x 2L1’y 2L2’Z 3%
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Egs. (13) and (14) are applied and the following approximation of the modal overlap count is
obtained as a function of w:
2\/7 Va)

MO(w)x ——— /(oc +qL sin* 0 cos* ¢

—i—qL7 sin* 0 sin* ¢+qL cos* 0)'/? sin 0 d0 dé,

where o> = qc + (2 + 112)/12 and W is the set of angles 6 and ¢ that spans Ik, the curved portion
of the boundary of Dy. V = LiL,Ls is the volume of the average acoustic space. To compute the
integral above, the boundary region I is split into non-overlapping regions, as shown in Fig. 3.
The integrals evaluated on each of these regions and are added up.

The region labeled 4, the first octant, corresponds to the square [0,7/2] x [0, 7/2]. The integral
on this region represents the major contribution to MO for large values of k. For the other
regions, first order approximations of the integrals similar to those used in the case of the plate are
considered. Specifically, the thickness of B; is approximated as ©/(2L3) and its contribution to
MO is approximated as (cf. Eq. (11))

Ip = : Ak*(x) dXN V /Ak*(x) dx,

where v is the arc of radius & in the ﬁrst quadrant of the space X; — X5 (refer to Fig. 3). By setting
x3 = 0in Ak™ as given in Eq. (10), and transforming to polar coordinates to compute the integral
in Ip, the following relationship is obtained:

3E E 2 /2 )
Ip, :% / («* + g7, cos* 0 + ¢7 _ sin* 0)!/2do (21)
Lt 0
\/L]sz (\/
402 + 342 +\/4<x2+3 ) 2
83 1L L 22
Gy X3 .
2L,
Bj
21,
4
B, X1
k G
Y
B 3L,

o
X,

Fig. 3. Subdivision of I'; for an acoustic space.
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where the approximation of the integral is similar to the one used for the plate. The contributions
from B, and Bj; are obtained similarly.

Finally, the contribution from the integration on C; (refer to Fig. 3) is obtained again from
Eq. (10) by approximating the area of C; as n?/(4L,L3) and Ak*(x) with its value at x = (k, 0,0).
The following first order approximation to the contribution of the integral on C; to MO is
obtained:

Similarly, the integrals on C, and Cj are obtained.

The most general approximation formula for MO is obtained by adding up all the
approximation developed above on the surfaces A, By, B>, B;, C;, (C,, and Cj.

In the special case in which ¢ = q;, = q1, = q1,, the formula simplifies to

) 3]7603 n/2 n/2 82+7/]2
MO(w)z\/_34 /0 /0 [qio +

=33
cym 2

12
+ ¢*(sin* 0 cos* ¢ + sin* O sin* ¢ + cos* 9)] sin 0 d6 d¢

\/§ng & +n? \/§Pw & +n?
4 + T 43 VIO [ (BT 23
82 \/qqﬂr ;7 Pt S0 @+t (23)

_|_

where S and P are the average surface area and perimeter of the acoustic space, respectively. A
closed form expression for the integral in Eq. (23) is not available in the general case and the
integral must be evaluated numerically. Because the integrand is smooth, numerical integration is
straightforward and many popular algorithms (Newton—Cotes, Gauss—Legendre, etc.) may be
used successfully. Moreover, it is reasonable to assume that in the practical use of Eq. (23),
tolerances for geometric parameters, damping and frequency averaging coefficients might be fixed
for a particular investigation and therefore the integral in Eq. (23) may need to be computed only
once.

In special cases a simple expression for Eq. (23) is available. In the case that only geometrical
variation is considered (¢.,, = ¢ = # = 0), the numerical approximation

n/2  pn/2
/ / \/(sin4 0 cos* ¢ + sin* 0sin*¢ + cos* 0) sin 0 d0 d¢ ~ 1.204
o Jo

reduces Eq. (23) to

4171 Vw’q 3Sw’q \/gpwq
e’ 873 8ncy

MO(w)~
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If geometric variability is disregarded (¢ = 0), Eq. (23) simplifies to

1% 2 2
MO(w)N\/ “’\/q 42T +’7
3P
\/_Sco 4+ fa) 8—1—1’]' (24)
0 87136‘0

Finally, the modal overlap count due to damping only (91, = 91, = q1, = g, = ¢ = 0) is

Vol  Sw’n  Poy _nw

MO(w)~ =
(@) 2n2¢y  8mei  l6mey  Ow’

(25)

where dw is average frequency spacing between natural frequencies given by (see Ref. [9])
16n25(3)
8Vw? + 2negSw + 3 P

As for the plate, under appropriate assumptions, Eq. (23) reduces to the modal overlap factor due
to damping only, where the half-power bandwidth is associated with each mode.

4. Threshold definitions

The approximations of the modal overlap factor MO obtained in the previous section for
ensembles of plates and acoustic spaces, are used to define a frequency threshold that separates
the low- and high-frequency ranges for multi-dimensional systems. As discussed in Ref. [§] for an
ensemble of beams, the onset of the high-frequency range is determined by the lowest frequency at
which an overlap of modes is assured. It is possible to characterize the wave number k associated
with the frequency threshold for beams in terms of the function MO(k) in the following way:

MO(k)=1 for all k > k. (26)

For a beam, as mentioned in the introduction, the formula for the threshold presented in Ref. [8]
can be written as

MO(k) = 1, (27)

where MO(k) is an approximation of MO(k). Therefore, for beams, & defined as in Eq. (26) is
actually approximated as the solution of Eq. (27). The distribution of the natural frequencies of a
beam is very regular as are the oscillations of MO(k). In particular, below the threshold &, the
function MO(k) oscillates between the values 0 and 1. Above £, it oscillates between 1 and 2,
satisfying the general criterion (26), exactly.

Here the criterion in Eq. (26) is generalized to plates and acoustic spaces. The criterion is used
to identify the frequency above which the modal overlap becomes substantial, the high-frequency
range.

However for general multi-dimensional systems it is impossible to find an exact procedure that
computes k from an approximation of MO. For plates and acoustic spaces, the distribution of the
natural frequencies is irregular. In particular, MO(k) shows oscillations of amplitude larger
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Table 1

Average value of parameters of plate ensemble

x dimension (m) L 0.6

y dimension (m) L, 1.67
Thickness (m) h 0.001
Density (Kg/m?) p 7850
Young’s modulus Pa E 1.95 x 10!
Poisson ratio v 0.3

than 2. The approximations for MO(k) predicted in the previous section follow the average
behavior of MO but do not give information about the amplitude of the oscillations. Thus, in
general, the solution of Eq. (27) is not expected to give a precise estimate of the threshold & for
plates and acoustic spaces.

Instead empirical observations of MO and MO functions, based on numerical experiments
and a qualitative notion of the high-frequency range, are used to find an approximate k as the
solution to

MO(k) = d,

where d is some positive number that will be eventually related to the average amplitude of the
oscillations of MO and to the dimension of the system. Observations of the modal overlap factor
are done through Monte-Carlo simulations of the average response of plates and acoustical
spaces, which will be presented in the next sub-sections.

4.1. Plates

For plates, the averaged squared displacement over all locations for a uniformly distributed
unit pressure loading was chosen as the response of interest. The average values chosen for the
parameters are shown in Table 1. In these simulations the parameters have been chosen to be
uniformly distributed with the relative standard deviations given in the caption.

Fig. 4(a) shows the graph of MO for a plate and the approximation given in Eq. (18), MO, as a
function of frequency (Hz). The plot shows that the threshold k given by Eq. (26) is the wave
number corresponding to a frequency of about 220 Hz, while the frequency value corresponding
to the solution of Eq. (27) is approximately 100 Hz. This example shows that Eq. (27) cannot be
used for plates. For frequencies near 220 Hz, the amplitude of the oscillations is approximately 5
around the average value MO. Above the value d = 2.5 MO is always greater than 1. Therefore
the threshold 4 is approximated as the solution to

MO(k) =2.5. (28)

Eq. (28) gives a value of approximately 245 Hz, a much closer estimate of the qualitatively
determined value.

Figs. 5(a)-7(a) show MO and MO for other plate case studies. The approximation of the
threshold with Eq. (28) is very good for all cases. In particular, the plots show that MO is
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Fig. 4. Simulation of plate ensemble. (a) Modal overlap count MO (solid line) and approximation MO (dashed line)
with frequency threshold. (b) Average response with frequency threshold. Parameters: g7, = gz, = 0.0058, g =0, ¢ =
0, n =0.001. Threshold: 245 Hz.
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Fig. 5. Simulation of plate ensemble. (a) Modal overlap count MO (solid line) and approximation MO (dashed line)
with frequency threshold. (b) Average response with frequency threshold. Parameters: gz, = ¢z, = 0.0058, g3 = 0.012,
e =20, 1 =0.001. Threshold: 163 Hz.

consistently greater than 1 above the frequency corresponding to the wave number solution of
Eq. (28).

Figs. 4(b)-7(b) show the average response, as defined above, over an ensemble of 300 plates
with variations of the parameters and damping coefficients, corresponding to the plots of MO
above them. To compare the plots, the same frequency scaling is used. For each plot, the dashed
vertical line is drawn at the frequency value corresponding to the solution of Eq. (28). The vertical
lines clearly divide the spectrum into two regions. The mean response has a characteristic behavior
that follows the qualitative description of low-frequency behavior on the left-hand side, and high-
frequency behavior on the right-hand side. It is interesting to note how the low amplitude
responses at low frequencies correspond to the values of frequency for which MO = 0; in fact, the
frequency bands where MO = 0 separate adjacent modes in the low-frequency range. The larger
the bands of MO = 0 are, the deeper and more well separated are the peaks. In general, peaks and
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Fig. 6. Simulation of plate ensemble. (a) Modal overlap count MO (solid line) and approximation MO (dashed line)
with frequency threshold. (b) Average response with frequency threshold. Parameters: gz, = gz, = 0.0058, g =0,
n = 0.04. Threshold: 162 Hz.
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Fig. 7. Simulation of plate ensemble. (a) Modal overlap count MO (solid line) and approximation MO (dashed line)
with frequency threshold. (b) Average response with frequency threshold. Parameters: g7, = g7, = 0.0058, gz = 0.012,
n = 0.04. Threshold: 131 Hz.

valleys of the graph of MO exactly correspond to peaks and valleys in the response plot. Also, as
the modal overlap increases, the oscillations in the response become smoother. In particular, it
can be observed that the frequencies of low amplitude responses just above the threshold
correspond to the values for which MO = 1. These observations suggest that Eq. (28) provides a
reasonable and easy to compute implementation of the criterion in Eq. (26). Thus Eq. (28), where
MO is defined as the right-hand side of Eq. (18), defines a threshold for an ensemble of plates.
Nevertheless, the choice of the constant 2.5 is arbitrary and based on a qualitative judgment.
Choosing an alternative value for the threshold between values of 1 and 3 is possible and will give
somewhat different but consistent results for modal overlap behavior for various ensembles of
plates.

As previously discussed, the computation of the modal overlap is based on the first two
moments (mean and variance) of the random variables involved and in particular, the derivation
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Fig. 8. Simulation of plate ensemble. (a) Modal overlap count MO (solid line) and approximation MO (dashed line)
with frequency threshold. (b) Average response with frequency threshold. Parameters: g, = ¢, = 00, w = 0.0058, f; =
/21 = 416 Hz.

does not depend on the distribution of the variables. In order to check if this assumption is
plausible, comparison of average responses with parameters uniformly and normally distributed
are presented next. In Fig. 8 the average responses of a plate ensemble with uniform and normal
distribution of f having the same mean and standard deviation are plotted. The results show the
same oscillatory behavior. Also the frequency threshold as indicated by the vertical line is
appropriate for both distributions. The function MO and its approximation are also shown. From
these simulations it is clear that the definition of a threshold does not depend on the distribution
of the parameters.

4.2. Acoustical spaces

All of the observations made for the definition of a frequency threshold for the plate apply also
when acoustic spaces are considered. In particular the threshold @ is defined such that it satisfies
the criterion in Eq. (26),

MO(w)=1 for all w > &.

In Figs. 9—12, Monte-Carlo simulations are shown together with the corresponding plots of MO
and MO. The response of the acoustic spaces was chosen as the mean square acoustic pressure due
to a uniformly distributed excitation of unit magnitude, measured at uniformly distributed
response points. The values of the average parameters of the acoustic spaces are shown in Table 2.
The simulations show the average response over an ensemble of 20 acoustic spaces with uniform
variations in the parameters as indicated in the captions. The dashed vertical line corresponds, in
each case, to the threshold @ estimated from the solution of

MO(w) = 3, (29)
where MO is the right-hand side of Eq. (23). The predicted thresholds are shown to be consistent

across the simulations and give a very good prediction of the qualitative transition between the
low- and high-frequency ranges. In particular, the effect of damping is shown in Figs. 9 and 10
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Fig. 9. Simulation of acoustic space ensemble. (a) Modal overlap count MO (solid line) and approximation MO
(dashed line) with frequency threshold. (b) Average response with frequency threshold. Parameters: ¢;, = qz, = qr, =
0.012, ¢, = 0.0058, 1 = 0.001. Threshold: 94 Hz.
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Fig. 10. Simulation of acoustic space ensemble. (a) Modal overlap count MO (solid line) and approximation MO
(dashed line) with frequency threshold. (b) Average response with frequency threshold. Parameters: g7, = qr, = qr, =
0.012, ¢, = 0.0058, 1 = 0.05. Threshold: 77 Hz.
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Fig. 11. Simulation of acoustic space ensemble. (a) Modal overlap count MO (solid line) and approximation MO
(dashed line) with frequency threshold. (b) Average response with frequency threshold. Parameters: ¢, = gz, = g1, =
0.00058, ¢, = 0.00012, 1 = 0.001. Threshold: 207 Hz.
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Fig. 12. Simulation of acoustic space ensemble. (a) Modal overlap count MO (solid line) and approximation MO

(dashed line) with frequency threshold. (b) Average response with frequency threshold. Parameters: g, = qr, = qr, =

0.00058, ¢, = 0.0017, 1 = 0.001. Threshold: 78 Hz.

Table 2

Average value of parameters of acoustical space ensemble

x dimension (m) L 4.26
y dimension (m) L 8

z dimension (m) Ls 5.78
density (Kg/m?) p 1.26
Speed of sound (m/s) o 340

where the average response changes and the threshold reduction are shown with respect to the low
damping case. The effect of ensemble averaging is shown by comparing Figs. 9 and 11. The effect
of averaging dimensions and averaging on ¢ is illustrated by comparing Figs. 9 and 12. The value
3 in Eq. (29) was determined to be a good threshold by empirical observations as discussed in the
case of the plate.

For the damping only case, the frequency threshold is computed by using the estimate of MO in
Eq. (25) in condition (29). If the quadratic and linear terms in w are neglected, the threshold
frequency in Hertz is given by

3\ /3
= ) 30
S =co < i V’?) (30)
Using the reverberation time 7 of the acoustic space given by
2.2
T=—.
nf

Eq. (30) can be rewritten as

[36 \/? \F
= /20 [ 22065/~ 1
/ 88t VIV 065 Vv’ (1)
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where ¢y = 340. The threshold frequency in Eq. (31) is the Schroeder frequency, the traditional
lower limit of the frequency spectrum in which statistical parameters of sound pressure in a room
are computed for cases where there are no variations of geometric or material parameters and
there is no frequency averaging (see Refs. [10,11]).

5. Conclusions

An extension of the modal overlap factor to include ensemble variations for plates and acoustic
spaces has been developed and tested through Monte-Carlo simulations. This extension provides
a unifying theory that allows the prediction of the frequency range in which ensembles of plates
and acoustic spaces show a ‘“‘smooth statistical behavior” as consequence of damping, physical
parameter variations, and/or frequency averaging. Eq. (13), used with Eq. (14), is the most general
formula for the modal overlap factor developed in this paper and can be used for both plates and
acoustic enclosures characterized by general dispersion relations and boundary conditions. The
assumption of uniformly and normally distributed parameters has been discussed and it has been
shown that the threshold is well approximated by considering only the first two moments (mean
and variance) of the distribution. Therefore, the threshold formulas written in terms of means and
standard deviations can be used for both uniform and normal distributions.

As mentioned in the introduction, in Ref. [7], Schroeder defines a frequency threshold for room
acoustics. This theory applies to the frequency range in which the modal overlap factor is greater
than 3. This same constant is used in Eq. (29) and gives good prediction of the frequency
threshold. The newly defined theory extends the applicability criterion of Schroeder theory to the
case in which ensemble variations and frequency averaging are considered.

In this direction, it has been established that for a typical two-dimensional system (plate) the
frequency threshold is defined as the value that gives a modal overlap factor of 2.5, and for
acoustic space the value 3 is used. Considering the threshold result in Ref. [8] for beams, the
threshold is approximated as giving a modal overlap factor of about the space dimension.

The possibility to predict an high-frequency range implies the possibility to choose a priori the
appropriate modelling technique in relation to the frequency band being analyzed. Therefore, in
the low-frequency range, FEM should be used to give accurate prediction of the characteristic
modal behavior, while, in the high-frequency range methods like SEA are appropriate to describe
the statistical properties of the system.
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