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Abstract

In this paper, we sought to develop an efficient controller for vibration reduction in a fully clamped plate.
We investigated two control methodologies (positive velocity feedback and H., control) and two types of
actuators (an inertial actuator and a distributed strain actuator). These were used to develop four control
architectures. Both theoretical and experimental studies were undertaken with varying results. The best
theoretical results were obtained when H, control was used in conjunction with a distributed strain
actuator. Experimentally, the H, controller using the distributed strain actuator outperformed the others.
© 2004 Elsevier Ltd. All rights reserved.

1. Introduction

Active vibration control is not a new topic. Vibration isolation in vehicles and heavy equipment
has been around since these machines were made. As technology changes and machines get more
advanced, solutions become more complex. Smart structures have been employed for vibration
control in applications ranging from skiis to spacecrafts. Piezoelectric material’s properties make
it an ideal choice in vibration suppression. The material can be integrated into a structural
member and can be used as either a sensor or an actuator.
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As aircraft continue to push limits, vibration fatigue of the air frame becomes a concern.
Typically, passive control methods are susceptible to changes in the environmental conditions
such as temperature variations. Therefore, active control methodologies can significantly improve
vibration suppression in aircraft frames. Piezoelectric materials can be bonded to the aircraft
frame and provide excellent vibration control with minimal spacial requirements. Coupled with
control algorithms implemented on digital signal processors (DSPs), the entire system can be
compact and meet space and weight restrictions.

Many proposed control solutions have used simple control algorithms to suppress the
vibrations. Positive position [1], positive velocity [2], and state feedback control [3] have all been
shown to yield acceptable outcomes. Also, there are a number of more complex controllers being
used in vibration suppression. Adaptive position feedback [4] and neural networks [5], to name a
few, have been used. But, there has been no rigorous comparison to simpler control methods to
show that the performance benefits that arise from complexity is justifiable.

In this paper, we studied a fully clamped plate problem. Inertial actuators or distributed
strain actuators were used. In addition, positive velocity feedback (PVF) and H ., control methods
were used to suppress the first mode of vibration of the plate. Both theoretical and experimental
studies were undertaken to identify the best suited actuator/control method for the problem
at hand.

2. Plate modeling

For a fully clamped square plate, the governing equation for the lateral deflection with external
excitation force f., and actuator force f, is

(Ot Lotwxy, ) Otwlx.y, 0\ L 9wy, 1)
ox* 0x2y? oyt or?

=fex (0.3, 0) +f (X, 0,0, (1)

where w(x,y,?) is plate transverse displacement; D = Eh’ /(12(1 —v?)), flexural rigidity; E,
Young’s modulus; v, Poisson’s ratio; p, density of the plate material; A, thickness of the plate;
fex(x,7,1), total force generated by the external excitation; and f,(x,, y,, t), total force generated
by the actuator.

To analyze the normal modes of vibration we let f,(x,y,#) = 0 and f,(x, y, ) = 0 and assume a
solution of the form

w(x, y, 1) = W(x,y)el. ()

Eq. (1) becomes
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Assuming the edges are elastically restrained against rotation, the boundary conditions for Eq. (3)
are given by (see Ref. [6])

oW [(+a +a _62W _GZW

PR = M x| A~ > = - D ’ 4
ox ( 2 ’y> PxM1; < 2 y) x [ze Ty L=ia/2 (a)
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where M, = Ml,xej“”, M, = Mljyej“” are the moments on the edges, and ¢,, ¢, are the rotation
coefficients in the x and y directions, respectively. Using Galerkin’s method, the displacement
function is approximated by (see Ref. [11])

N
W(an’) = ch Wn(an/)a (5)

n=1

where W ,(x,y) is the coordinate function for the nth mode, and ¢, is the modal coefficient.
The coordinate functions for the first five modes are chosen as

Wi(x,p) = (ux* 4+ Bx* + D(oy* + pip* + 1), (6a)
Wa(x,y) = x(0ax* + Box? + Doy + o3 + 1), (6b)
Wi(x,y) = p(oax* + Byx? + D(oay* + 317 + 1), (6¢)
Wa(x, ) = xp(oux + Bax + D(owy® + B3> + 1), (6d)
Ws(x,y) = (x* — y)asx? + Bsx® + D(asy* + Bsy* + 1). (6e)

From the boundary conditions (4) one can determine the coefficients o, and f, for a square plate
with elastically restrained edges as

_16(a +2D¢) 8(a + 6D¢)

=A@+ 1009 DT T @t 10Dy’ (7a)

_ 16(a+ 6D¢) _ 8(a+10D¢)
4 = ma Bry = —az(a ¥ 14D¢)’ (7b)
I (7¢)

where ¢ = ¢, = ¢, =0.00355 and a=>b for a square plate. These values were obtained
experimentally in Ref. [7].
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The modal coefficients ¢, can be obtained normalizing the coordinate functions as follows:
a/2
/ oW (x, )Wu(x,y)dxdy =1, n=1,...,5. ®)
—a/2 J—a)2
Substituting the coordinate functions (6) in the plate equation (3) and solving for w we obtained
the modal frequencies as
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where 4, are the modal frequencies coefficients.

The modal frequencies for the first five modes, computed with Egs. (9) for a 0.032” (0.8128 mm)
(the one used in the experimental study) aluminum plate are presented in Table 1.

With the modal frequencies and shapes known, the forced vibration of the plate can be
expressed as (see Ref. [8])

Wy, 1) =Y W yn,(0), (10)
n=1

where 7,(¢) are the time-dependent generalized coordinates. Substituting Eq. (10) into Eq. (1) and
integrating over the entire domain of the plate we obtain the modal equations

it + ot = Non0), (11)
where N,,(¢) are the modal forces and w, are the modal frequencies (see next section).

Table 1

Eigenvalues and modal frequencies

mn 7 S

11 36 257.25
12 74.296 547.66
21 74.296 547.66
22 108.59 813.89

33 137.294 1208.15
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3. Actuator choices

Two different types of actuators were analyzed and tested. The first, an inertial actuator, used a
piezoelectric material to vibrate a large mass. The vibration of this mass was used to counteract
the vibration of the plate. The advantage of this type actuator was their capacity to apply
large forces. Yet, this type of actuator was quite bulky and very heavy. In addition, because
of the moving mass, it added two differential equations to the model. While this did not
really pose a problem to the analysis, it added complexity. With the H., controller, adding
two equations to the plant increased the order of the controller by two, making it more
complex and harder to implement. The equation of motion for the inertial actuator can be
expressed as

MaZ// + kd[Z(l(t) - m}(-xlbya, t)] + C(l[z/ - W(xasyLv Z)] = kf Va, (12)

where M, is the inertial mass, z, is the inertial mass displacement in the vertical direction, x, and
v, specify the actuator position on the plate, ¢, is the internal damping coefficient, k, is the
internal spring constant, w(x,, y,, ?) is the plate displacement at the actuator position and k; is the
actuator gain and ¥V, is the applied voltage. The actuator force can be computed by solving for the
inertia term (M,z"). N,, (see Eq. (11)) can be computed using

Mot = [ W3 ) (13)
Substituting Eq. (13) into Eq. (11), we get

iia(1) + pn, (1) = W(xa, ylkalza(t) — W(Xay s D]
+ calz = WXy Yor O] = kf V. (14)

The second type of actuator was a distributed strain actuator (patch). In this case, a layer of
piezoelectric material was bonded to the plate. The actuator generated a strain on the plate to
counteract the vibrations. This actuator had a very low mass and profile, could be manufactured
to fit a specific shape, and added no additional complexity to the model. The disadvantage was
that once bonded, it cannot be re-used if the plate was to be replaced. Assuming the patch does
not significantly affect the dynamics of the plate, the equation of motion can be written as
(see Ref. [9])

2 4 4 2
D<@ wnp,0) o By, ) Owlx,y, t)> EPPRCRIC )

ox* 0x2y? oyt or?
’m, 62my

_Om, |
T (15)

where

d
my = my = 5 K\ E,h % Vs (16)
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where E, is Young’s modulus, /, is the plate thickness and
6Bk(1 + k)

K, = , 17
DT U 4Bk + 6BKT + 4B + Bk (17
where we chose f = E,,/E, and k = t,/h, for simplicity.
The actuator forces can be computed using
*m,  *m,
Nu(t)= [ W(x, - L. 18
0=/ (xy)(ax2+ay2) 18)

4. Control methods and simulation results
4.1. Positive velocity feedback

PVF is the most basic control approach. The velocity of the plate is amplified with a gain K and
fed back into the actuator; see Fig. 1. For the inertial actuator, a gain (ky) of 50,000 was used in
the simulations (see Eq. (14)). We arrived at this gain by increasing the gain until we reached a
physical limit, set by the voltage level that can be applied to the actuator. Similarly, for the patch,
a gain of 500,000 was used. Figs. 2 and 3 show the simulation results for the inertial and the patch
actuators, respectively. As can be seen from the figures, the patch actuator produces better results.
We attribute this difference to the fact that the patch acts over an area while the inertial actuator
applies a point force.

4.2. H,, control

The method of H, control was chosen for this system because of its robust properties [12,13].
The design methodology is straightforward and adopted from Ref. [10]. The controller is based on
the state-space parameters of the plant and a parameter, 7. In the optimization of the controller, y
is reduced until a certain set of design specifications are met or the controller fails to converge. To
facilitate the design process, weights can be introduced into the system. These weights are not used
in the real system but rather used to tune the frequency response of the controller (see Fig. 4). In
this figure, there are two inputs, a disturbance D and a noise input N. In addition, Z, and Z, are
the outputs of the plant and controller, respectively. The realization, K, represents the H

Plant

v

K il

Fig. 1. Block diagram of the PVF controller design.
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Fig. 2. PVF using an inertial actuator.
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Fig. 3. PVF using a distributed strain actuator.

control. The system matrices 4Ap, Bip, Bop, and Cp area the state-space representation of the plant
(see Egs. (11) and (18)). In both the inertial actuator and the patch systems, two constant weights
(W, and W) and two weights that are polynomials in the frequency domain (W3 and W,) are
implemented. These weights are applied to the inputs and outputs as shown in Fig. 4. The weights
will be chosen and optimized to achieve the desired performance. The order of the H, controller
is equal to the order of the plant plus the orders of the frequency dependent weights. A trade off
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H.. Controller (K)

Fig. 4. Block diagram of the H controller design.

between using complex weights to achieve the desired performance and having a very high-order
controller is necessary in choosing the order of the weight functions.
The H., approach attempts to minimize the H,, norm, || T, where the norm is defined as

[ T]loo = sup Gmax[(T21v)[j] Vi, j<v, (19)

where (7,,); are the transfer functions of a multi-input, multi-output system:

D (20)
Nl
In addition, y is a parameter that should be minimized.
For the present system, there are four possible functions to minimize

Z
Z

(Tzw)ll (Tzw)12
(Tzw)21 (TZW)ZZ

W1 W3G1S W2 W3CP

T.. —
=1 W GIKS WaW.KS

; ey

where G| = Cp(sI — Ap) 'Bip, Gy = Cp(sI — Ap) "' Bap, S = (I — G,K)™".

One can see from the system matrix (21) that by manipulating the weights, the frequency
response can change. The solution of Eq. (21) can be obtained by selecting a feedback function K
of the following form (see Ref. [10] for details):

A—BK,—ZK,Co+y2(B1B, — ZooK;: D21 B)) X ZooK,
—-K,. 0

; (22)

where K. = Di5(ByX oo + D),C1), K, = (Yoo Cs + BiDy)Da1, Zoo = (I — 72V Xo0) .
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H.. Design Plant

B, C: > z,

B, (sI-AY! C, !

A

H . Controller (K)

Fig. 5. Block diagram of the H, controller design.

In addition, the functions X, and Y., can be obtained from the solution of the following
Ricatti equations (see Ref. [10]):

A— BgD]zD/lzcl V_zB1 B/l — BgD]zB/z
Xo = Ric ) < (23)
efe —(4 = ByD D, Cy)
[(4=BDyDyCy) y2CCi — CyDy Cy
Y = Ric o o L s , (24)

where Dy = (D},D12)"", Dy = (D2 Ds)~", Ci = — D1aD1aDy,)C1, By = Bi(I — D5, D21 Day).
In the above equations, the matrices 4, By, B,, C1, Cy, D11, D21, D12, and Dy, are the state-space
representation of the system with the states of the plant and the weights combined (see Fig. 5):

Ap 0 0 WiB:p Byp
A= |Bw3Cp Awz 0 |, B = 0 , B=1] 0 |, (25)
0 0  Awa 0 By
Dy3Cp Cyz O
— = = 26
C 0 0 Cual Dy =[0], D Dy |’ (26)
C, =[Cp 00], Dy =[0 W3], Dy =[0]. (27)

Finally, the controller will be stable if Amax(X oo Yoo)<y2, where Amax 1S the largest eigenvalue of
X oo Y. If this condition is met, then y can be reduced and the Ricatti equations solved again.
This continues until the largest eigenvalue of X o, Y is less than y?, where the previous iteration
becomes the controller.
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4.2.1. Inertial actuator

The control for the inertial actuator is the more complex of the two control systems because the
modeling of the actuator itself adds a second-order differential equation. We are only interested in
the first mode of vibration because we are placing the inertial actuator in the center of the plate.
The placement of the actuator allows it to excite—and therefore control—only the first mode. The
dynamics of the inertial actuator is modeled with a second-order differential equation. Thus, the
system can be modeled by two second-order differential equations:

M+ ™y = ekalz = o) + e = a) = kfV) + cFe, (28)

M 2"+ ko(z — cny) + ca2 — eny) = kfV, (29)

where Fe, is the excitation force; w the modal frequency, 1616.33; ¢ the modal coefficient, 0.2849;
k, the actuator gain, 314911; ¢, the actuator damping, 25.6767; ks the voltage of force conversion,
0.067; M, the actuator mass, 0.118; and V' the controller voltage.

In these equations # is the generalized coordinate, z is the displacement of the inertial mass of
the actuator from the rest position of the plate. For the inertial actuator system, the weights used
in the design were

B 15,000
C 619579 x 1070+ 17

W, =500, W,y,=5x10"> W,

1.04167 x 107 "s + 1

W4 =0.125 25 x 105 11 (30—33)
The controller found under these conditions was a sixth-order system given by
i 0 1 0 0 0 0 T
—3.16 x 10° —4.06x 10° 1.11x10° 2.89x 10" —1.79 x 10°  2.51 x 10°
0 2.85x 107! 0 1 0 0

Ac

-

1.63 x 107 —8.55x10° =329 x 10° —8.59 x 10> 526 x 107 —7.45x 10°
274 x 107 —1.51 x10* —1.09 x 10° —1.13 x 10° —7.38 x 10° —1.32 x 10'°
0 0 0 0 1 0

(34)

[3.93 x 1078 ]
3.28 x 10’
~2.30
Be = , 35
¢ 5.02 x 102 (35)
0

0
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10“‘ . 1 1 PP |

10° 10 10°

Fig. 6. Frequency response of the inertial actuator system, with the dashed curve for the original system; solid curve for
the closed-loop system.

m
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2510°

510"
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Fig. 7. Simulated results of the inertial actuator control.
Ce=[1.19x 10" —6.53x 107 —4.72x 107" —4.90 x 107 4.02 x 10" —5.69 x 10°], (36)

D¢ = [0]. (37)

The frequency response of the system with and without the controller is shown in Fig. 6.
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The closed-loop system, including an external disturbance acting at the resonant frequency
of the first mode of the plate, was implemented in a symbolic module in Mathematica 3.0 and
tested numerically. The vibration in the plate started to build up until the controller was turned
on. At that time, the controller hit the maximum voltage allowed to the inertial actuator (80 V).
The actuator saturated but continued to damp out the vibrations. The residual vibration of
the plate eventually reached a steady-state magnitude of 1.5 x 107®m. Fig. 7 shows the
simulated results.

4.2.2. Distributed strain actuator

The H,, approach taken above was then utilized for the distributed strain actuator. The
distributed strain actuator offers the advantages of low weight and simpler modeling. In this case,
the distributed strain actuator is attached to the plate and has negligible mass. Therefore, the
equation of motion of the plate is not altered. This allows us to model the system with one second-
order differential equation:

17/{+w2111 =N,V 4+ cFq, (38)

where Fey is the excitation force; w the modal frequency, 1616.33; ¢ the modal coefficient, 0.2849;
N, the modal force, 0.02004 (see Eq. (18)); and V the controller voltage.

Again, n represents the generalized coordinate of the system.

During implementation, one should monitor the spill-over effects into higher modes. However,
the symmetry of the distributed strain actuator about the center of the plate ensures that spill-over

E 7\
-7 71\
0F / \ 3
————————— - \
- \
10° b AN _
N
N N
) SN
10 F S ~ N -
— ~
B v S N
SN
107k N . 4
.
.
1 N
10k \ 4
R
" AN
10 :F \\ i:
o N
10°F N

~14 L ) 1

? 10° 10

Fig. 8. Frequency response of the H,, controller with the patch, with the dashed curve for the original system; solid
curve for the closed-loop system.
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Fig. 9. Time-domain response of the H, controller with the distributed strain actuator.

effects are absent. The weights chosen for this design are given as

_1x10°

A |
Wi=5  W,=18x10"° W;= _160(6000+)

- , Wy =100 - (39—42)
16l4+1 m‘*‘l

With a second-order plant and two first-order weights, a fourth-order controller was designed.
The frequency response of the system is shown in Fig. 8.
The state-space matrices of the resulting controller were given by

0 1.704 6390 0
—2.192 x 10° —2.303 x 10° —1.824 x 10®  6.657 x 10°
A= . : (43)
0 4.608 x 10 —929.8 0

2.101 x 107 —2.390 x 10° —9.402 x 10° —6.784 x 10°

—84,517
2.7064 x 10'0
B= , (44)
33,644
0
C=[61432 —6.9902 —2.7494 x 10° 971.3], D = [0]. (45,46)

This controller was simulated under the same test conditions as the first case. The results showed
that the distributed strain actuator was able to achieve better control than the inertial actuator.
Fig. 9 shows the time domain results of the controller.
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Plate with
a distributed
strain actuator

Fig. 10. Experimental test setup: plate and speaker.

r

DSP board with
ADC/DAC daughter board

Distributed Strain
actuator

Inertial
Actuator

Fig. 11. Experimental test setup: electronics.

5. Experimental results

To verify the analysis, an experimental test setup was created. A 6” x 6” (15.24cm x 15.24cm)
aluminum plate with a thickness of 0.032” (0.8128 mm) is mounted in an aluminum frame. A
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150 T T T T T T T T T
" PVF - 121 pm
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= Passive - 74.8 um
2 ? H. -69.5um
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Passive - 31.3pum
H. - 24.5 um
PVF - 22.5 um
0 N,aﬁw o % A 1 1 1 4
0 50 100 150 200 250 300 350 400 450 500

Frequency

Fig. 12. Frequency response of controllers using the inertial actuator, with solid curve and diamond markers for no
control (first max. of 74.8 mm and second max. of 31.3mm); dotted curve and star markers for PVF (first max. of
121 pm and second max. of 22.5 um); and dashed curve and circular markers for H, (first max. of 69.5 pm and second
max. of 24.5 pm).

speaker is placed over the plate to generate the external excitations (see Fig. 10). Because the
initial impetus for this design was to use the controller on an aircraft, the electronics were chosen
with that environment in mind. The control algorithms are implemented on a 150 MHz TI 6711
Floating Point digital signal processor (DSP) with a TLV2541 analog-to-digital converter (ADC)
and a TLV5636 digital-to-analog converter (DAC). Analog circuitry is used to power the
accelerometers and condition the signal before the ADC and an amplifier is used to amplify the
signal from the DSP to the actuators (see Fig. 11).

5.1. Inertial actuator

Two controllers were implemented with the inertial actuator, PVF and H .. Because of noise in
the system, the controller’s gain had to be reduced from the theoretical values to achieve stability.
The gains were reduced by three orders of magnitude for both the PVF and H,. When the
inertial actuator was added, the combined effect of the second degree of freedom and the inherent
passive damping was observed as two new natural frequencies with lower amplitude vibrations.
The two new natural frequencies are at 70 and 465 Hz (the natural frequency of the bare plate was
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Fig. 13. Frequency response of controllers using the patch, with solid curve and star markers for no control (max. of
107 um); dotted curve and diamond markers for PVF (max. of 14.7 um); and dashed curve and circular markers for H
(max. of 7.6 um).

at 212Hz). In addition, the lowered magnitudes at the two natural frequencies were 74.8
and 31.3 um a reduction of 30% and 71%, respectively (the resonant magnitude of the bare plate
was 107 um).

The PVF controller further reduced the vibrations at 465 Hz 28% from the actuator off level for
a total reduction of 79%. However, at 70 Hz, the vibrations increased 62% for a total increase of
13%. The H, controller was able to reduce the vibrations at both frequencies (7% at 70 Hz and
22% at 465 Hz) for a total reduction of 35% and 77% at 70 and 465 Hz, respectively. The results
are shown in Fig. 12.

5.2. Distributed strain actuator

The same two control methodologies used with the inertial actuator were used with the patch.
Again, the gain had to be reduced from theoretical values to stabilize the system. In this case, the
gain was reduced by three and four orders of magnitude for the PVF and H ., respectively. Using
the speaker to excite the plate at 212 Hz, the PVF was able to reduce the vibrations by 86%. The
H , controller showed the best performance with a 93% reduction in the vibrations. Fig. 13 shows
the results of the controllers.
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N

Fig. 14. Accelerometer placement on plate. Position 1 is on the backside, in the center.
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Fig. 15. Accelerometer placement test using PVF. Excitation at 212 Hz, with thick solid curve and star markers for no
control; thick dashed curve and circular markers for position 1 (backside); thin dashed curve and triangular markers for
position 2; solid gray curve for position 3; thin dotted curve for position 4; thick dotted curve for position 5; thin solid
curve and diamond markers for position 6; and dashed gray curve for position 7.
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Fig. 16. Accelerometer placement test using H ... Excitation at 212 Hz, with thick black curve and star markers for no
control (max. at 79.9 um); thick dashed black curve and circular markers for position 1 backside (max. at 8.17 um, 90%
reduction); thin gray curve for position 2 (max. at 4.1 pm, 95% reduction); thick gray curve and triangular markers for
position 3; thick dashed gray curve for position 4; thin dashed black curve for position 5; thin black curve for position 6;
and thin dashed gray curve for position 7.

5.3. Accelerometer placement

The above results were obtained when the accelerometer was placed on the opposite side from
the patch, in the very center of the plate. Because this would represent the outside of the aircraft,
several tests were conducted to see how the controllers responded to varying placement of the
accelerometer on the same side as the patch. Fig. 14 depicts the different locations used when the
accelerometer was placed at six distinct locations on the same side of the patch. Note that the
original placement on the backside of the plate was labelled as location one. In all these cases, the
accelerometer number one was used to collect the measurement data (not for feedback).

The tests were conducted with an excitation frequency of 212 and 500 Hz (the 1st and 2nd
modal frequencies, found experimentally). The vibration reduction when using PVF control with
an excitation frequency of 212 Hz, strongly depends on accelerometer placement (Fig. 15).
Positions 1 and 2 showing the best attenuation (79% and 80% reduction, respectively) while
position 6 results in the lowest attenuation (59% reduction). For the H, controller, the results
showed minor dependence on accelerometer placement with vibration reductions ranging from
90% to 95% for position one and position two, respectively (see Fig. 16).
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Fig. 17. Accelerometer placement test using PVF. Excitation at 500 Hz, with thick black curve and star markers for no
control; thin black curve and circular markers for position 1 backside (max. at 14.8 um, 19% reduction); thick gray
curve and triangular markers for position 2 (max. at 14.5um, 21% reduction); thick dashed black curve and diamond
markers for position 3 (max. at 19.9 um, 9% increase); thin dashed black curve for position 4; dashed black curve for
position 5; black curve for position 6; and gray curve for position 7.

When the plate was excited at 500 Hz, neither controller resulted in significant vibration
attenuation (there was even minor amplification in a few cases). When there was amplification, it
was very small (9% for the PVF and 9% for the H, controller). This shows that while there was
some spill-over into the second and third modes of vibration, the spill-over was negligible. Figs. 17
and 18 show the results of the 500 Hz excitation experiments.

It can be seen that the choice of accelerometer placement is dependent on the control algorithm.
In both cases, position 1 shows good results but is not feasible in the actual design since the
accelerometer would be mounted outside the aircraft. Position 2 or 5 could be chosen for the H
controller and position 7 for the PVF controller.

6. Conclusions

In this paper, four control architectures were developed and tested to control the first mode of a
6" (15.24cm) square aluminum plate that was acoustically excited. The algorithms used two
different actuators and two different control methodologies. Accelerometer placement was tested
using two of the controllers to determine how location affected performance.
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Fig. 18. Accelerometer placement test using H ., Excitation at 500 Hz, with thick dashed gray curve and star markers
for no control; thin gray curve and circular markers for position 1 backside (max. at 16.4 pum, 10% reduction); thick
black curve and triangular markers for position 2 (max. at 16.4 um, 10% reduction); thin black curve and diamond
markers for position 3 (max. at 19.9 um, 9% increase); thin dashed black curve for position 4; dashed black curve for
position 5; black curve for position 6; and gray curve for position 7.

Positive velocity control and H., control were implemented with the inertial actuator. These
controllers exhibited good performance in simulation but did not perform as well in the
experiments. The inertial actuator adds a second degree of freedom to the system dynamics
because of the resonating mass. This produces two resonant frequencies. In simulations, these two
frequencies were very close to each other. However, the added weight of the inertial actuator on
the plate was not modeled so the natural frequency of the plate in simulation was higher than in
the experiments. Both the PVF and H, controllers performed well at the higher frequency (77%
and 79%, respectively). Yet the performance of the H., controller was superior to the PVF
controller at the lower frequency (35% attenuation vs. 7% amplification).

The distributed strain actuator was also used with PVF and H., controllers. The simulation
results in this case were outstanding. The experimental results, perhaps not as much as the
simulation, were also excellent. The H,, controller outperformed the PVF (93% reduction in
vibrations vs. 80% for PVF).

The experimental results, while good, did not perform as well as the theoretical results, mainly
due to saturation of the accelerometer and delay in the system. Saturation due to high-frequency
noise and the digitizing effects of the DAC were not accurately modeled. In order to prevent
saturation in the experiments, the gain of the controllers had to be reduced. A small displacement
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will correspond to a large acceleration at higher frequencies, saturating the accelerometers. This
was seen in experiments and the gain had to be reduced to prevent this.

As far as actuator choice the distributed strain actuator was superior in all cases. The
distributed strain actuator was simpler to incorporate because it did not add a second degree of
freedom. Furthermore, the distributed strain actuator is compact and performs better
experimentally. This clearly shows that it is a better choice for future investigation.

An additional study was undertaken to study the spill-over effects (unintentionally exciting
higher modes) and effects of accelerometer placement when patch actuators were used. The results
showed that spill-over did occur, yet it was small, especially with the H,, controller. This was
attributed to the noise rejection capacity of the H., control method. The accelerometer placement
also affected the results. The vibration suppression with the PVF controller was affected by the
accelerometer placement while the H, controller was less affected. This can be also attributed to
the robust nature of this type of control.
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