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Abstract

Idle gear rattle is associated with the characteristic noise that unselected impacting gears radiate to the environment. It is
induced by engine order vibration in the presence of backlash in the unengaged gear pairs, resulting in oscillatory response
within their backlash range. A tribo-dynamic model of a front wheel drive manual transmission has been developed to
study idle rattle, considering the hydrodynamic contact film reaction and flank friction. The model includes the torsional
motions of the idle gears and the lateral motions of the supporting output shafts. The hydrodynamic lubricant film formed
between the gear teeth under light impact loads behaves as a nonlinear spring-damper mechanism, whilst the inclusion of
the shafts’ bearing compliances introduces additional nonlinear terms, which are modelled as piecewise linear functions.
The aim of the paper is to extend the existing methodology reported by the authors on idle rattle investigations of geared
lubricated systems, based on torsional vibrations only, by considering the system response, which is eventually transferred
to the gearbox case through the bearings. These are preliminary results found, which conform closely to experimental
measurements taken from a vehicle equipped with a manual transmission of the same type.
© 2007 Elsevier Ltd. All rights reserved.

1. Introduction

Gear rattle is caused by torsional vibrations of the crankshaft due to the engine firing frequency and inertial
imbalance [1,2]. This initiates cyclic angular accelerations to be transmitted from the engine to the
transmission input shaft, leading to impacts of gear and spline teeth due to gear tecth oscillating within their
backlash [1,3,4]). The gear vibrations are transmitted via the supporting bearings to the transmission case [5],
which vibrates as a membrane, hence, acting as a structure borne noise radiator [6,7]. In most of the literature
available, torsional models of the idle gears are presented to simulate gear rattle, including hysteresis, gear
backlash, the meshing stiffness and linear damping. Backlash is usually modelled using the dead space
function, while the clutch stiffness and hysteresis have been modelled as piecewise linear functions [8,9].

The gear teeth stiffness has been usually considered as constant [6,10] or using time-varying coefficients
[11-16]). The contact stiffness utilised by Yakoub et al. [12] was also dependent on gear geometry, whilst
Bellomo et al. [17] represented the teeth contact forces following the Hertzian approach and considering
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Nomenclature

C clearance between gear and shaft

C), gear teeth normal backlash

F petroff friction force

F; hydrodynamic flank friction force

Fii = 1...6rev) hydrodynamic load on the ith tooth
flank

h lubricant film thickness

I — 123456 moment of inertia of the ith gear
wheel

I,y moment of inertia of reverse pinion

Iy moment of inertia of reverse gear wheel

K linear stiffness

K, mean lubricant stiffness

Koii = 1.....) mean lubricant stiffness of the ith
gear pair

Korevy mean lubricant stiffness of reverse gear
pair

K., amplitude of the alternating lubricant com-
ponent (the pth cosine term)

K, amplitude of the alternating lubricant com-
ponent (the pth sine term)

/ the distance between the instantaneous contact
point and the pitch point

/; length of contact surface in the conformal
contact between gear and shaft

L length of contact line

n; the tooth number of the ith gear wheel

rp base radius

r. radial distance of pinion and wheel contact
point

Feq the equivalent curvature radius of two teeth
surfaces at their contact point taken at
the normal plane

ros radius of the output shaft

r, contact radius of the pinion

¥pp pitch radius of the pinion

Fprev contact radius of the reverse speed pinion

. pitch radius of the gear wheel

Fwiti = 1....6.rev) CcONtact radius of the ith gear wheel
Ttwiti = 1....6.revy flank friction torque on the ith
gear wheel

Tiractwii = 1,...60ev) tractive torque between the
output shaft and the ith gear wheel

u entraining speed of gear teeth during meshing
action

ug sliding velocity of the meshing gear teeth
surfaces

v tangential velocity between idle gear and
supporting shaft

v,, rolling velocity of the gear wheel tooth surface

v, rolling velocity of the pinion tooth surface

Vi, p Pitch velocity of the pinion

Vpiten, w pitch velocity of the gear wheel

W lubricant hydrodynamic reaction

x displacement of the first output shaft along the
X-axis

X, displacement of the first output shaft along the
Xop-axis

y1 displacement of the first output shaft along the
yi-axis

y, displacement of the first output shaft along the
Vo-axis

o, normal pressure angle

o, transverse pressure angle

B pitch circle helix angle

P, base circle helix angle

A contact lines inclination angle

At time step

no dynamic viscosity at atmospheric conditions

A bearing reaction

pp curvature radius of the pinion tooth surface in
the transverse plane

pwi curvature radius of the ith gear wheel tooth
surface in the transverse plane

@1, prev angular displacement of the 1st speed gear
and reverse pinion

@i = 2...6) angular displacement of 2nd, 3rd, 4th,
5th and 6th idle gear wheels

@in angular displacement of the input shaft

Qwrey angular displacement of the reverse speed
gear

¢,, @, pinion and gear angular displacements

¢, output shaft rotational speed, here ¢, =0

¢,, idle gear wheel angular velocity

Subscripts

a,b,c,d bearing designations on the output shafts

p pinion

prev pinion of reverse gear

w gear wheel

wrev wheel of reverse gear

x,y in the x- and y- directions, respectively

X1, V1, X0, ¥» related to the xi,y1,x5,), axes,
respectively

xji related to the x; axis and ith gear (j = 1,2)

Xjin related to the x; axis and input shaft (j = 1,2)

Xjrev related to the x; axis and reverse gear

(=12
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Xjy« related to the x; axis and y; displacement Virev related to the y; axis and reverse gear
G=12;k=1,2) (G=12)

Xjy related to the x; axis and xj displacement Vixie related to the y; axis and x; displacement
G=12;k=1,2) G=12k=12)

yji related to the y; axis and ith gear (j = 1,2) Vv related to the y; axis and y, displacement

yiin related to the y; axis and input shaft (j = 1,2) G=12k=12)

coefficients of restitution. Brancati et al. [18] modelled the gear stiffness, using an approximate equation, in
which the stiffness depends on the position of the pinion in the contact zone, tooth width, tooth depth and
helix angle. Similar approach was also followed by Umezawa et al. [19] and Cai [20], who modified the
approximate method by incorporating the effects of tooth numbers and addendum modifications.
Furthermore, Brancati et al. [18] followed Umezawa et al. [19] and Cai [20] into transforming the torsional
gear system into a translational system along the line of action.

Usually, lubricant effects were regarded as resistive action only, and mostly dry gear teeth impacts have
been considered in rattle investigations. Rust et al. [21] reported lubricant viscosity and oil depth as major
components contributing to drag torque. Dogan [22] considered the oil squeeze action between the meshing
teeth and the gear flow action in the bulk oil as resistive torques. Examining the oil effect further,
Gnanakumarr et al. [23] assumed line contact between the gear flanks and hydrodynamic action in the lightly
loaded counter-formal lubricated contacts between the gear teeth. A hydrodynamic formula proposed by
Rahnejat [24] was used in this investigation, which takes both forcing and damping effects into consideration
and depends on the lubricant entrainment speed, the contact geometry, and the approach velocity between the
teeth. Brancati et al. [18] have considered the damping effects of oil only assuming an elastic force when gear
teeth are in contact and nonlinear damping force during separation. Unlike Gnanakumarr et al. [23], who
assumed the drag in idler gears to be a function of the relative velocity between gear and shaft, Brancati et al.
[18] considered a constant drag torque. The damping force introduced was based on assumptions, such as:
constant radii of curvature (taken at the pitch points) and viscosity, and ignoring sliding velocity. Similar
assumptions were used by Gnanakumarr et al. [23]. In both investigations, it was concluded that the presence
of lubricant in the contact zone and increased viscosity lead to reduction in rattle vibrations.

The objective of this work is to extend the methodology in Theodossiades et al. [25] on idle rattle
investigations of geared lubricated systems. Moreover, a preliminary comparison between the numerical and
experimental findings is also provided. Clearly, further numerical predictions would be required for detailed
comparisons. The new contribution beyond the reported work by Theodossiades et al. [25] is the inclusion of
the lateral motions of the gear wheels’ supporting output shafts in the system equations of motion. This
feature can permit the calculation of the transmitted force from the vibrating idle gears to the gearbox, which
is a necessary step, in order to determine the radiated structure borne noise from the gearbox surface. These
high frequency contributions account for the differences between the predicted spectra and those measured,
since the model does not include the thin shell supporting structures, such as the transmission bell housing.

2. The mechanical model

The mechanical model is comprised of 11 degrees of freedom (Fig. 1), seven of which are torsional,
representing the idle gears angular motion, whilst the remaining four degrees of freedom represent the
rectilinear motions of the supporting output shafts (excluding the axial motion). The equations of motion for
the idle gears mounted on the two output shafts are then formulated as follows:

For the Ist idle gear wheel (combined with the reverse speed pinion, as shown in Fig. 1)

(1 + Iprev)ébl,prev = Fl(@l,prew Din> (pl,preva Pins yl)rwl
- Frev((pwrev’ (Pl7prev9 (bwrev’ (pl,preva Y1 9y2)rprev

— T (wl,prevv Pin> gbl,preva (pin) - Ttraclwl(¢l,prev)' (1)
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Fig. 1. Front wheel drive transmission layout.
For the 2nd idle gear wheel
D py = Fa(03, @ins 925 Pins YTw2 — Trw2 (@2, @ins @25 Pin) — Tiractw2 (92)- 2)
For the 3rd idle gear wheel
I35 = F3(03, ®ins @35 Pins V1)Iw3 — T503(935 Pins @35 Pin) — Ttractws (@3)- 3)
For the 4th idle gear wheel
149y = Fa(@4 Pin> Pas Pins YITwa — Trwa(@as Pin> Pas Pin) — Tiractwa(Py)- “4)
For the 5th idle gear wheel
I5ps = Fs5(¢s, @in> @55 Pins Y2)Tws — Trws(@s, Pins @55 Pin) — Tiractws(@s)- (5
For the 6th idle gear wheel
L6 = Fo(®g5 Pin> Po> Pins Y2)Tw6 — Ttw6(@g> Pin> Pos Pin) — Tractws (P6)s (6)
and for the reverse gear idle wheel
Lurev@yrey = Frev(@yrevs @1 prevs Pwrevs Plprevs V1> Vo)l wrev
= Twrev(Pyrevs @1 prevs Purevs P1prev) — Tiractwrev(Pyrey)- (7

In the above equations, F; ; — 1 ¢, rev) T€present the hydrodynamic reactions between the gear teeth meshing
surfaces, 7, (; = 1...6, rev) are the contact radii of gear wheels and r, is the contact radius for the reverse speed
pinion. The flank friction force is given by Twi i — 1...6, rev)» While the tractive force between the output shafts
and the idle gear wheels is given by Tiractwi (1= 1...6, rev)-

The rectilinear equations of motions are formulated as follows (Fig. 1):

For the Ist output shaft

Mix1 = Fa(@in, @ins @i @i Y15 Y2) — Aax(X1) — Api(x1), ®)

My, = Fyl(‘/’im Pins Pis P> V15 V2) — Auy()’l) - Aby(yl)» ©)

where i = 1, prev; 2; 3;4; wrev.
For the 2nd output shaft

M2x2 = F\'Z((pnp (pbiny on, qbirylayz) - Acx(XZ) - Adx(xz)’ (10)

My = Fyo(@ins Pins @i Pis V15 12) — Aey(¥2) — Aay(32), (11)

where i = 1, prev; 5; 6; wrev.
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Fyi, Fy1, Fx; and F), are the sums of the components of F; ;— 1. ¢, rev) in the xi, 1, X5, y» directions,
respectively. Agy, Apy, Aays Apyy Aexs Adax, Aeyy and Ay, are the bearing reactions in x and y directions. The
displacements of the first and second output shafts in x and y directions are xj, x», y;, and y», respectively.

Due to the low loads experienced under engine idle conditions, iso-viscous rigid hydrodynamic conditions
have been assumed between the gear meshing teeth [25]. The lubricant reaction, W, for such conjunctions was
derived by Rahnejat [24] and also independently by Sasaki et al. [26]:

W= Lngreq 2yt — 3n 0h ’ %<0
h 2,0t ot
fidd : (12)
Feq
Lngreq oh
w=—=0 —=0
), o
The load on each tooth flank is then given by:
Fi(i:l..b,rev) = W cos ﬂ COS 0. (13)
The hydrodynamic flank friction [27] is acting normal to the line of contact (Fig. 2):
U JT
Fr= M’ (14)
~2h
and the corresponding torque due to tooth flank friction is defined as:
Fosi .
_ rcFyosinay, sin B (15)

/= "cos B/ cos B,

The traction induced by the supporting needle bearings of the idle gears can be reasonably approximated using
the hydrodynamic Petrov friction approach [23] for a concentric arrangement with zero eccentricity (Fig. 3),
since the loads experienced under idling conditions are low. It can be written in the following form:

oL 1 70s
F=—"—"—. 16
- (16)
The generated resistive torque is calculated as

Ttract = Fros~ (17)

The bearing reaction forces are in the following form [28]:
A=K(x—b"", (13)

Contact lines
« at different times during

meshing

b Gear
rotation

/

\/F Tooth flank

Fig. 2. Contact lines and hydrodynamic friction on tooth flank.
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Fig. 3. Hydrodynamic reaction and petrov’s force.

where x is the shaft displacement and b is the bearing clearance. The coefficient of stiffness K depends on the
bearing geometric properties [28].

3. Experimental set-up

A passenger vehicle equipped with a diesel engine and a manual transmission was used to validate the
numerical model. The vehicle was tested with the engine in idle conditions and the transmission in neutral, in a
semi-anechoic environment to minimise the influence of background noise. The aim was to correlate the
frequency spectra of the numerical model output shafts to that of the transmission walls at the corresponding
locations (due to limited access to the transmission shafts) and thus, to examine the model accuracy, since it is
well established that rattle noise is radiated to the environment due to vibration of the gearbox surface. The
mounting positions for the accelerometers were chosen in a suitable way to follow the path of vibration
transfer. Thus, measurements were taken from the bearing locations on the transmission housing, the
transmission wall, as well as from the transmission mounts to the vehicle chassis (Fig. 4). The sample rate was
set to 12,000 Hz. Additionally, impact hammer testing of the gearbox housing revealed its natural frequencies.

4. Results and discussion

The case examined corresponds to typical values for gear backlash (from 80 to 150 um, with the larger
values corresponding to the higher inertia gear pairs), lubricant dynamic viscosity (0.05122 Pa s, corresponding
to 39.4°C temperature of the transmission bulk lubricant) and engine speed in idle (810 rev/min). Similar
temperature conditions had also been recorded experimentally in the vehicle tested and measurements were
captured for comparison reasons. The equations of motion are solved numerically, using the linear
acceleration method [29] for sufficient real time to eliminate transient phenomena, appearing at the beginning
of the simulation due to the initial conditions. The geometric and meshing cycle characteristics of the idle
gears are determined, which in turn are used for the computation of the reaction forces and the response of
the idle gears and output shafts. The most important excitation source in the numerical model is engine
order vibration, leading to torsional fluctuations of the transmission input shaft nominal angular velocity.
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ond Side Wall
Output
Shaft
Transmission
Input Mounts
Shaft

Fig. 4. Accelerometer pick-up locations on the transmission housing.

The input shaft response has been acquired from the vehicle under investigation and is used as input to the
numerical model.

Fig. 5 shows the FFT spectra of the output shafts’ rectilinear motions. There are high frequency
contributions in both x and y directions, due to the bearing stiffness affecting the motion of the shafts. More
specifically, the first output shaft exhibits lower frequencies (1771 and 1798 Hz) compared to the second shaft
(1990 and 2137 Hz) because of the larger mass of the first shaft assembly. The characteristics of the shafts’
vibration are important, since these components are in the path of vibration transfer from the input shaft to
the transmission case. To understand better these contributions and the lubricant effect on the system
dynamics, the undamped natural frequencies of the model arising through linearisation of Egs. (1)—(11) are
calculated. The equation of motion of the input shaft is also included in this process.

The lubricant stiffness is determined by differentiating Eq. (12) with respect to the film thickness,
considering the rolling term only:

ow;
oh;

K(p) = ‘ . (19)

This stiffness is a function of time, since it depends on the film thickness and gear contact kinematics as a
function of the rolling/sliding geometry. By neglecting the tooth-to-tooth variations, the fundamental period
of the impacting stiffness is equal to ¢;7 = 2n/n;, where n; represents the tooth number of the driving gear [15].
Therefore, the lubricant stiffness can be approximately expressed in a Fourier series as follows:

[o¢]
K(p,) = Koi + Y _ Kep cos(pnip;) + K sin(pnip;). (20)
p=1

The linearised model occurs by only retaining the constant term for the lubricant film stiffness in the Fourier
series expansion of Eq. (20). This does not significantly alter the response characteristics of the nonlinear
impact problem as the aim is to identify the undamped natural frequencies of the lubricated system in this
instance. Therefore, the friction terms have not been included, since these are terms depending on the velocity
of motion and, consequently, they are regarded as damping terms. It is now well established that fluid film
damping contribution is quite insignificant ([30] both experimentally and through theoretical predictions for a
set of wavy surfaced discs in contact, also verified through transient lubricated contact analysis by Mehdigoli
et al. [31]). Another study for bearing dynamics carried out by Rahnejat and Gohar [32] shows that damping
contribution due to hydrodynamics is higher than that under elastohydrodynamics, but very low in any case.
Therefore, the damped natural frequency is very close to its undamped value. Therefore, the equations of
motion for the linearised model are formulated as follows:
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Fig. 5. FFT spectra of the output shafts’ lateral responses (a) xi, (b) yi, (¢) x», and (d) y,.
For the input shaft
4 6
Ly + ZKOi”pi(Vpi(Pin — wi®; = ¥1) + ZKOirpi(rpi(Pin — rwip; — y2) = 0. 21
=1 i=5
For the Ist speed idle gear (combined with the reverse gear pinion)
(I + Iprev)q.bl,prev + KOlrwl(legol,prev + V1= 11 ¢in)
+K0(rev)rprev(rprev(pl’prev + X1 SIn €1 + Y| COS &1 — FyreyPyypey — X2 SIN €1 + ), €OS &) = 0. (22)
For the 2nd speed idle gear
12<b2 + KOZrWZ(VwZ(pZ + Y1 — rpZ(pin) =0. (23)
For the 3rd speed idle gear
I35 + Ko3rya(rwz s +y) — Vp3(/7in) =0. (24)
For the 4th speed idle gear
I4<b4 + K04rw4(rw4(p4 + Y1 — rp4(pin) =0. (25)
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For the 5th speed idle gear

Isps + Kosrus(rusps + y2 — 1ps@in) = 0. (26)
For the 6th speed idle gear

Ts(g + Koorwo(rwe®s + ¥2 — rpe i) = 0. (27)

For the reverse speed idle gear

Iwrevébwrev 28
+KorevFwrev(Fwrey Pyrey + X2 SIN €2 — Py COS &2 — FprevP| prey — X1 SIN &1 — py €08 &) =0 [~ (28)
For the 1st shaft
4
M+ Ky + Ketrew@rey + Katin®@iy + K11 + Koy =0, (29)
i=1
4
My, + ZKrliQDi + Kyirev@rey + Kyiin@in + Kyixaix1 + K1y = 0. (30)
i=1
For the 2nd shaft
6
MZ)%Z + Kx21(/)1 + Z KxZi(Pi + Kx2rev(prev + Kx2in(/)in + Kxelxl + Kx2y1y1 = 0» (31)
i=5
6
Mojr + K10y + ) Koip + Kyres@rey + Kyoin@iy + Kyzuxi + Kyopiyy = 0. (32)

i=5

The solution of the eigenvalue problem determines the natural frequencies and normal modes of the system,
which are shown graphically in Fig. 6. As it can be seen from Eq. (19), the lower the hydrodynamic film
thickness, the higher the natural frequency of the corresponding gear pair with the film stiffness being
proportional to 1/h*. The natural frequencies of the shafts’ rectilinear motions clearly dominate the
corresponding FFT spectra, as it can be seen from the graphs of Fig. 6. The normal modes also reveal strong
coupling between the motions of the 1st, 4th and reverse gears and between the motions of the Sth gear
and second output shaft in the y direction, whilst a weaker form of coupling exists between the 3rd and 6th
idle gears.

Wavelets of preliminary experimental measurements from the vehicle for similar temperature conditions, as
in the numerical model are shown in the graphs of Fig. 7. The measurements were taken from the transmission
housing pick-up points close to the input and output shaft bearing locations. The main frequencies observed in
the spectra are explained as follows:

® 377 Hz corresponds to the natural frequency of the 3rd gear pair (367 Hz), as well as to the meshing
frequency of the same gear pair (384 Hz). In Table 1, the meshing frequencies of the gear pairs are provided
(calculated by multiplying the number of gear teeth by the rotational speed of the corresponding gear). The
frequency of 738 Hz is the second order of the aforementioned frequency.

® 437 Hz corresponds to the natural frequency of the 6th gear pair (436 Hz) and to the meshing frequency of
the 5th gear pair (468 Hz) (within 10% difference).

® 1760 Hz corresponds to the natural frequency of the 1st output shaft x and y motions (1775 and 1800 Hz,
respectively) with less than 3% difference in both cases. It is also very close to one of the main natural
frequencies of the transmission case (1750 Hz), as it has been identified experimentally with hammer testing.
In Table 2, the natural frequencies of the transmission housing below 3000 Hz are shown.

® 2001 Hz corresponds to the natural frequency of the 2nd output shaft x motion (1989 Hz), whilst 2121
and 2180 Hz correspond to the natural frequency of its y motion (2146 Hz) with less than 2% difference in
both cases.
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Fig. 7. Wavelets of the gearbox wall response close to the output and input shaft bearing locations.
Table 1
Meshing frequencies of the gear pairs
Ist 2nd 3rd 4th Sth 6th Reverse
172Hz 291 Hz 384 Hz 504 Hz 464 Hz 504 Hz 107 Hz
Table 2
Natural frequencies of the gearbox in the frequency region below 3000 Hz
1020 Hz 1200 Hz 1430Hz 1750 Hz 1845Hz
2070 Hz 2380Hz 2700 Hz 2890 Hz 3065 Hz
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The above observations reveal a reasonably good agreement between the numerical analysis and the
experimental findings. At this point, it is important to underline that the equation of motion of the input shaft
has not been considered in the nonlinear analysis, since the kinematics of the shaft were available from
experimental measurements for direct use, as input conditions in the numerical model. This arrangement has
resulted in isolating the input shaft from accepting reactions backwards from the idle gears, which could well
be the case for the real system. However, these reaction forces are expected to have little effect on the dynamics
of the system, since they are very low compared to the engine excitation. Nevertheless, the numerical analysis
has predicted the vibration frequencies of both output shafts and the natural frequencies of the idle gear pairs,
which are present in the spectra of the experimental measurements. In order to investigate the effect of the
design/operating parameters of interest (lubricant viscosity, backlash, clearance at bearings etc.) on the idle
gears vibrations, more results (both experimental and numerical) are needed for a range of values. This forms
the basis of ongoing research.

5. Conclusions

A new methodology for the study of idle gear rattle in automotive manual transmissions has been proposed,
taking into account the effect of lubricated contacts. The lubricant behaves like a nonlinear spring damper,
affecting the response of idle gears during the meshing cycle. The examination of the linearised system has
revealed its natural frequencies, demonstrating that lubricant viscosity is an important factor, which governs
the overall system behaviour, affecting the interacting reaction forces, drag torque and friction in the gear
pairs. The preliminary experimental measurements taken from a vehicle equipped with the same transmission
type as the one modelled are in good agreement with the numerical findings. The inclusion of the transmission
case (using FEA techniques) and the input shaft in the numerical model accompanied by a thorough
parametric study of the technical parameters of interest will be necessary in order to obtain a broader
spectrum of response that is observed in practice. This forms the next steps in the ongoing investigations.
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