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Abstract

H,, and H, optimization problems with respect to a dynamic vibration absorber (DVA) in a single degree-of-freedom
(sdof) system are classical optimization problems and solutions to them were found about half a century ago. Numerical
solutions to the H, and H, optimization problems with respect to DVA for a multi-degree-of-freedom (mdof) or
continuous system can be found in the literature but their analytical solutions have not yet been found. In this article, we
report the derivation of an analytical solution to the H, and H, optimization problems of DVA applied to suppress
random vibrations in plate structures. Analytical formulae are also proposed to express the optimal tuning frequency and
damping ratios of the absorber. The established theory improves our understanding of the effects of different parameters
including the mass, damping and tuning ratios and also the point of attachment of the absorber on the vibration
absorption by the absorber. Numerical results show the usefulness of the optimization solutions in comparison to solutions
suggested by other researchers based on other approaches to the problem.
© 2008 Elsevier Ltd. All rights reserved.

1. Introduction

Using a passively tuned dynamic vibration absorber (DVA) is one way to suppress random vibration in
mechanical and civil structures. It was invented by Frahm [1] in 1911. In 1928, Ormondroyd and Den Hartog
[2] pointed out that the damping of the DVA had an optimum value for the minimization of the amplitude
response of the sdof system at resonance. Such optimization criterion is now known as H, optimization. The
fixed-points theory of Den Hartog [3] was commonly used for the determination of the optimum tuning
frequency and damping ratios of the DVA attached to an sdof vibrating system.

H> optimization of the vibration absorber has the objective function of minimizing the total vibration
energy of the primary structure under white noise excitation. In 1963, Crandall and Mark [4] found out the H,
optimized tuning frequency and damping ratios for the sdof system.

Some recent research work on the optimum tuning of DVA for sdof systems can be found in the reports of
Asami et al. [5,6]. They derived the analytical solutions to H, and H, optimization problems of DVAs
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Nomenclature U velocity amplitude of the plate
U acceleration amplitude of the plate

a Fourier coefficient of g w stationary random function of time of
b Fourier coefficient of ¢ the externally applied force
c damping coefficient of the absorber w Laplace transform of w
D flexural rigidity X,y spatial variables
E modulus of elasticity Z non-dimensional frequency response
f normalized frequency function of the plate
g deterministic spatial function of the v Poisson ratio

externally applied force o material density
h thickness of the plate ¢ damping ratio of the absorber
] =v-1 @ eigenfunction of the plate without the
k stiffness of the absorber absorber
L., L, length and width of the plate Y non-dimensional natural frequency of
m mass of the absorber the plate
n Fourier coefficient of u ) natural frequency of the plate without
N Laplace transform of n the absorber
P, q indices of the eigenmodes Wy, undamped natural frequency of the
R Laplace transform of r absorber
s Laplace variable Wyp, Pup frequency and shape of the «fth mode
S spectral density of the vibration re- at which the absorber is tuned for

sponse of the plate vibration control
t time variable ! mass ratio between the masses of the
T tuning ratio of the absorber absorber and the plate
u dynamic displacement of the plate € equivalent mass ratio
U Laplace transform of u

attached to damped linear systems. Research works found in the literature on the optimum tuning of DVA for
the mdof system or the continuous system are mostly numerical optimization methods. Rice [7] reported the
use of a SIMPLEX nonlinear optimization procedure to determine the H,, optimum tuning of a vibration
absorber applied for suppressing the vibration of a beam. Hadi and Arfiadi [8] used a genetic algorithm to
solve numerically the H,-optimized tuning frequency and damping ratios for mdof systems. Jacquot [9]
proposed a transfer function of the plate attached with a DVA. He set the frequency ratio to one and
determined the optimum damping ratio of the absorber based on the transfer function. However, it is shown in
the latter sections of this article that the optimum frequency ratio of the absorber is in general not equal to one
and another set of optimum frequency and damping ratios has been derived based on the proposed analytical
model. Dayou [10] applied the fixed-points theory [3] and proposed a set of optimum frequency and damping
ratios for global control of the kinetic energy of a continuous structure using DVA. Zuo and Nayfeh [11] and
Wong et al. [12] studied DVA of two-degree-of-freedom for suppressing vibration in the sdof system and in
beams under forced single harmonic vibration, respectively.

In this article, a theory is established for describing the excitation-response relation leading to the H ., and
H, optimum tuning of the DVA attached onto a plate structure. The present case is much more complicated
than an sdof structure because an improper selection of attachment point for the absorber may lead to an
amplification of vibration in other parts of the structure [12]. The established theory improves our
understanding of the effects of different parameters including the mass, damping and tuning ratios and also
the point of attachment of the absorber on the vibration absorption by the absorber. The optimum tuning as
derived in this article based on the fixed-points theory [3] includes tuning frequency and damping ratios of the
absorber and also the position of the absorber on the vibrating structure. The objective of the optimum tuning
is to minimize vibrational displacement, velocity and acceleration of a point on the plate as well as the
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minimization of root mean square motion over the whole domain of the plate. The numerical simulations are
used to show the usefulness of the optimization solutions leading to better vibration control in continuous
systems than those suggested by other researchers [9,10] based on other approaches to the problem.

2. Theory

Consider a thin rectangular plate on the rectangular domain 0<x<L, and 0<y<L, that carries a DVA at
point (x,, y,) as shown in Fig. 1. The plate is under external distributed force w(¢)g(x, y) and the point force r(z) is
transmitted to the plate by the attached dynamic absorber. The equation of motion for the plate may be written as

phd*u _ w(ng(x,y)  r(0)

Viu4+ = 2 L U 5(x — xp)0(y — 1
ut DL = PRI 50k = 300 - 3, (M)
where the flexural rigidity of the plate D is defined as
EW’
D=—— 2
12(1 —v?) @

and where E is the modulus of elasticity, v the Poisson ratio, / the thickness of the plate and p the material density.

It is assumed that the externally applied forcing function is w(#)g(x,y), where g(x,y) is a deterministic
function of x and y, and w(¢) is a stationary random function of time. The equation of motion of the free
vibration of the plate without the absorber may be written as

ph
V4(qu(xa.y) = Bwlz,q(qu(X,y), (3)
where w,, and ¢,,(x,y) are the pgth natural frequency and eigenfunction of the plate without the absorber,

respectively. The solution to Eq. (1) can be expanded in a Fourier series written as

o0

WXy 0= npg(@y(X. ). )

p=1,g=1

Similarly, the spatial part of the forcing function can be expanded as

gy = D gy (x.p). (%)
p=1,4=1

Yo

w(f)g(x.y)
:;fij:;”;:l;f;:l‘:f]t$;{;f;:1t:f::jgl;

Fig. 1. A simply supported rectangular plate under external distributed force f and carrying a dynamic vibration absorber at point (x,, y,).
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The Dirac delta functions can also be expanded as

o0

3(X = X)0 = y) =Y bpgppy(x, 1), (6)

p=Lg=1

where the Fourier coefficients a,, and b, are, respectively,

1 a b
Apg = <%)/(] /0 9(x, 1)@, (x, ) dy dx o)

1
bpl] (L L )(/)pq(xoayo) (8)

Substituting Eqgs. (4)—(6) into Eq. (1) and performing Laplace transformation on the resulting equation with
respect to time, the result may be written as

and

x h oh
> [”3 q(s)+ 2Npq<)—”"’"W(> MR(S)](,,U(”)_O pg=123,..., ©)
1

p=lg=
where N,,(s), R(s)and W(s) are the Laplace transform of n,,(¢), () and w(z), respectively.
Since the eigenvectors ¢,,(x) are linearly independent, we may write

ph @y%hzmﬂ)———wo me@:m pg=1,23, .. .. (10)

pq
From Eq. (10) above, the generalized co-ordinates N,,(s) may be written as

@)(>hmw%m)
pq .

2 2
wpq—f—s

(11)

Performing Laplace transformation on Eq. (4) and eliminating N,,(s) in the resulting equation with
Eq. (11), the s-domain motion of any point on the plate could be written as

1 i la,,q W(s) + bpyR(s)

oh wr, + 52

Ulx,y,5) = Ppg(X, ) (12)

p=lg=1

where U(x, y,s) is the Laplace transform of u(x, y, f) with respect to time.
The force transmitted to the beam at the point of attachment may be written as

ms>(cs + k)
R(s) = =U(x0,1,,8) | ———|. 13
() = = U500 700) [ms2 i k} (13)
The functions R(s) in Eq. (12) can be eliminated using Eq. (13) to give
ms>(cs + k)
1 & | Wi(s) — pqu(xo, VosS)
Uler.9) = _Z_ P Ppg(X, ). (14)
p=1,4q=1 rq

This expresses the motion of an arbitrary point (x, y) on the vibrating plate in terms of the forcing function
W(s) and the motion at the point of attachment (x,,),). This relation would definitely be valid at the
attachment point (x,, y,) leading to

ms*(cs + k)
1 00 Apq W(S) - 27[](3%»)/0, S)
Uty =0 > e Lk D). (15)

p=lg=1 rq
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This can be rearranged to arrive at a transfer function between W(s) and U(x,, y,,s) written as

LZOO apq(ppq(xthyo)
oh =1,q=1
U(x0,¥,,5) _ ph=p=Lq a)f,q+s2 16)
W(S) 1+ msz(cs + k) Zoo bg/QDU(Xg, yo)
P ms? + es + k| =r=HE @2 45

Now it is appropriate to define the following non-dimensional parameters:u = m/phLL, is the mass ratio
between the masses of the absorber and the plate; { = c/ 23/mk the damping ratio of the absorber; w, =
v/k/m the undamped natural frequency of the absorber; 7' = w,/w,p is the ratio between the absorber
frequency and a reference natural frequency w,; of the plate; y,, = wp,/wyg is the non-dimensional natural
frequency of the plate referred to w,p and /= w/w,p is the normalized frequency.

The frequency response function of the plate can be obtained by substituting Eq. (16) into Eq. (14) and
replacing s by jo in the resulting equation written in the non-dimensional form as

“abz:il,q:] 2 _f2
pg — bpq ) Yoy
—f2 2T + T2+ i bpg®pg(Xos ¥,)
paby T
Ux.y.f) 1 f: EACUARE " S Ppg(x.y), (17
W) phwiﬁ,n:l,q:l yI%q - e

where j = +/—1. The transfer functions of the velocity and the acceleration responses at point (x, y) on the
plate surface may be written, respectively, as

Ux,p.f) ., Uxp.f)
() VW) (1®
and
U(X:yaf) _ 2 U(X,y,f)
G T ()

2.1. Optimization for minimizing the vibration at a point (x, y) on the plate

For a structure with well-separated natural frequencies, the modal displacement response in the vicinity of
the uvth natural frequency may be approximated by considering p = o and ¢ = f and ignoring other modes in
Eq. (17). Eq. (17) may then be written as

i q)oc[)’(xt)’yo) ]
Lly———5—
1= by 2 : 21 =i
(__f + 2J(Tf +T u b@ﬁ(pz/f(XO’yo))
U, 0.f) [ aapop(x. ) eeTr+13 T 1 p2
w(i) phwiﬁ 1 —f2
(a0 \ [ T2 — 7+ 2(Tf } _ [P0 20
- ( pho?, ) QLTS + T — [0 - f2) — e *QILTf + T\ pholy ¢ @9
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where

T? — f2 4 20Tf

Z(f) = [ (21a)

T QI A T = (A ) — P QLTf + TP | aap@ige )W)

is the non-dimensional frequency response of the plate, and

pho?,U(x, p.f) ]

&= 1py5(X0,y,)- (21b)

The objective of H,, optimization is to minimize the maximum vibration amplitude response at the point
(x,y) and the performance index may be defined as

—i U(x,5./) ,
H oo pi_disp = l?f (s(qu (‘Tm )) : (22a)

Similarly, the performance indices of H,., optimization for minimizing the maximum velocity and
acceleration amplitude responses at the point (x, y) may be defined, respectively, as

. U(x,9,f)
H e pt_vel = lr}f (sguyp ( 4%/‘ () ) ) (22b)
and
_ U(x, y./)
Heo pt_ace = 11}f (iu}) ( 7‘“2/; a0 ) > . (22¢)

The expression Z(f) in Eq. (20) is equivalent to the amplitude ratio as derived by Den Hartog [3] in the sdof
system attached with a DVA if the term ¢ in Eq. (21a) is replaced by the mass ratio p. ¢ may therefore be
considered as the equivalent mass ratio for applying a vibration absorber to control vibrations
in plate structures. The optimum frequency and damping ratios, and the height of the fixed points in the
frequency spectrum of the primary system in Eqs. (22a)-(22c) for H,, optimization can be derived based
on the fixed-points theory in the same way as in the case of the sdof system [5,6], and the results are
listed in Table 1.

The objective of H, optimization of the absorber is to minimize the total vibration energy of the
mass at point (x,y) of the plate of all frequencies in the system and the performance index may be

defined as [4]
El 2
o —ing (U )
- LT 27'CSFCOOC/;/D

Table 1
The approximated H ., tuning of the plate for control of vibration at point (x, y) and the height of the fixed points in the response spectrum

Transfer function Tuning ratio Damping ratio Height of the fixed points in the response spectrum
U(x’y.’f) 1 3 AupPyp(X, Y) g+1
Wi e 8(1+2) phorg Ve

U(x,./) I 2+¢ 1 624 + 24¢ + 562) AapPop(x,y) 2 1
@ W(f) l+¢ 2 42 +e) 1+¢ phwilf e l+e

U(x,y,f) 1 1/ 3 AapPup(X,y) 2 2
o W) I+e 2V2+e phory Ve l+e
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where E[U?] is the ensemble mean of U? and Sy is the spectral density of the excitation. The optimum

tuning frequency ratio and damping ratio for H, optimization of the system can be derived based on the
fixed-points theory as [5]

T, = 142 (24a)

1 a4+ 3e)

If the forcing function w(¢) has power spectral density Sz(f), the spectral density of the vibration response of
the point (x, y) on the plate may be written as

and

2

Y2 D) ). ©3)

sux) = [

With the optimum frequency and damping ratios as expressed in Eqs. (24a) and (24b), the mean square

motion at point (x, y) can be derived as [5]
: a9\ [3e+4
. T o Poplts &
S df = —*X . 26
) df 2 ( phwip ) e+ 1) (26)

2.2. Optimization for minimizing the root mean square motion over the whole domain of the plate

oi(x,y) =

wu/f/oo U(xayaf)
2n J_ W)

o0

Using Eq. (17) and integrating the square of amplitude response over the whole domain of the plate, we may
write

)

ApgPpg(X0s V)
P4 pq o0
bpanLsLyy " e

©py(x,3) | dydx.

B V=
M T - T o DpgPpy(X0,7,)
. ey L) D e e
5 fPOITf + T7) Tpg =
=1,g=1

a . Ly 2
[ oo [ ()

2 £2
P Vg S

27)

Considering the orthogonality relations of the eigenfunctions, we may write

Lo L
/0 /0 000 dydx =0 if pEo or q#f

and

Le (L
/0 /0 e Pyx ) dydy = LL, ifp=o and q=§. (28)
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Eq. (27) can be simplified with the above orthogonality relations of the eigenfunctions as

o g ®p (X0, )
Bt LY pq 2pq_ 02
Upg — =t
wm LY bpg®pg(X05 ¥,)
/Lx /Ly (U_(x,)/,f)-)z dydx = zoo: L.L, SROLTS + T T -/
0 0 W) p=lg=1 phwiﬁ yﬁ‘l _f2

(29)

For a structure with well-separated natural frequencies, the mean square modal displacement response in
the vicinity of the afith natural frequency may be approximated by considering p = « and ¢ = f§ and ignoring

other modes. Eq. (29) may be written as

I .a%ﬁ(paﬂ(XO’ y())

Aop — ba/; - 1 _.fz
U =T b (o)
/ Lx / ’ (U(X’y’f)>2d dy = | Lol 20T +1) T 11
o Jo w(f) Y phal, -2

(30)

The root mean square amplitude response of the vibrating plate with an absorber may be written as

(pzxﬁ (x()p yo)
L'\L),72
1-f

1= by

1 -

AT — T

" +ulL
20T + T

y

b“ﬁ(pxﬁ(xﬂa yn))
-

Lo by U(x,y,f)>2 _ (ayL.L,
\//o /0 < W(f) drdv= Phwiﬁ

1—f?

T? — 2 425 Tf

_ a“ﬁLxLy [
phwiﬁ

(QICTS + T% — A1 — 1) — of*QiCTS + TZ)} - (

The magnitude of the root-mean-square amplitude response of the plate may be written as

bt U(x,y,f))z _
\//0 /0 < ) ) VYT

Ayp
pho? 5

1Z(F)I-

aaﬁLxLy
phwiﬁ ) 20
(31
(32)

The H,, optimizations for minimizing root mean square motion, velocity and acceleration responses of the

whole plate are written, respectively, as

sup

Hoo_plale_disp = inf
5 \eor

bt U(x,y,f))z
|\//0 | (W(f‘) x|

(33a)
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Bt (UG B (UGN
Heo e vt = inf | su / / <7) dydx| | | = inf | su / / (—) dydx
plate_vel = 11| SHP ¢0 0 w(f) 4 7\ E o Jo W) g

(33b)
and
_ Lo b (O _. L (=LU N
His. it e = if (i‘f%’( ¢ G dyd")) = (p< V Ll g ?) oe))
(33¢)

The optimum tuning frequency and damping ratios and the height of the fixed points in the
frequency spectrum of the primary system in Eqgs. (33a)-(33c) for H,, optimization can be derived
based on the fixed-points theory as in the case of the sdof system [5,6] and the results are listed in
Table 2.

The objective of H, optimization in this case is to minimize the vibration energy of the whole plate of all
frequencies of the system. The performance index in this case may be defined as

2
B[ 4 (430) avan]

34
27Twaaﬁ/D2 ( )

Hy pae = lpf
Lr

The frequency and damping ratios for H, optimization of the system can be derived based on the fixed-

points theory as [5]
| e+2 )
Ty, = m (35a)
1 &(4 + 3e)
S =3 20+ o2 +e (35b)

The H, optimization is the minimization of the root mean square motion response over the whole
domain of the plate under wide-band random excitation. With optimum frequency and damping ratios as

and

Table 2
The approximated H ., tuning of the plate for control of vibration of the whole plate and the height of the fixed points in the response
spectrum

Transfer function Tuning ratio Damping ratio Height of the fixed points in the response spectrum
a b f) 2 1 3 : 2
" Ux,y, & up ( )
- dy da 1+¢ 41
\//0 / ( W) ) v o 8(1+2) <Phw§/; ‘
a b . 2 1 2+¢ 2 2
/ / U(x,y,f) dvdx ) 1 &(24 + 246 + 5¢2) Ayp (%7 1 )
o Jo \wupW(f) > I+eV 2 42 +¢) l+e phol | \e l+e

N =
[\
+
™

3 2 3¢ 2
a0 L {(x, y,f) ayp <g 2 )
\j /0 /0 ((/)ilJ W(f) dydx Ite g ph(ug/} e l+e¢
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expressed in Egs. (35a) and (35b), the total mean square motion of the whole plate can be derived as [5]

2 2
o [ | [P (UGN Cayg (agpliL)\ [3e+4
2] \//o [ (55" e s = (phw@) Vete+ 1y (6

3. Simulation results and discussion
3.1. Case 1: Minimization of the mean square vibration at one point of a plate (H, optimization)

To test the usefulness of the derived H, optimization solution for suppressing vibrations in plates, the
numerical case studied by Jacquot [9] was analyzed with the optimum tuning derived in the previous section
and the results were compared to those obtained by Jacquot. The vibration of a square plate with four sides
simply supported was considered. The eigenfunctions may be written as

¢y, = 2 sin(prx) sin(gmy). (37

The excitation was stationary and random in time, i.e. g(x, y) = 1, and it was uniformly applied on the plate.
In this case,

8
=, y :2 —1, EN
apq pqﬂjz p-q n n

else ap, =0, (3%)

bpg = @py(X0,¥,) = 28in pnx, sin qny,, p,q € N. (39)

The dimensions of the plate were a = 1m, » = 1 m and 4 = 0.01 m. The material of the plate was aluminum
of p=2.71x10kgm ™, E = 6.9 x 10°Pa and v = 0.33. In the analysis made by Jacquot [9], the frequency
ratio was chosen as 1. The vibration mode required to be suppressed was o = f = 1. The attachment position
of the absorber on the plate was x, = y, = 0.5. The mass ratio and damping ratio for minimum mean square
motion at the attachment point were found to be 0.275 and 0.45, respectively, by Jacquot. In the current
analysis, the same mass ratio was used so that the result of vibration suppression could be compared to
that of Jacquot. The modal response amplitude at the point of attachment ¢;(x,, y,) was 2 and therefore ¢
was 1.1 according to Eq. (21b). The optimum frequency and damping ratios in this case were calculated to be
0.5929 and 0.3927, respectively, in applying Egs. (24a) and (24b). The vibration amplitude response at point
(x,,y,) of the plate was calculated according to Eq. (17). The spectral density of the vibration amplitude
response at point (x,, y,) was calculated according to Eq. (25) and it was plotted in Fig. 2 and compared with
the corresponding curve by Jacquot (Egs. (25) and (28) of Ref. [9]). The spectral density of the vibration
amplitude response at point (x,,y,) for the case of no absorber added was also plotted for comparison. It
could be observed in Fig. 2 that both Jacquot’s result and the present result provided vibration control at
point (x,, y,) of the plate. However, the mean square motion at point (x,, y,) of the plate with the proposed
frequency and damping ratios was found to be 55.8% smaller than that obtained by Jacquot. Jacquot also
reported that there was an optimum mass ratio leading to minimum mean square motion of the plate but no
particular optimum mass ratio could be found in applying the present theory. Based on Egs. (21b) and (26), it
was observed that the mass ratio should be as high as possible in order to reduce the mean square motion of
the plate.

The exact values of tuning frequency and damping ratios for minimum mean square motion at the
attachment point of the plate were determined numerically with Eq. (17) as 7= 0.5854 and { = 0.4162. The
difference of mean square motion of the plate at point (x,, y,) using the proposed and the exact set of 7" and {
was found to be 0.14%. This shows that the proposed optimum tuning frequency and damping ratios are quite
accurate even though they are determined based on the vibration response of only one mode of the plate.
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T
1

—
C'_‘
T

Dimensionless power spectral density
=
o

107 L
100
Dimensionless frequency, /= w/w;,
Fig. 2. Dimensionless motion power spectral density of a square plate with g(x,y) =1, u = 0.275, x, =y, = a/2. ------- , Jacquot’s result
[9]; ——, present theory (Eq. (25)); —-—-, no absorber added.

3.2. Case 2: Minimization of the kinetic energy of a vibrating beam (H ., optimization)

To test the usefulness of the derived H,, optimization solution for suppressing vibrations, a continuous
vibrating system, the numerical testing case for the minimization of the maximum Kinetic energy of a vibrating
beam reported by Dayou [10], was studied by applying the present theory and the result was compared with
those obtained by Dayou. The vibrating beam considered by Dayou was a simply supported aluminum beam
excited by a point force of unit amplitude at 0.1L as shown in Fig. 3. The eigenfunctions and eigenvalues of the
beam could be written, respectively, as [13]

. X
gop(x):sln(pT), P=1,23,... (40)
and
2 (P (EL _
wp_(L) (pA . p=1,23... 1)

where L = 1m, E =207GPa, I =8.1295x 107'°m*, p = 7870 kg/m® and 4 = 2.42 x 10~*m? A DVA was
attached at x, = 0.5L and mass ratio, u, was 0.05.
From Egs. (7) and (8), we have

L .
3(x — ) g
4 =0 S le)sm(L) XZESiH(P”_xl) (42a)
Jo sin? (B7) dx L L
and
sin (Z52) 2 . /pmx,
by=— L7 _ Zgin , p=1,23,.... (42b)
e ()
The optimization problem could be expressed as
LU LEIN,
H o peam vel = Inf | su / ( ’ > dx = inf( su / (7’) dx| | |, 43
el = 19 (&’( o \om) PSP o )
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Random
Excitation
I
) ﬁ Dynamic vibration o
0.1L @ absorber
<>
P 0.5L )
‘
L
-

Fig. 3. Schematics of a simply supported beam with a vibration absorber excited by a random force at x = 0.1L.
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Fig. 4. Kinetic energy (in J/N?) of a simply supported beam with optimum vibration absorber fitted at x, = 0.5L with the first natural
frequency as the control target: (a) figure showing all three modes; (b) in the vicinity of the first mode. ------ , T=0.8333; { =0.25[10];

—, T'=0.8775, { = 0.2556 (present theory).
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where

U@ﬂ_(mL>{ T2 —f 420071 (44)
W@ \phot) LQLTS + T2 = )1 = /%) = of *QLTf + T7)
and & = u@i(x,), which was the one-dimensional version of the ¢ used in the theory section.

According to Dayou [10], the optimum frequency and damping ratios were 1/1+¢=0.8333 and
v/3¢/8(1 + &) = 0.25, respectively. Based on the present theory and the derived expressions of the optimum
frequency and damping ratios for H, optimization with different types of transfer functions as shown in
Table 1, the frequency and damping ratios for minimum kinetic energy amplitude of the plate were

1 2+¢ 1 e(24 + 24¢ + 5¢2) .
= = 0.8740 d (= = 0.2498 tively.
s > and ( 4(2+s)\/ T+ , respectively
Kinetic energy amplitudes of the whole beam at steady state were calculated at different excitation frequencies

according to the following equation:

ap(pp(xo)
bpﬂsz‘:ux 5
s

a, <f2 TS — TWLmexbp(pp(xg, y0)>
phoi / - [fU(x,f )r e Phot e < Lf )2 LT+ 17 T 2 7
2 Jo L W 2 phor 02— 17

A Matlab program was written to calculate these kinetic energy amplitudes and the results are plotted in
Fig. 4a. Ten vibration modes (pmax = 10) of the beam were used in the calculation. Both the kinetic energy of
the beam calculated based on the present theory and that by Dayou are plotted in Fig. 4a for comparison. The
amplitude of the kinetic energy at the first resonance of the beam was suppressed after adding the vibration
absorber. However, Fig. 4b shows a close-up of the spectrum around the first natural frequency of the beam,
and the heights of the two peaks of the curve of Dayou had a big difference, indicating that the damping and
frequency ratios of the absorber were not optimal based on the fixed-points theory [3]. The maximum
amplitude of the kinetic energy of the whole beam around the first natural frequency of the beam calculated
with the proposed frequency and damping ratios was found to be about 32% smaller than that of the beam
with the frequency ratio (7= 0.8333) and damping ratio ({ = 0.25) used by Dayou [10].

The exact values of tuning frequency and damping ratios to minimize the maximum amplitude of the kinetic
energy of the whole beam around the first natural frequency of the beam were determined numerically with
Eq. (45) as T = 0.8775 and { = 0.2556. The difference of this maximum amplitude of kinetic energy in using
the proposed and the exact sets of 7 and { was found to be about 3%.

(45)
p=1

4. Conclusion

In this article, we have derived analytical solutions to the H,, and H, optimization problems of DVA
attached to a vibrating plate under random excitation. Expressions of the optimum tuning frequency and
damping ratios are derived for the absorber assuming single-mode vibration of the plate.

The optimum tuning frequency and damping ratios of the absorber derived in the present theory for solving
the H,_, and H, optimization problems applied to vibrating plate structures have similar forms to those of the
sdof system. However, the tuning equations are based on the equivalent mass ratio ¢, which is a function of
both the mass ratio and the position of the absorber on the plate structure. Moreover, it is derived that both
the optimum tuning frequency and the damping ratios for minimum vibration at a certain point are the same
as those in the case of the minimum mean square motion for the whole plate. That means the mean square
motion would be minimum when the vibration at a single point of the surface is minimum.

Secondly, the vibration response in H,, optimization and the mean square motion in H, optimization
would be reduced when the equivalent mass ratio ¢ is increased under the optimum tuning condition.
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That means a higher mass ratio and an attachment point of the absorber having higher modal response should
be chosen for the suppression of vibration for the whole plate or at one point of the plate. This finding is
different from that of Jacquot [10] who showed that there would be an optimum mass ratio for minimum
mean square motion of a vibrating plate under random excitation.

Thirdly, based on the expressions as shown in Tables 1 and 2 for the heights of the fixed points in the
response spectrum for H_, optimization, it is found that the heights of the fixed points in the (dimensionless)
displacement response spectrum are higher than those of the (dimensionless) velocity response spectrum and in
turn higher than those of the (dimensionless) acceleration response spectrum.
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