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Abstract

A generalised mathematical model and analysis for integrated multi-channel vibration control-structure interaction
systems are developed. The governing equations describing the interactions between a generalised elastic structure and a
multi-channel electromagnetic excitation and control system are derived. Based on these equations, the stability and
dynamic response of the system are analysed. The introduction of an additional dynamic impedance matrix between
structure and control system allows vibration structure—control interaction mechanisms to be investigated. The generalised
theory provides a basis to measure exactly the dynamic parameters of the structure negating any influence of the excitation
and control system. It also allows the design of a more effective control system taking into account the interactions of the
control system with structural motions and vice versa. To illustrate the general formulations developed and their
applications, simple one- and two-channel systems are investigated using non-dimensional parameters.
© 2008 Elsevier Ltd. All rights reserved.

1. Introduction

The control of structural vibrations produced by earthquake, wind, engine, waves or other excitation source
can be achieved, for example, by modifying rigidities, masses or damping of the structural system under
excitation as well as by producing passive or active counter forces through suitable isolators or actuators [1].
Methods to control structural vibrations have been developed and used successfully. For example, approaches
are discussed by Housner et al. [1], which provide a detailed review of such developments, whereas Fuller et al.
[2] and Elliott [3] describe more fundamental theories and methods for active control.

The mechanism underlying active vibration control is to use the vibration signal measured from a controlled
structure as a feedback signal which is then amplified by a suitably chosen amplifier to drive various actuators
to produce counter forces to suppress the vibration level of the structure. A control system is, therefore, a
physical system consisting of several units involving, for example, various mechanical, electrical, magnetic or
hydraulic physical processes, connected to a structure such that the motion and characteristics of the structure
are controlled by the control system and vice versa. The control efficiency is affected by the dynamic motion of
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the structure. This phenomenon is referred to as a control-structure interaction (CSI). To design an effective
control system or to obtain more accurate structural characteristics unaffected by the measurement and
control system, an integrated interdisciplinary knowledge base is required relating to various control systems,
flexible structures and their physical coupling mechanisms.

CSI developments mainly focus on problems arising in aerospace engineering and the development of
protective systems. These include space station solar tracking controls [4—7], flexible space station freedom
attitude or orbit control coupling with attached flexible bodies [8—11] as well as a general study of the
dynamics and control of an arbitrary spacecraft with interconnected flexible bodies [12]. Practices in aerospace
engineering and protective systems demonstrate benefits occur when well-designed control systems are applied
to practical cases. For example, Dyke et al. [13] present studies demonstrating significant improvements in the
performance and robustness of a protective system when CSI effects are taken into account. Mohl and Davis
[14] discuss a CSI experiment in which the integration of active feedback control in a radar’s system-level
design is used to reduce mechanical constraints introduced in the original antenna design.

In the vibration control field, it has been widely accepted by theoretical analysis, experimental investigations
and practical applications that active feedback controls using displacement, velocity and acceleration
parameters can modify the effective mass, damping and stiffness of a mechanical system. The fundamental
principle involved in these mechanisms is described by Fuller et al. [2]. Electrical stiffness or damping
techniques based on displacement or velocity feedback approaches were adopted in aircraft vibration tests to
measure and to adjust the distribution of structural parameters [15] whereas, detailed investigations are
presented on active damping [16], adaptive structures [17] and active isolation units [18-21] for different
vibration isolation requirements.

Alkhatib and Golnaraghi [22] present a comprehensive critical review of active vibration control techniques
with examples from mechanical and civil engineering applications. On the basis of 156 references, they address
important issues and provide a detailed guide to the problems arising in the design of an active control system.
For example, the authors define and describe ““a typical active vibration control system is an integration of
mechanical and electronic components in synergistic combination with computer/microprocessor control. The
major components of any active vibration control system are the mechanical structure influenced by
disturbance, sensors, controllers and actuators.” Therefore, to analyse such a system, it is essential to assemble
a set of coupled equations to describe the dynamics of the rigid or flexible structure, the dynamics of the
actuator and the behaviour of the control system. In general, to describe and understand the physical
interaction mechanisms of the integrated system, the developed mathematical model must correctly describe
the dynamics of each element and the resulting coupled equations cannot be solved separately but in unison.
However, as deduced from the details described in the review paper [22], this integrated coupling analysis has
not been fully addressed in structure—control interaction systems, because key effects are omitted in the
mathematical models. For example, (i) in Eq. (1) of the review paper, the measured output y depends only on
the displacement and velocity of the structure with omission of the effects of the structure’s acceleration and
actuator dynamics, (ii) in Eq. (23), the feedback control u = —Gy is used to investigate the stability of the
system to determine a feedback gain matrix G but the actuator dynamics and the equation describing
the behaviour of the control system are not involved, (iii) furthermore, in the Section 17 of the review paper,
the actuator—structure interaction is only analysed. Therefore there is no consideration of the equation
describing the electrical-magnetic control system, which causes the difference between the feedback force
applied to the structure and the force (applied to the coil) produced by an electric-magnetic effect.

Because of these gaps in the review paper [22], the objective of this study is to construct an integrated
mathematical model which incorporates mechanical and electrical interaction mechanisms to investigate
structure—control interaction systems. To do so, we address this general problem by theoretically investigating
a generalised multi-channel vibration CSI system. To replicate vibration tests [23,24], the control system and
actuator described in the model are of the electromagnetic type. The paper presents a derivation of the
linearised differential equations governing the dynamics of the structure and actuator, the behaviour and
characteristics of the electromagnetic control systems and their interactions allowing the formulation and
numerical analysis of a set of generalised coupled matrix equations from which the interaction dynamics of the
integrated system is derived. In the mathematical model, the variables adopted to describe the mechanical
vibrations are displacements, velocities and accelerations, whereas, for the dynamics of the control system and
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components (e.g., sensors, power amplifiers, etc.), they are the electric currents and voltages. The stability of
the overall system and excited mechanical and electrical responses by external disturbances are analysed. From
the developed general mathematical model, by introducing simplifications, selected systems are deduced. To
further illustrate applications of the proposed general theory, a single channel system with an electromagnetic
actuator or exciter system is chosen and a detailed analysis of its behaviour presented.

2. Governing equations of a multi-channel vibration structure—control interaction system

To examine the interactions between a flexible structure and a multi-channel electromagnetic excitation and
control system, Fig. 1 schematically illustrates a possible generalised n-channel control system. The flexible
structure represents, for example, an aircraft, ship, simple beam or a component of a large system which
experiences excitations. The aim is to control the excited response at various positions on the structure
through imposed mechanisms and to understand the effect of one part of the assembled system on another.
Fig. 2 shows a flexible structure—single channel control interaction system including details of a proposed
electromagnetic exciter. The exciter produces an excitation force applied in a small volume around point A on
the structure through a thin rigid rod attached to the moving coil of the exciter. In addition, the positions of
excitation and measurement may not necessarily be at the same point. However, in a practical one-channel
system, the positions of excitation and measurement are best situated at the point where there is a significant
dynamic response to produce accuracy of measurement. Each channel illustrated in Fig. 1 is similar to the one
shown in Fig. 2 but also includes inter-connection between channels.
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Fig. 1. A typical multi-channel active control-structure interaction system. Notation: subscript «, f( = 1,2, 3, ..., n) identify input and

measurement locations, SG a signal generator, SA, a summation amplifier, PA, a power amplifier, PR a pre-amplifier, FFCy a force feed-
forward control unit, FBCy a displacement, velocity and acceleration feedback control unit, F a force transducer, Sg a dynamic response
signal transducer, E, an electromagnetic exciter.
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Structure V-

Fig. 2. A single channel (o, f = 1) active control-structure interaction system in which details of the electromagnetic exciter are shown.
Notation: m, mass of moving part (force transducer F, moving coil and connection rod between structure and exciter) attached to point o
on the structure, stiffness coefficient k, and viscous damping coefficient ¢, of a coil supporting unit connected to the magnetic body of the
exciter, M, mass of the magnetic body of the exciter, stiffness coefficient K, and viscous damping coefficient C, of the suspension system
supporting the exciter.

2.1. Elastic structure

To develop a comprehensive mathematical model of the system shown in Fig. 1, let us assume that the elastic
structure occupies domain V" with fixed boundary S,, and traction-free boundary S7. The unit normal vector v;
(i=1,2,3) points outwards from the structure. To aid notation, subscripts or superscripts o, f (=1,2,3,...,n)
identify input and measurement locations, such that the coordinate xf on the structure experiences a measured
displacement uf excited by an input sinusoidal force f , = F,e1% of amplitude F, and frequency Q produced by the
electromagnetic exciter or actuator E, applied in a small volume AV,#0 around point x? of the structure. The
electromagnetic device E, can act as an exciter and/or actuator. For example, when acting as an exciter, signals
from the signal generator SG are its input and therefore it can be considered as a vibration source. As an actuator,
feedback signals are inputs, whereas as an exciter and an actuator, signals from both the generator and feedback
units are inputs. As normally adopted in mechanics, a positive force is defined as a pulling force applied to the
structure. The positive vector 7 defines the direction along the axis of the electromagnetic exciter and towards the
excitation point x7. The positive displacement U” of the magnetic body of the exciter E, is along the direction y7.
The adoption of traditional notation [25] allows terms such as stress tensor g, displacement vector ; and velocity
vector v; to retain their usual definitions as well as the complex elastic tensor E_;;,d = (1 +jOEju, where { denotes a
hysteretic damping factor describing the structure’s material characteristic, which is determined by experiments
[26]. In vibration analysis, a viscous damping is normally assumed. However, there are no viscous damping
coefficients readily available for structural materials. Therefore, it is usual to assume Rayleigh damping [22] or to
calculate an equivalent modal viscous damping coefficient using the hysteretic damping factor { and the
corresponding mode form of the structure, as described in Appendix A. This paper adopts the latter approach.

The governing equations describing the dynamics of the elastic structure shown in Fig. 1 are defined as follows [25].

Dynamic equation:

noL
Giiy = Pl + I _ [ XN, xe V. (1.1)
=1
Here, the function /', (x, x*) defines a force distribution function per unit volume around the excitation point

x* in the form

fa/AVOH XEAV&(’

7%, x%) = {0’ AT, (1.2)
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Since the volume AV,#0, as same as for practical cases, for a continuous and differentiable function defined
on the body, such as the mode function ¢?(x) used in this paper, the following volume integration can be
obtained by using the mean value theorem for integration as follows:

/ ol (X, X AV = /A QLAY AV = 0l = 610l 7V (13)

Here, ¢, = [0! (x*)y?]/[@] (x*)y*] and x* € AV,. It is known that the mode functions of a continuous elastic
structure are dependent of by its geometry, mass and stiffness distribution but independent of any external forces
applied to it. For the continuous elastic body studied in the paper, all mode functions of the body are well
continuous and differentiable with respect to the coordinates. Furthermore, as mentioned earlier, the volume
AV, is very small compared with the size of the total structure. Therefore, there should be no obvious difference
between the two values at any two points in this small volume AV, of the mode. This supports ¢, = 1 to be
chosen for engineering analysis that can reduce much cost without losing required accuracy. However, this
general parameter ¢, is still introduced in following generalised formulations of the mathematical model.

Constitutive equation:

o = Ej-}k,ak;, xeV, 2)
Geometric relation:
e = Sy +ur), XeV, 3)
Boundary conditions:

(4)

O','jVjZO, XEST,
u,-:O, x e S,.

It is useful to mention that the governing equation in the tensor form given above cover all types of
structures in engineering. Appendix B gives the detailed explanation on it.
2.2. Excitation/control system
2.2.1. Laplace electromagnetic theorem

Let us assume that each electromagnetic exciter E, obeys the Laplace theorem describing the
electromagnetic phenomena [27]. The dynamic current input i,(7) = I, & into the moving coil of the exciter

produces an electromagnetic force f,(¢) = F, e between the moving coil and the outside magnetic body of the
exciter as well as an induced voltage e, = E &% satisfying the relations
f, =iB,L, =i,B,, (5)
€y = Baiuﬁa = Eaﬁa- (6)

Here B, represents the intensity of the electromagnetic field in which the coil moves, L, denotes the effective
length of the conductor winding around the moving coil, B, = B,L, and 3, is the velocity of the moving coil
relative to the magnetic field. It is assumed that the thin rigid rod connects the moving coil to the position o on
the structure. Therefore, the absolute velocity of the moving coil equals the velocity v? at position o and its
absolute component along the direction y? is derived by the scalar product v¥y? of the two vectors v and y?
[25], from which it follows that

By = vy} = Vou =iy} — Us. ()

Here v? = u? represents the velocity at position « and V', = U, denotes the velocity in the direction y¥ at
position a of the magnetic body E,.

2.2.2. Dynamical and electrical equations of the exciter
By using Newton’s law [27], free body diagrams [28,29] and investigating the equilibrium of the latter with
inclusion of the effects of moving coil and magnetic body of the exciter [15] as well as using the same notations
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for o = 1 shown in Fig. 2, we derive the dynamic equations describing the motion of the moving coil with the
force transducer F shown in Fig. 2 and the magnetic body of the exciter, respectively, as

—f oy iyt 4 (19 — Uy) + ko9t — Uy) + f, = 0, (8)

Ma( Uoc + Coc Uoc - Coz(u,“y,“ - UO() + Koc Uoc - ka(”??? - Uoc) _foc =0. (9)

The electric circuit equation of the moving coil takes the form [26]
. . A 71 -
LO‘Q6<+R0‘Q5<+C95 Qa+e% = €y, (10)

where L,, R,, C,, 0. and é, represent the electric inductance, resistance, capacitance, charge and input voltage
of the moving coil, respectively, and the electric current i, = Q,. The moving coil acts as a conductor, its
capacitance is infinite and therefore Eq. (10) can be represented as

Lyi, + Ryiy + e, = &,. (11)

2.2.3. Control strategy
Two control strategies are investigated herein. That is, motion feedback and force feed-forward
controls [2].

2.2.3.1. Feedback control. In a motion feedback control branch [2], the motion, such as the velocity
o = vf yf = ulﬂ yf = 4P, at position f is measured by a signal transducer S which is transferred as an input
signal voltage €% to the summation amplifier SA,, through a pre-amplifier PR and the feedback control unit
FBC;. This feedback control unit performs an integration and difference operation and can be adjusted to
produce the input signal voltage e?, including displacement, velocity and acceleration feedback control, to the
summation amplifier SA,. An application of the method describing feedback control [2] provides an equation
representing this feedback process in the form:

& =3 (gl + gt + gl HY(Q), (12)

p=1

where ¢g*#, g*# and g? denote the feedback gains to channel o from the displacement, velocity and acceleration

measured at station f (= 1,2, 3, ..., n), respectively, and H' f(Q) describes the transfer function from the signal
transducer Sy to the input of the summation amplifier SA,.

2.2.3.2. Feed-forward control. In a force feed-forward control loop [2], the feed-forward force f s applied at
position f§ on the structure is measured by a force transducer F which is transferred as an input signal voltage
efto the summation amplifier SA, through a pre-amplifier PR and the force feedback control unit FFCg. The
equation describing this feed-forward control process [2] is obtained as

n
= g/'fHH(Q), (13)
f=1

where g}ﬂ represents the force feed-forward gain to channel o from the force measured at station f,

and H/[f(Q) describes the transfer function from the force transducer Fj to the input of the summation
amplifier SA,.

It is assumed that the transfer function of the summation and power amplifiers is represented by H*(Q) and
the input voltage of the moving coil of the exciter [23,24] is derived as

&, = (€ + ¢ + EHX(Q), (14)

where &” represents a signal voltage input produced by the signal generator SG to the summation amplifier
SA.,.
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2.3. Combined equations

The substitution of Egs. (2) and (3) into Egs. (1) and (4) gives

noo.
E;;k/”k,lj = PUjs + Zfa(X, Xl)“/?: xeVl,

=1

E;;,duk,lvj =0, xeSr,
=0, xeSs, (15)
These represent the classical displacement equations describing the dynamics of elastic structures. In this

equation the force f , applied to the structure is also unknown as well as the unknown displacement u;. These
forces are affected by the characteristics of the control system. Similarly, from Egs. (5)—-(14) the combined
equations describing the control system can be rewritten as

miiia—i—cau“—caU1+kau“—kaU1—EmQ’“ —fa:O, (16)
M1 Ua + (COC + Coc)Uac - Cmu“ + (KOC + koc)Um - kaua + ElQa = O, (17)
n n - . N - .
S@Fil + P + HPP) + > HYf y — (Luty + Riy) — Byt + B,U, + H*& =0, (18)
f=1 =1

where
1 1 1 B
HY = H*g**HP,  H" = H*¢"PHP,
H = gl H, H = gl H].

Eqgs. (15)—(19) form a set of governing equations describing the dynamics of the structure—control
interaction system. In these coupled equations, the displacement field u; of the structure, the displacement U,

Uy = ui(X*)y;. (19)

of the magnetic body of the exciter, the resultant force f , applied to the structure and the electric current 7, in
the moving coil are to be determined.

3. Analysis of control-structure interactions
3.1. Mode transformation and matrix equations

Let us assume that the natural modes and the corresponding natural frequencies of the structure free of any
excitation and measurement systems are represented by ¢!(x) and o’ (I=12,3,...), respectively. These
natural modes and frequencies satisfy the orthogonal relationships [26,27]

- J
| olool av =suit’. 20)
V

-
/QOfJEi;kléoi,/dV: ok, (21)
|4

. . ~ ~J . .
where 0;;is the Kronecker delta function, M~ and K~ are the generalised mass and stiffness of the Jth mode of
the structure, respectively.

. o . . . . . =7 .
For convenience in this analysis, an equivalent viscous damping coefficient C° of mode J is introduced [30].

This equivalent viscous damping coefficient ¢’ can be determined by equalling the dissipative energy caused
by an equivalent viscous damping in a vibration period of the Jth mode to one dissipated by the material
damping in the same vibration period (see Appendix A).
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Using the mode superposition method [30], supported by Sturm—Liouville theorem [31], we represent the
displacement of the structure in the form

u=>old. (22)
I=1
or in a matrix expression
T
u; = D, <1>i=[<p} o7 wﬂ, q={q1 ¢ qN] : (23)

where the first N modes are admitted in the analysis and ¢’ denotes a time-dependent generalised coordinate
requiring determination. The application of the mode transformation described in Eq. (23) in association with
the orthogonality relationships defined in Egs. (20) and (21) as well as the introduction of a viscous damping
to replace the original material damping transform the dynamic Egs. (15)—(19) into the following matrix form:

Mi+Cq+rRqt0d F=0, (24)
mdji+cdi+kdgq—cU—-kU-BI-f=0, (25)
—cDq-kDq+MU+(C+c)U+(K+KkU+BI=0, (26)
H,®4+ H, -B)®q+H,dq+BU— (LI+RI)+Hf=-He, (27)

where
M = diag(#”), C = diag(¢”), K = diag(K’), (28)
m = diag(m,), ¢ = diag(c,), k = diag(k,), (29)
M = diag(M,), C =diag(C,), K = diag(K,), (30)
L =diag(L,), R =diag(R,), 3D
H = diag(H*), B =diag(B,), 0= diag(¢,,). (32)

é:[él &’ én]T, i'={f1 froo fn}Ta

U=[U Uy ... U] 1=[0 i ... i) (33)
(/711 (/)12 . (pln
21 22 2n
< T
=0 & oW =| . .| e =eleew, (34)
(le (pN2 (pNn
H[171 H[172 . H[l)n
Hil Hiz . H%}n
Hy,=| | . | b=avuf (35)
Hzl sz Hzn

Egs. (24)-(27) form a set of matrix coupled equations in which a total of N+3n variables are to be
determined. These are the generalised coordinate vector q (N variables) describing the structure’s motion and
the three vectors U, Q and f each of which is described by n variables defining the motion of the
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electromagnetic body, the electric current in the moving coil and the excitation force corresponding to one of
the n control channels.
Let us assume that the input signal voltages of all channels are sinusoidal expressed in the matrix form

¢ =k, (36)

where E represents a vector of the amplitudes of input voltages. Since the system is linear, all mechanical and
electrical dynamic responses are sinusoidal quantities with the same frequency. Therefore, these quantities can
be represented by

q=Qe¥, U=U 1=0¥ f=F¥, (37)
where the corresponding amplitude vector of each variable is assumed. Substituting Eqs. (36) and (37) into
Eqgs. (24)-(27), we obtain an integrated description of the interaction between a vibrating structure and a
multi-channel control system as expressed in the following matrix form:

z 0 0o 8d |rg 0
id —z -B —I i 0
_2d Z+z B 0 IIJ = 1o (38)
H'[QB-Z1® —joH'B H'Z —H'H,|LF E
Here I is a unit matrix of order n and
Z=K+jQC-M, Z=K+joC—-Q*M, Z=R+j0L,
i=z—Qm, Z =H,+j0H, — QH, z=k+]Qc, (39)

represent the dynamic modulus (or displacement impedance) matrices of the structure (see, for example, Ref.
[26]), the suspension systems of the exciters, the circuits of the moving coils, the moving coils with supporting
units, the motion feedback control system and the supporting units of the moving coils, respectively.

3.2. Stability of the coupled system

Eqgs. (24)—(27) are a set of linear ordinary differential equations. The stability of these equations is governed
by its characteristic equation which is deduced from the determinant of the coefficient matrix of Eq. (38)
replacing j©2 in Egs. (38) and (39) by an eigenvalue notation 4 [31] and it is expressed in the form

7 0 0 0d"
id -z -B —1
D= —z® Z+1z B 0 =0. (40)

H'UB-Z)d —/H'B H'Z —H'H,

Stability of the coupled system requires that all eigenvalues 4, denoting the solutions of Eq. (40), have
negative real parts. Constructing the Hurwitz determinants and requiring each to have a positive value [32], we
can determine the stability of the interacting system.

3.3. Dynamic response of the coupled system

Here the intention is to derive the dynamic response of a stable system subject to the excitation expressed by
Eq. (36), where Q is a real positive frequency as mentioned in Section 2.1. For this stable system, the
eigenvalues A must have negative real parts and therefore, the pure imaginary number j€2 is not a solution of
Eq. (40). This implies that, in Eq. (38), the coefficient determinant D=0 and it follows from Gram’s rule [31]
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that an unique solution vector is determined by
D
X; = 5’ (I=1,2,3,4), (41)

where X; (I = 1,2, 3, 4) represents the four vectors Q, U,Iand F, respectively, and D; denotes a determinant
with the Ith column of the determinant D replaced by the right-hand side vector of Eq. (38). This solution is
substituted into Eq. (26) to obtain the dynamic response of the interactive system.

3.4. Mechanical-electrical—- control interactions

To highlight interactions between the mechanical system and the electrical or control system, the
elimination of the internal force vector F applied to the structure by the exciters allows rewriting of Eq. (38) in
the form

Z+00 zd —0d' 2 —0d'B
—z® Z+1z B
H'[QB-H/(z—2)— Z]® -H'H,Z+joB) H'Z

(42)

— = O
I
;o o

From these equations, we deduce an equation describing the motion of the mechanical system influenced by
the electrical control units, namely,

Q 0d' . .
(Zym+Zup)| . | = _ |BZ'HE,
U i
7+00'id —0d'z
Zy = . _ ,
—z® Z+1z
00 BZ OB —H/(Z—2)— 21® —-0® BZ '(H,Z +j0B)
Zye = N N — N ) 5 (43)
~BZ7'[jOB - H/(Z —z) — Z |® BZ '(H,Z + jQB)

and another equation describing the electrical dynamic equilibrium of the electrical control system influenced
by mechanical motions of the structure given by

E=(Zg+ Zew)l,

Zr=H'Z,
~ ~ ~ ~ 71 ~ ~
T —~ . . 1|z+00"zd —0d'z| [ed'B
Zey =H'[(QB - H/z—2) - Z)® —(H,Z+j0B)| ) ) (44)
' ' —z® Z+1z —
Here, the inverse matrix can be obtained using the following formulation:
~ ~T_ o T 77!
7Z4+0D id —0d 2 G Gn
Y ) Z+z |Gy Gy
Gr=[Z+2—2®Z+00 7®)'00 2!, Gr=(Z+0d 7d) 002G,
Gy =Gpz®OZ + D' 700)"!, G =Z+0® i) +GzdZ+0d 7d)". (45)

In Eq. (43), Z,, represents the dynamic modulus of the mechanical system consisting of the structure and
the mechanical parts of the exciters and Z,,r denotes an additional dynamic modulus to the mechanical
system due to the electrical control effects in the integrated interaction system. Similarly, in Eq. (44), Zg
represents the electrical modulus of the excitation-control system consisting of the electrical equipment and
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active control units whereas Zg,, provides an additional modulus to the electrical control system arising from
the motions of the mechanical system.

The mathematical model and equations together with the solution procedure developed in this section
present a generalised theory to analyse a complex structure—control interaction system. The following
examples of a single channel system and a vibration test involving a more complex system illustrate aspects of
this generalised theory.

4. A single channel system

Fig. 2 represents a system of a single control and excitation channel in which the power amplifier and signal
measuring circuit have good direct current characteristics with transfer functions given by H'(Q) = 1,
Hi (Q=1and H }(Q) =1, as required by normal vibration test equipment [15]. To understand more clearly
the interaction mechanism, we assume that the structure is modelled by a one degree of freedom system of
natural frequency w, which equals the frequency of the first mode of the structure and the parameter ¢;; = 1
defined in Eq. (1.3). To simplify description, we neglect sub-, super- and index ““1”” of the variables used in Fig. 2
and in the equations presented in Section 3, so that the variables defined in Egs. (28)—(35) and (37) are
simplified to

y/

Z=R+jQC-@M, Z=Z=K+jeC-QM, Z=Z=R+]jQL,

Z':z':k+ch—Q2m, E=E=QM+ngU—ngu, z=z=k+]jQc, H=H =1,

HLl:Huzgus HU:HUngy Hqu[l:g07 Hf:Hfzgfa (I):] (46)
Egs. (38) and (42) now take the forms
z 0 0 1 u 0
z -z -B -1||U 0
—z Z+z B 0 - 01’ (47
iQB-Z —iQB Z g/ ||F E
and
Z + Z —z —B u 0
—Z Z_ +z E U = 0 . (48)
iQB+gZ-7Z —iQB Z i E
respectively.

For discussion purposes, it is convenient to express these equations in a non-dimensional form. To do so, we
define a standard displacement uy and electric current i, as

HOZMg/k, i()ZE/R, (49)
as well as introducing the following non-dimensional parameters
_ BE _Bio el = E’g _Bgcu;l
_RMg_Mg’ as_2wSEA'_ 2F

I C
’73=Q/(Us, Wy = K/M, CS:ZMCO 5
s

N . N Lo,
ke=k/K, e =c¢/C, p.=m/M, 3€CS=i

2R’
km=K/K, &,=C/C, w,=M/M,

Ky = Mgg,/(KE), &, =Mygg,/(CE), n,=g9,/E, f,=Mgy/E. (50)
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Physically, uy and i, represent the static displacement of the structure subject to its gravitational force Mg
and the static electric current of the coil conditional on a prescribed electric potential £. The non-dimensional
parameter i/ denotes the ratio of an electromagnetic force Bij to the gravitational force Mg and ¢, is the
ratio of the non-dimensional damping ng;l /(ZE) caused by the induced voltage of the exciter to the
structure’s damping {,. These two non-dimensional quantities {y and ¢, are the characteristic parameters
describing mechanical—electric interactions. The other non-dimensional parameters in Eq. (50) have their
usual meanings [29].

Pre-multiplying both sides of the resultant non-dimensional Eq. (48) by a diagonal matrix diag[(M g)_l,

(M g)_l,E}, we transform Eq. (48) into the non-dimensional matrix equation

Ay A A [a 0
Ay Ap An||U| = 0], (51)
Ay An A3 i 1
where

it = u/uy, U= U /uy, i= i/io,

A= (1+ K0 + 251 + ), — (1 + s,

A = Ay = —(xcc + 2jeclny),

Az =—An=—Y,

Azy = (K + Ke) + 2i(Em + e)sy — s

Az = (fg — Kg) + 2j(fg + ¢a — &)l — (.fg - Hg)ﬂﬁ,

Az = —2jeqlin;,

Az =1+ 2je.{n,. (52)

4.1. Stability

The characteristic equation of this example is derived from Eq. (38) or by equalling to zero the determinant
of the coefficient matrix of Eq. (47) or (48) as given by

Ay A A .
D=4y An Axn|= ge[,kelmnA[;Aijk,, =0, (53)
Az Az Az '

where ¢, denotes the permutation symbol [25]. By algebraic manipulation it is shown that the characteristic
equation of the system is given by

D(2) = asA® + as* + azi’ + a:)* + a4 + ay, (54)
where
. 1 d"'D
A=]n, an:n_!w;;o’ n=0,1,...,5. (55)

Using the Hurwitz criteria [32], we obtain the necessary and sufficient conditions for stability as
expressed by

dsg ds
as>0, as>0, >0, ay>0,

az as




596 J.T. Xing et al. | Journal of Sound and Vibration 320 (2009) 584-616

ag as 0 0
a; as 0O
ay a3 di 0
a az as|>0, >0. (56)
ap ay day as
ap ar a
0 0 a a

Eq. (53) is an algebraic equation of eigenvalue 4 and all coefficients are real. Therefore, the complex
solutions of this equation are conjugate. The necessary and sufficient conditions for stability require all
eigenvalues to have negative real parts. To solve Eq. (53) or to determine the values of the Hurwitz’s
determinants in Eq. (56) requires a numerical method. For a large system, the numerical process is as follows:

(1) Determine all elements 4;; defined in Eq. (52) according to the chosen physical parameters as well as the
value of /.

(2) Calculate the constants «; using Eqs. (54) and (55) through a loop summation process.

(3) Determine the stability of the system using Eq. (56).

4.2. Dynamic response and interactions

From Eq. (51), two equations similar to Eqgs. (43) and (44) are derived in the form

il i A
Zup ol = (Zy + Zug) U] = —A3; 4|
Zy = An Az , ZMEZ—[A13 A7 (A Ax] (57)
Ay Axn A | -
and
Zepi=(Zp+Zpn)i=1, Zg= Az,
1
ZEm = — [A31 A32] j: jz j: = - A31(i1111:23i12?;j;f)A13. (58)
Eq. (57) can be further written as
Zspii = Fs,
Zsp = (A1) — A3 A3 A31) — (A1a — A3 A3y A3n) (A — A A3, An) ™ (Aay — Ax3A33 A3)),
Fs=—ApAsy) + (A1 — A13A433 A3) (A — A3 A3 Azy) ™' A5 Ao, (59)

allowing investigation of the impact of the excitation system on the characteristics of the structure.

Through these last three equations, the compatibility of the system and the interactions between the
structure, exciter unit and the control systems are demonstrated. Here, Z,,p denotes the impedance of the
mechanical system, including the structure and the mechanical parts of the exciter, influenced by the electrical
and control system which adds an additional term Z,,z to the impedance Z,, of the pure mechanical system.
Similarly, Zgp denotes the impedance of the electrical and control system arising from the mechanical
system which adds an additional term Zz,, to the dynamic impedance Z of the pure electrical and control
system. Zgp represents the impedance of the pure structure caused by the excitation system including the
mechanical and electrical systems of the excitation system as well as the control system.

The non-dimensional responses (i.e. the displacement vector of the mechanical structure and the electric
current of the electrical control unit) of the system subject to a unit input voltage can be solved from Egs. (57)
and (58). Here, we analyse the following special cases.
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4.2.1. y =0=BE/RMy

In this case, we have A3 = 4,3 = 0. Therefore, as indicated by Eqs. (57) and (58), the motions of both
structure and magnetic body and the additional impedances Z,,r and Zg,, are all zero indicating no
interaction between mechanical and electrical systems. Physically, iy = 0 implies that there is no excitation
force produced by the electric exciter to the structure.

422 6,=0=Bg/20,E

As shown in Eq. (50), the non-dimensional parameter ¢, involves the induced voltage of the exciter caused
by the motion of its coil. Therefore, this case represents no induced voltage produced by the motion of the
structure and the impedance of the electric system is not influenced by the structure’s motion. If no active
control is considered A43; = 0 then the additional impedance Zr,, is of zero value.

To demonstrate these cases, we choose the parameter values

Structure: M =1, K=1, {(, =0.0l.
Coil unit : p, =0.05, k. =0.25 e =2, ¢ =00l
Magnetic body unit : y,, =04, «, =0.1, ¢g,=2. (60)

These values give the frequency of the structure w; = 1, the supporting frequency of the coil unit w. = 2.236
and the suspension frequency of the magnetic body of the exciter w,, = 0.5. These values mirror a practical
aircraft vibration test [15] where the first natural frequency of the aircraft is lower than the frequency of the
coil support unit and the suspension frequency of the magnetic body is required to be lower than the first
natural frequency of the aircraft.

Fig. 3 shows the dynamic responses of the interaction system subject to a unit input voltage. For example, as
shown in Fig. 3(a) and (b), the motions of the structure and the exciter are zero when y = 0 and the electric
current in the coil of the exciter vanishes when y = 0 or ¢, = 0.

4.3. Mechanical-electrical interactions with no active control

Let us assume that there are no active controls in the system, i.e. the control gains g},' =0(=uv,a,lf),
and therefore the parameters k,, &, u, and f, in Eq. (54) are all zero. The system described by Eq. (51)
reduces to a mechanical structure—electromagnetic excitation interaction system in which A3 = —A43;, in
Eqgs. (57)—(59).

4.3.1. Mechanical impedance of the structure interacting with the excitation system
To investigate the impact of the excitation system on the natural characteristics of the structure, we use
Eq. (52), to express Eq. (59) in the form

Z‘D =Zi+ i+ Zo+ Zgn, (61)
where superscript n of Z%;, denotes the case with no active control and
. . Ze + Zo)
Zy=1+ 2](57]5 - 7]?: Zy =Ky ~+ ZJSmCsns - :umn?a Zgn = _ﬁ,
2jeath{sn,

Z, = K¢+ zjgc’Csns - ,Ucl’]?, Ze = K¢ + 2j8césns, Zse = (62)

1+ 2je.ln,

Here, Z, represents the impedance of the structure with no interactions, Z, denotes the added impedance due
to the pure mechanical impedance of the moving coil unit of the exciter but no electromagnetic interaction is
involved which adds an additional impedance represented by Z,,, and Z,,, is the additional impedance caused
by the motion of the magnetic body of the exciter. As shown in Eq. (62) for the impedance expressions, the real
component involves the stiffness and mass characteristic and the imaginary component reflects the damping
behaviour of the system.
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Fig. 3. Dynamic responses of the structure—electromagnetic excitation interaction system subject to a unit voltage: (a) non-dimensional

displacement @ of the structure, (b) non-dimensional displacement U of the exciter, and (c) non-dimensional current 7 in the coil of the
exciter.

The influence of the excitation system on the natural characteristics of the structure is summarised as
follows:

(1) Due to the interaction between the structure and the suspension system of the magnetic body, the
coupled system has two degrees of freedom as shown in Fig. 4. It is shown that only one peak exists in the
receptance curve y? = 1/|Z,| for the structure at its non-dimensional frequency n, = 1 whereas two peaks
occur in the receptance curve %, = 1/|Z%,| of the coupled system.

The effect of the magnetic body of the exciter on the structure is represented by the impedance Z,,,. If the
magnetic body is fixed to a rigid foundation, its suspension stiffness K = oo and therefore Z,,, = 0 and the
magnetic body does not influence the characteristic of the structure. As shown in Fig. 4, for a non-dimensional
stiffness value k,,, = 10 of the suspension system of the magnetic body of the exciter one peak of the receptance
curve ysp =1 / |Z’§D| of the coupled system disappears. For vibration tests in a range of lower excitation
frequencies, to fix the magnetic body of the exciter on a solid foundation provides a good test design
arrangement. However, for a vibration test involving higher frequencies, an idealised rigid foundation in a
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Fig. 4. The receptances of the interactive structure—excitation system influenced by the non-dimensional stiffness ,, and compared to the
receptance of the structure.

laboratory may not be realised. To solve this practical difficulty, the magnetic body of the exciter is supported
by a very soft spring with a supporting frequency w,, = \/K/M at a value much lower than the first natural
frequency wy of the structure, which can significantly reduce the effect of the suspension system of the exciter
on the natural characteristics of the structure. As shown in Fig. 4, for a non-dimensional stiffness x,, = 0.01
the right peak of the receptance curve y¢, =1 / }Z’gDy of the coupled system is closer to the peak of the
receptance curve for «,, = 10. Therefore, the measured mechanical effect of the magnetic body of the exciter
on the structure is largely reduced.

(2) The mechanical parts of the moving coil unit of the exciter add additional mass, damping and stiffness to
the structure. Due to this effect, as shown in Fig. 4, there exist differences between the receptance curves of the
structure and the coupled system idealised by a large non-dimensional stiffness «,, = 10 of the suspension
system of the magnetic body. To reduce the influence of the moving coil system on the natural characteristics
of the structure, smaller values of mass m, stiffness k& and damping ¢ of the moving coil and its supporting
elements are necessary. Fig. 5 shows the curves of the receptance of the coupled system impacted by the non-
dimensional stiffness x,. and mass u. of the moving coil unit of the exciter. It is found that a reduction of
stiffness value x,. moves the curve to the left and a reduction of mass value p,. shifts the curve to the right. The
case of k. = 0 gives a peak at a non-dimensional frequency less that 1 due to the effect of the mass of the coil
system. Similarly, the case u. = 0 produces a peak at a frequency larger than 1 due to the effect of the stiffness
of the coil system. Naturally, as shown in Fig. 6, k. = 0 and p. = 0 produce a peak at frequency n, = 1 which
is the same value as the natural frequency of the structure but the height of the peak is lower due to the
damping of the coil system.

(3) As demonstrated in Eq. (62), the electromagnetic field interaction produces a complex impedance
involving frequency-related damping and stiffness influences to the structure as given by

Z‘ — zjgalpCSnx — 2.]811‘#4/\’7& + 48a£€‘//C§’7§
¥+ 2jeclsn 1+ 483(?11%

) (63)

in which the denominator is dependent on the non-dimensional excitation frequency #,. Here two non-
dimensional parameters i and ¢, are involved. To investigate the influence of the electromagnetic field on the
natural characteristics of the structure, Fig. 7 shows the receptance g, = 1 / |Z’§D| of the coupled system with
non-dimensional stiffness value «,, = 10 dependent on values of Y and ¢,. It is demonstrated that larger values
of i or ¢, cause an increase in the damping characteristics of the system, which suggests that the additional
impedance behaves mainly as a damping mechanism although its real part is non zero. Fig. 8 shows the case
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Fig. 5. The effect of the stiffness and mass of the moving coil system on the natural characteristics of the structure.

assuming «,, = 0.1 and the results show the occurrence of two peaks with one introduced at the lower
suspension frequency. It is also found that by increasing the value of y or ¢, increases the damping and
decreases the value of the right peak associated with the structure’s resonance. However, the value of the left
peak associated with the suspension system increases, implying a large magnetic body motion in the vibration
test which should be avoided. Therefore, for k,, = 0.1 case, a good designed high quality exciter should posses
a low value of y or ¢,.

4.3.2. Electrical impedance of the exciter influenced by mechanical motion

Eq. (58) provides description of the impedance Z7, of the electrical excitation system influenced by the
structure’s motions which adds an additional impedance Z%,, to the electrical system. Here, superscript “n”
represents the case of no active control in the system. A variation of frequency in the vibration test causes the
denominator of Eq. (58) to reach a small value and therefore a large change of value of the added impedance
Z%,s- For example, in the case of the magnetic body of the exciter fixed to a foundation, the stiffness of the
suspension spring is infinite (i.e. x,,, = o0) which reduces Eq. (58) to

2jeaplsng
T+ 0 + 230 + e, — (A + ) 9

n o _ n n o __
e =ZE+ Ly, Zpy =
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For an excitation force frequency tending to the natural frequency value 1, = /(1 + k.)/(1 + p.) of the
structure with the coil system, the added impedance

Zyy = (65)

can become a large value because of resonance.

Based on the assumed data given in Eq. (60), Fig. 9 illustrates the electrical receptance y = 1/|Zg| of the
electric circuit and its dynamic receptance %, = 1/|Z},| influenced by mechanical motions of the structure
and the excitation system. It is shown that the electrical current supplying the moving coil is influenced by
mechanical motions, especially in the range of frequency near to the vibration peaks. This is because the large
added impedance caused by the mechanical motions changes the dynamic impedance of the electrical system.
As a result, the large change of the output current i and therefore the force applied to the structure are
modified. In vibration tests it is therefore better to keep the amplitude of the excitation force unchanged with
frequency, and the power amplifier system designed with a sufficiently large negative current feedback to
suppress the current change caused by mechanical resonances.
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structure and the excitation system.

4.4. Control-structure interactions with active controls

We now discuss the CSIs arising in the coupled solution given by Egs. (57)—(59). To compare findings with
the no control case discussed in Section 4.3, the term 43 in Eq. (52) is rewritten as

Az = —Axn + A5,
Agl = (fg - K{/) + Zj(fg - Sg)é/srls - (fg - H’g)r]?’ (66)
where Af, represents the component associated with the control gain. The super- and subscript g denote

control gain terms.

4.4.1. Mechanical impedance of the structure influenced by the control gains
From Egs. (59) and (62), it follows that

Z%y = Zo+ 2. — A3 A33 Az — (A1a — A13A35 A3)(Azy — A2z A3 A3) " (An1 — A3 A A3)). (67)

As shown in Eq. (66), a force feed-forward control influences not only the force applied to the structure but
also the stiffness, damping and mass characteristics of the structure. A positive force-forward control gain
increases the parameters of stiffness, damping and mass of the structure. Acceleration, velocity and
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Fig. 10. The influence of active control on the receptance of the structure—control interaction system (i, = 10).
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displacement feedback controls influence mass, damping and stiffness parameters of the structure,
respectively. A positive motion (displacement, velocity or acceleration) feedback gain decreases the
corresponding parameter of the structure. This mechanism suggests that active control can be used to reduce
the influence of the mechanical components on the characteristics of the structure.

Fig. 10 shows the effect of active control on the receptance of the structure—control interaction system
(1<, = 10). It demonstrates that the force control parameter f, adjusts the stiffness, damping and mass of the
coupled system but does not shift the receptance curves along the frequency axis. Positive active stiffness (x,)
and mass (u,) parameters shift the receptance curves to the left and right, respectively. The active damping
parameter g, only changes the amplitude of the peaks of the receptance curves. By suitably choosing active
control parameters, e.g. f; =0, K, = K., iy = pi and ¢, = ¢, +¢&, we can reduce the added mass, stiffness
and damping influences of the moving coil of the exciter on the receptance of the system. As illustrated in
Fig. 10(e), by choosing suitable values of the active control parameters, the receptance of the coupled system
(k,, = 10) is exactly the same as the one for the structure.

4.4.2. Electrical impedance of the control system affected by mechanical motion
From Eq. (58), the dynamic impedance of the coupled system is rewritten as

As1(A11 + 2410 + An)Ais

Zhp = Zp+ Zhy Ly = —
ED 4 EM EM A1142 — A1pAn

(68)

As shown in Eq. (66), active control can cause negative or positive influences on the impedance. Therefore,
by suitably choosing the control gain value we may eliminate all effects of the motion on the electrical system.
For example, in the case of the magnetic body fixed to a rigid foundation, Eq. (68) reduces to

70 _ lﬂ[(fg - Kg) + Zj(fy + &, — gg)Cs’/Is - (fg - :ug)n?]
EM (I + K0+ 21+ e, — A+ 2

By adjusting control parameters identified by subscript g, we can cause Z%,, = 0. Fig. 11 shows the effects
of the control parameters on the dynamic electric receptance y%;, of the structure-control interaction system
adopting x,, = 10. In comparison with the electrical receptance yz of the electric circuit it is not influenced by
mechanical motions. In a similar manner as demonstrated in Fig. 10, the force control parameter f;, adjusts the
stiffness, damping and mass of the coupled system and positive active stiffness (i) and mass (u,) parameters
move the receptance curves to the left and right, respectively. The active damping parameter ¢, only changes
the amplitude of the peaks of the receptance curves. Also, by suitably choosing active control parameter values
Js=1x,=u, and ¢, =¢,+f, we can reduce the additional impedance Z%, caused by the interaction, as
demonstrated in Fig. 11(e). It is seen that by increasing the value of «,, from 10 to 100, the magnetic body
suspension spring tends to infinity and the effect of Z%,, on y%, gradually vanishes.

(69)

5. A vibration test

We now investigate the vibration test system shown in Fig. 12. The rigid bar of length L and mass density p
per unit length is supported by two springs of stiffness K and two dampers of damping coefficient C. The bar
is vibrated by two electromagnetic exciters and, for simplicity, the supporting magnetic bodies and electric
channels, etc., as shown in Figs. 1 and 2 for the complete generalised model, have been omitted. The aim of the
vibration test is to measure the two natural frequencies of the system. Due to the effect of the stiffness (k),
damping (c¢) and mass (m) of the coil system of each exciter, the measured frequencies are not the real
frequencies of the system investigated. Active feedback controls are introduced to eliminate the effects of the
excitation system in order to obtain the actual frequencies of the system.

The equations describing the natural vibration of this system are expressed in the matrix form
pL/3 pL/6| (i C ol [m K o|[w 0 0
pL/6 pL/3 ) iiy o eNw(F]o &|\w _{0}' (70)
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Fig. 11. The influence of the control parameters on the dynamic electric receptance %, of the structure—control interaction system with
K, = 10 compared to the electrical receptance yp of the electrical circuit not influenced by mechanical motions. In (c), the active control
parameters f, = k, = p, and &, = ¢, + f, are chosen to reduce the influence of the additional impedance Z%,, caused by the interaction.



J.T. Xing et al. | Journal of Sound and Vibration 320 (2009) 584-616 607

P P
4 & g &
u
u, I ,I 2 X
m m
k c k c

«<— L/2 —»«— LJ/2

u

Fig. 12. A rigid bar supported by two support units and excited by two electromagnetic exciters to measure the system’s natural
frequencies. The two electromagnetic exciters also play the role of two active control actuators for which the electric energy supply
channels are omitted.

The natural frequencies and mode shapes of the system are

2K [6K - L 11
W51 = p_L’ Wy = p_L’ D=[¢ (/’]—{1 1 (71)

Therefore, the matrices M, K, € in Eq. (39) now take the following forms:

M L1 PL/3 pL/6 T M M = pL : 72
N 1 17[K o[l 1 . .
K= o :Ksa .S‘:zla
[1 —1Ho KHl —1} Ko K (73)
~ 1 1 o 1 1 - ~
C= o =Cs, & =2L (74)
1 -1 0o C||I1l -1

We assume that the two exciters have the same mechanical characteristics and their power supply units have
the same perfect direct current characteristics. As a result of these assumptions we have

gyt g’ 1 . o
Hy=| 5 5 (b=a,v,uf), H={ ]=I, and B = BI,
95 9p 1

R=RI, L=LI, E=E[1 1.

(75)

To obtain non-dimensional equations, we use the standard displacement u, and electric current iy, as given
in Eq. (49), i.e. up = Mg/K, iy = E/R from which we introduce the following non-dimensional parameters,
vectors and matrices:

S C
n,=Q/ws, wy=1/K/M, CSZZM&)S’
BE . Biy. Bg . Bgw ', Lo, -
\I]:—~I= ~l0 I, (_gﬁa:—g,\lz gai? I, (_yge:iID
RMg Mg 20,E 2F 2R
k. =(k/KL, &= /Ol p, =(m/MI,

kn = (K/BL, &, =(C/OL p, =M/,

. N . 112
Mg [9 90 g9 9 g [9:' o9& Vg |9 9

Ky === &g === , R,== = —= )
RE|g o2 CE| g2 o2 1TE |2 g2 E g o7

Q=0Q/uy, U=U/uy, 1=1/i. (76)
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By applying these non-dimensional variables and matrices, we now transform Eq. (42) into the following
form:

Al A A [Q 0 0 {
Ay An An||U|=1|0], 0={0}, 1—{1}, (77)
Ayl Ayn An || I 1
where
. =T . -
A11 = (KS + 2_18365775 - Hsﬂ%) + (] (Kt‘ + 2J£CC.Y173 - l‘«c’l%)‘by
=T .
Ap = A; =-® (x.+ 2.]£C§S’7s)y
=T
Az =—-0 V,
Apn =V,
A22 = (Km + Kc) + 2j(£m + Sc)Cﬂ?S - um’/’?:
Az = [_Kg + 2j(eq — £g)Cs’7s + (fguc + Hg)ﬂf]d),
Az = _fg(Km + 2j8m§s’7s - llmnf - zjsags"/m
Ass =1+ 2jeln,. (78)
Eq. (43) and the corresponding displacement impedance matrices are given by
Q Ai|
Zy+Zyp)| . | =— 1,
U Ax
z Al Ap
M = 9
Ay Ay
~ABAF A —ApAG AL
Zye = (719)

—AnAL Ay —AnAL Ay

For numerical calculations, we assume that the magnetic bodies of the two exciters are fixed to a rigid
foundation and that their chosen parameter values are given by v =1 = g, and g, = 0. Here, g. = 0 implies
that the electrical induction of the moving coil is neglected. Fig. 13 shows the receptance curves of the system,

18
16 | 4 y

Q2s

Receptance of structure

1.8 2 22 24 26 28 3
Frequency ratio ng

Fig. 13. The impact of exciters (see Fig. 12) on the receptance of the structure (structure not influenced Qls and Q2s; influenced Qle
and Q2e).
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Fig. 14. The receptances of the structure influenced by (a) displacement, (b) velocity and (c) acceleration feedback controls (structure Qls
and Q2s; controlled Qlc and Q2c).

where Qls and Q2s represent the two peaks of the structure not influenced by the exciters and Qle and Q2e
denote the results caused by the two exciters. Due to the influence of the two exciters, the original peaks move
to the left, so that the measured natural frequencies of the structure influenced by the exciters are lower than



610 J.T. Xing et al. | Journal of Sound and Vibration 320 (2009) 584-616

18 T

Q1s d1c

14 |
12 |
10 |

Receptance of structure

o N M O
T

0.5 1 1.5 2 2.5 3
Frequency ratio ng

Fig. 15. An illustration of the total elimination of the influence of exciters by choosing suitable displacement, velocity and acceleration
feedback controls described by Eq. (50). Here, Q1s and Q2s denotes the receptance of the structure with no contribution from exciters, Qle
and Q2e denote influence of exciters, and Qlc and Q2c represent the results obtained using feedback control to eliminate the influence of
exciters.

the real ones. Fig. 14(a)—(c) provides predictions derived using an active feedback control with inputs of
displacement (x,), velocity (g,) and acceleration (p,), which adjust the stiffness, damping and inertial (mass)
parameters, respectively, as discussed in Section 4. Fig. 15 illustrates results for an active feedback control
satisfying

Ky =K, & =& + &g, By = K- (80)

It is seen that the influence of the exciters on the structure are totally eliminated and therefore the receptance
is exactly the same as the one for the original structure allowing the two natural frequencies of the system to be
determined accurately. It is noted that the full compensation condition given in Eq. (80) only involves the
parameters of the exciter which should be known for any well-designed exciter. Therefore, a full compensated
exciter can be designed using active control techniques. Some of these techniques, such as, an electrically
generated stiffness (displacement feedback) and damper (velocity feedback) have been successfully employed
in aircraft vibration tests [15].

6. Conclusions and discussions

A generalised mathematical model and corresponding analysis method for integrated multi-channel
vibration structure—control interaction systems are developed. The theory includes the following aspects:

(1) the governing equations describe a generalised interdisciplinary interaction system consisting of an elastic
structure, multi-channel electromagnetic excitation and control units;

(2) the generalised mathematical model presented allows analysis of the stability and mechanical and electrical
dynamic responses of the system;

(3) the influence of the electrical system or active control unit on the dynamic characteristics of the mechanical
system and vice versa can be analysed using the developed generalised mathematical model,

(4) the number of degrees of freedom admitted to describe the structure is arbitrary, which can be chosen
depending on the complexity of the problem under investigation;

(5) the theoretical number of possible control channels is arbitrary, with its value chosen depending on the
requirements of the problem;

(6) motion feedback control including displacements, velocities and accelerations at multi-points on the
structure and multi-force feed-forward control strategies are considered and their influences adjusted by
the four control gain parameters in the mathematical model;
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(7) mechanical—electrical interaction systems with no active control are special cases of the generalised system
in which all active control gains are set to zero.

The underlying mechanisms of mechanical system (including structure and exciter)—electrical control system
interactions are described and investigated by introducing an additional impedance matrix of the control
system to the mechanical system and vice versa. The generalised theory provides a basis to investigate the
following engineering problems: (1) to measure exactly the dynamic parameters of the structure using active
control to reduce the influences of mechanical parts and electrical factors of the exciter and control systems;
(2) to design a more effective and accurate control system to include the influences of mechanical motions;
(3) to design a high quality excitation system for use in vibration tests.

Based on the developed general formulations, a single one-channel system and a more complex system are
investigated using non-dimensional parameters to demonstrate the applicability of the general theory and
analysis methods.

For practical applications of the developed mathematical model and solution approaches, the following
points need consideration:

(1) The model is based on a linear approximation which assumes the structure, actuators and control units are
governed by linear equations and the control power may be infinite. In practice, a mechanical or electrical
system is nonlinear and the power is finite. For a system with very significant nonlinear elements, an
accurate nonlinear model is required. The limits of control power, geometrical space to fix related
equipment of the active control system, etc., require additional consideration.

(2) To design an effective vibration control system, many analytical, numerical and experimental tasks need
addressing. This study provides an integrated mathematical model as well as numerical approach to
consider all interaction mechanisms for structure—control interaction systems, which, in the design process,
can be adopted to determine the necessary parameters by numerical calculations. For a real design, due to
the approximations in the mathematical model, experimental information is necessary to check, to modify
and to improve the initial design. This investigation presents a fundamental basis on which to address
some gaps arising in the analysis of structure—control interactions. The mathematical model has partially
been confirmed successfully by practical experiments [15] and in combination with known issues involved
in designing suitable systems [22], practical problems may be better addressed.

(3) The developed mathematical model uses the orthogonal modes and frequencies of natural vibrations of the
involved structures. As used in aircraft designs and vibration analysis, these data on the natural vibrations
of structures are obtained using two approaches. In the design stage, when the aircraft has not been
produced, a full aircraft structural finite element analysis in association with computer-aided design has to
be carried out to obtain these data for other dynamic analysis, such as flutter analysis and control system
design. Naturally, these data in the design stage can be modified to satisfy various requirements. While the
first two prototypes of the designed airplane are produced, the first one with only structure elements is used
for its static breakdown test to confirm its designed strength and the second one with other equipments is
used for its ground vibration test and then flight test. In the ground vibration test of full scale aircraft [15],
the natural orthogonal modes and frequencies of the aircraft are measured. These measured data are used
for the further flutter analysis of aircraft, which is the most important task to confirm its dynamical safety
before a flight test. Due to this reason, the measured data are expected to be accurate with as less as
possible affects by the test equipments. Therefore, applications of feedback controls to eliminate vibrators
affects on aircraft test are required [15].

(4) The governing equations in time domain given in Section 2 of this paper are generalised ones which do not
require the transfer functions of control systems being constant, although it is normally designed having
very good constant frequency characteristics in lower frequency range for aircraft sinusoidal vibration test
system. However, if disturbance excitations are not in sinusoidal forms, the equations in frequency domain
based on a sinusoidal force, given in Section 3, can not be directly used. There are two following ways to
carry out the analysis for this case. The first one is to complete a frequency analysis to obtain all harmonic
components of the given disturbance and then the superposition principle is used through a summation of
the results of all harmonic excitation components to obtain the integrated result. The second one is a more
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generalised approach that requires a frequency transformation of the equations in Section 2 to obtain the
equations in frequency domain in which the frequency spectrum of arbitrary prescribed excitations, such
as a mechanical impulse, is involved. As suggested by referees, this is a further investigation regarding to
practical applications of the method to more complex practical cases.

Appendix A

On using the mode transformation in Eq. (23) in association with orthogonality relationships, i.e. Egs. (20)
and (21), we find that Eq. (15) describing the dynamics behaviour of the structure is transformed into

~ s ST~ -

MG+ (1+j0)Kq=—-® f=F, (A.1)

where F represents a generalised force vector in the mode coordinate system. The equation describing the
motion of the Jth mode is written as

M§ +(0+j0K ¢ = F. (A2)

Let us assume that the frequency of the excitation force equals the natural frequency @; of the Jth mode of

the structure, i.e.
Fl = Fe® &, = W . (A.3)

Since the system is linear, the dynamic response represented by the generalised coordinate ¢” takes the form
qJ — QJ ej&ut’ (A4)

which, when substituted into Eq. (A.2), gives that
—2 o + itk + K0 = F (A.5)

Eq. (A.5) describes the vibration of the structure, with a hysteretic damping represented by the complex
elastic tensor E;k, = (1 + jn)Ejju, in the Jth natural frequency and the corresponding mode.

In vibration analysis [26,28-30], a viscous damping model is often used. Information on the viscous
damping of the material of a structure is rarely, if ever known, and therefore, in an engineering analysis, an
equivalent viscous damping coefficient [26] can be obtained as follow~sj. Let the equivalent viscous damping
coefficient of the Jth natural mode of the structure be represented by C . The vibration of the structure (with
the equivalent viscous damping) in the Jth natural frequency and associated mode can be derived using a
similar approach to the one adopted to derive Eq. (A.1). Following such a procedure, we find that Eq. (A.5)
for the case incorporating the equivalent viscous damping coefficient ¢ is obtained as

—a2 o tio o+ R0 =F. (A.6)
A comparison of Egs. (A.5) and (A.6) gives the equivalent viscous damping coefficient ¢’ of the Jth natural
mode of the structure as

~J
o =k (A.7)
Oy

As often used m vibration analysis [26,28—-30], the normalised natural mode is chosen so that a unit
generalised mass M =1in Eq. (20) is obtained. From Egs. (A.3) and (A.7), it follows that

1< = a2, =ty (A.8)

Therefore, for a uniform isotropic material with a hysteretic damping factor {, the corresponding equivalent
viscous damping coefficient is proportional to the natural frequency &’.
Furthermore, to understand this equivalent viscous damping, we need to calculate the energy dissipated in a

vibration cycle by damping. The generalised coordinate in Eq. (A.4) is rewritten as

q =107, (A.9)



J.T. Xing et al. | Journal of Sound and Vibration 320 (2009) 584-616 613

where |Q/| and ¢ represent the real amplitude and real phase angle of the generalised coordinate ¢’. The
damping force associated with the hysteretic damping defined in Eq. (A.2) is given by

R 4 R i i(@yt—
F,=jlK ¢ =jtK’|1Q’|@"=). (A.10)

The energy dissipated in a vibration cycle by hysteretic damping is calculated as follows:
2n /iy ;
Wi= [ RelFid(Rel’)
0

2n/dy - -
- / Loy K107 Psin*(wyt — @) dt = (a1 072 (A.11)
0

Here, Re{x} denotes the real part of a complex variable x. In a similar approach using Eqgs. (A.6) and (A.9),
we obtain the equivalent viscous damping force and its dissipation of energy as given by

F, =i, C'1Q @i, (A.12)

21/
W, = / Re(F,} d(Re{¢’})
0

2n /oy . -
- / @2 C7 107 PsinX(wyt — @) dt = niv, O 1072 (A.13)
0

By equality of energy dissipated in a vibration cycle by hysteretic and equivalent viscous damping, 1e
W, = W,, we derive Eq. (A.7). Therefore, physically, the equivalent viscous damping coefficient ¢’
represented by Eq. (A.7) has a specific representation. That is, any non-viscous damping can be idealised
by an equivalent viscous damping which dissipates the same amount of energy per vibration cycle. The
introduction of an equivalent viscous damping allows use of the well-developed vibration analysis
theory [28,29], based on a viscous damping assumption, to study the vibration of a system with non-viscous
damping. This approach in association with vibration tests has often been used to model the damping
of a complex system. In vibration experiments [15], it was shown that measurements of the energy dissipated in
a vibration cycle of the system by damping allowed determination of its equivalent viscous damping
coefficient.

Appendix B

A practical engineering structure (such as an airplane, car, building or a 3-D dam, etc.), is a composite body
consisting of many types of structures. Egs. (1)—(4) cover the corresponding equations describing the dynamics
of each type of structure. To explain this, we represent the displacement, strain and stress of the structure in
the column vectors u, € and ¢ under a coordinate system o—xyz (x = x|, y = X,, z = x3), respectively. For
different types of structures used in engineering, these vectors are listed in Table B1. Based on these notations,

Table Bl

Corresponding kinematic and static variables in various problems

Problem Displacement vector u" Strain vector &' Stress vector ¢

Bar u Exx Ox

Beam w Kox M,

Plane stress u, v Exxs Epys Exy Orxs Ty Oy

Plane strain u, v Exxs Eyps Exy Oxxs Oyps Oxy
Axisymmetric u, v Exxs Eyps Exys oz Oxxs Opys Oxyy Ozz
Three-dimensional u, v, w Exxr Eyys Ezzy Exyn Epzy oy Oxxs Oyys Ozzy Oxys Oyzy Oy

Plate bending w Kyxs Kyys Ky M, M,,, M,,

Yy
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the governing Eqs. (1)—(4) are rewritten in an equivalent matrix form

D' = pu,, + Z/}“(X’ )Y, xeV, (B.1)

o=1
c=(1+j)Es, xeV, (B.2)
e=Du xeV, (B.3)

vie=0, xeSr,
(B.4)

dlu=0, xeS8S,

Here, E denotes an stress—strain matrix involving Young’s modulus £ and Poisson’s ratio u of the materials
of structures, D and d represent two differential operator matrices and w is another operator matrix relating to
a unit normal vector [v, v, v.]" on the force boundary of the body. These matrices corresponding to
different types of problems are given in Table B2 and B3. The set of equations defining the natural vibration
of the system (no damping and external forces) is obtained when the stress and strain are eliminated from
Eqgs. (B.1)—(B.4). That is

DTEDu = pu,, XeV,
vIEDu=0, xe€Sr,
d'u=0, xe8S,. (B.5)

The solutions of this set of equations define the natural frequencies and modes of the system. For complex
engineering structures consisting of many different types of structural members, there are no available
theoretical solutions of Eq. (B.5). A numerical approach has to be used to solve the problem. The powerful
finite element method and well-developed computer software may be the best choice to complete the
eigenvalue analysis defined by Eq. (B.5). Based on the obtained natural frequencies and modes, the developed

Table B2
Corresponding matrices D, v and d in various problems

Problem Matrix D Matrix v Matrix d
Bar [0/x] [ 1
Beam [0% /ax?] [1 9/0x] [1 9/0x)
Plane stress & strain ro/ox 0 7 fve 0 o
0 0/oy 0 v 10 1}
d/0y 0/ox vy vy
Axisymmetric [8/ox 0 ] :vx 0 07 r o
0 0/oy 0 v 0 L0 1}
0/0y 0/ox vy vy 0
I/x 0 L0 0 v |
Three-dimensional o/ox 0 0 fvi 0 0] 0 0
0 9y o0 0 v 010
0 0 0/0z 0 0 v 10 0 1
0/oy 9/ox 0 vy v 0
0 90/0z 0/dy 0 v. v
0/oz 0 9/ox v- 0 vy
Plate bending [ ot jox? o 0 8/dx [1 9/dx /3y
2 /)2 010 0
| 207 /oxdy [0 0 1 d/oy
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Table B3
Stress—strain matrices for isotropic materials and the problems in Table Bl

Problem Stress—strain matrix E
Bar E

Beam EI

Plane stress 1 u 0

E w1 0
- .2 1—
( #)0 0o LZH

2
Plane strain g o0
_Ed-pm i 0 0
A+wd=2m 15 i
Axisymmetric r 1 @ 0 @
EQl—pw |A£ 1 0 &
(I+wd=2w(0 0 & 0
i g 0 1
Three-dimensional i g g 0 0 0
gl @ 0 00
E(1 —p) g g1 0 00
A+wd—-=2w)[{0 0 0 o 0 0
00 00 o
00 0 0 0 4
Plate bending i L opu

A=p/(1 —p), p=0-2w/Q2(1 —p), h = thickness of plate, I = moment of inertia.

formulations in this paper can be used to investigate the structure—control interactions. In this paper, we aim
to provide the generalised theory and the related physical concepts on vibration structure—control interactions.
Therefore, the simple examples are used to explain the important concepts. The interested reader may follow
the formulations described in this paper to create a computer software for generalised vibration structure—
control analysis.
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